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Preface 

The purpose of this book is to provide a fairly broad treatment of the fluid mechanics 
of turbomachinery. Emphasis is placed on the more utilitarian equipment. such as 
compressors, blowers, fans, and pumps that will be encountered by most mechanical 
engineers as they pursue careers in industry. This emphasis is intended to allow the 
text to serve as a useful reference or review book for the practicing engineer. Both 
gas and hydraulic turbines are considered for completeness, and the text inevitably 
includes material from the large literature on gas turbine engines. These machines 
traditionally have been treated as aerospace equipment and are considered at length 
in the literature (Bathie. 1996; Lakshiminarayana, 1996; Mattingly, 1996: Oates, 
1985; Oates. 1984: and Wilson. 1984). Although recent developments in power 
generation for either load-peahng, distributed generation or process-cogeneration 
have significantly increased the chances that an engineering graduate will encounter 
gas turbine engines. this text will focus primarily on the more commonly encountered 
industrial equipment. 

The performance parameters of fluid machinery are carefully developed and 
illustrated through extensive examples. The relationship of the inherent performance 
of a machine. in terms of the flow rate, head change, and sound power or noise 
generation through the rotating impeller, is discussed and treated as i t  relates to the 
fluid system with which the machine interacts. The dependence of machine perfor- 
mance on the resistance characteristics of the fluid system is emphasized throughout 
by examining the machine and the system simultaneously through the text. The 
characteristic sound pressure and sound power levels associated with a fluid machine 
are treated in this text as a basic performance variable-along with flow and pressure 
change. 

The fundamental relationship between the shape and internal geometry of a 
turbomachine impeller and its inherent performance is treated from the beginning 
of the text. In the early chapters, the shape and size of a machine are related through 
the concepts of similarity parameters to show how head and flow combine with 
shape and size to yield unique relationships between the geometry and performance. 
The development of these "specific" speed, noise, and size relations are set out in 
an empirical. traditional manner as correlations of experimental data. The concepts 
are used to achieve a basic unification of the very broad range and variety of machine 
tlpes. shapes. and sizes encountered in engineering practice. 

In the later chapters, the theme of geometry and performance is continued 
through the approximate treatment of the flow patterns in the flow passages of the 
machine. The fundamental consideration of the equations for mass and angular 
momentum lead to the governing relations for turbomachinery flow and performance. 
Again, the process is related to the machine geometry, size, speed, and flow path 
shape. This higher level of detail is related as closely as possible to the overall 
considerations of size and speed developed earlier. 



Following extensive examples and design exercises for a broad range of equip- 
ment, application, and constraints, the later chapters begin tightening the rigor of 
the calculational process. The simplifying assumptions used to develop the earlier 
illustrations of fundamental performance concepts are replaced with more complex 
and more rigorous analysis of the flow fields. The more thorough treatment of the 
flow analyses provides a more realistic view of the complexity and difficulties 
inherent in understanding, analyzing and designing turbomachinery components. 

Following the development of greater rigor and greater calculational complexity, 
near the end of the text, some of the more vexing problems associated with turbo- 
machinery analysis and design are introduced as advanced design topics. The influ- 
ence of very low Reynolds numbers and high levels of turbulence intensity are 
considered as they influence the design and geometric requirements to generate 
specified levels of performance. Limitations on performance range and acceptable 
operation are introduced in these later chapters through consideration of compress- 
ibility, instability, and stalling phenomena and the inherent degradation of machine 
and system interaction. 

Some attention is given throughout the text to the need to apply ad\.anced 
analytical techniques to turbomachinery flowfields in a final design phase. Hon ever, 
the more approximate techniques are emphasized through most of the book. Here, 
the sense of a preliminary design approach is employed to promote a basic under- 
standing of the behavior of the machinery and the relation between performance 
and geometry. The final chapter provides an overview of the calculational techniques 
that are being used to provide rigorous, detailed analysis of turbomachinery dows. 
Beginning with a reasonable geometry, these techniques are used to examine the 
influence of detailed geometric refinements and allow the designer to achieve some- 
thing of an optimized layout and performance for a machine. The chapter is used 
to emphasize the importance of current and future computational capabilities and to 
point the reader toward more rigorous treatment of fluid mechanics in machine 
design. 

Throughout most of the text, the examples and problem exercises are either 
partially or totally concerned with the design or selection process. They deal with 
system performance requirements or specifications. along with size, speed. cost, 
noise. and efficiency constraints on the problem solution. The purpose of this prag- 
matic design approach to turbomachinery applications is to expose the reader-either 
student or practicing engineer-to the most realistic array of difficulties and con- 
flicting requirements possible within the confines of a textbook presentation. By 
using examples from a fairly large range of industrial applications, it is hoped that 
the reader will see the generality of the basic design approach and the common 
ground of the seemingly diverse areas of application. 
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1 Introduction 

1.1 PRELIMINARY REMARKS 

For convenience of review and quick reference, this introduction includes the basic 
fundamentals of thermodynamics and fluid mechanics needed to develop and manip- 
ulate the analytical and empirical relationships and concepts used with turbomachin- 
ery. The standard nomenclature for turbomachinery will be used where possible. 
and the equations of thermodynamics and fluid mechanics will be particularized to 
reflect practice in the industr?. 

1.2 THERMODYNAMICS AND FLUID MECHANICS 

The physics and properties ol' the common. simple fluids used in this application 
include those of many gases. such as air, combustion products. dry steam. and others. 
and liquids, such as water, oils, petroleum products. and other Newtonian fluids 
transported in manufacturing processes. These fluids and the rules governing their 
behavior are presented here in terse fashion for only the simple working fluids. as 
needed for examples and problem-solving in an introductory context. 

More complete coverage o f  complex fluids and special applications is readily 
available in textbooks on themlodynamics and fluid mechanics. as well as the more 
specialized engineering texts and journals. See, for example. \\:bite. 1993: Fox and 
McDonald, 1992: Black and Hartley, 1986; Van Wylen and Sonntag. 1986: Baurneis- 
ter, et al.. 1978; the journals of the American Society of Xlechanical Engineers and 
the American institute of Aeronautics and Astronautics. and the Harzdbook of Fluid 
Dyrlamics arld Tllr-l~or~zacl~ir~et~.. Shetz and Fuhs. 1996. Here. there will be no exten- 
sive treatment of multiphase flows. fows of mixtures such as liquid slunies or gas- 
entrained solids, fluids subdect to electromagnetic effects. or ionized or chemically 
reacting gases or liquids. 

1.3 UNITS AND NOMENCLATURE 

Units will generally be confined to the International System of units (SI) and British 
Gravitational system (BG) fundamental units as shown in Table 1.1. Unfortunately. 
turbomachinery performance variables are very frequently expressed in conven- 
tional, traditional units that will require conversion to the fundamental unit systems. 
Units for some of these performance parameters, based on pressure change. through- 
flow, and input or extracted power, are given in Table 1.2. 

As seen in the table, many forms exist where the units are based on instrument 
readings, such as manometer deflections, or electrical readings rather than the fun- 
damental parameter of interest. As an engineer, one must deal with the nomenclature 
common to the particular product or industry at least some of the time. Hence, this 
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TABLE 1.1 
Fundamental Units in SI and BG Systems 

Unit S I B G 

Length 
Mass 
Time 
Temperature 
Force 
Pressure 
Work 
Power 

Meter 
Kilogram 
Second 
O C .  Kelvin 
Newton, kg-mIs2 
Pa. N/m2 
Joule, J ,  N-m 
Wart. J/s 

Foot 
Slug 
Second 
O F ,  "Rankine 
Ibf, s lugs-f t5  
Ibf/ft2 
ft-lbf 
Ft-lbfls, horsepower (hp) 

TABLE 1.2 
Traditional Performance Units in BC and SI 

Unit BC SI 

Pressure Ibf/ft2; InWG; InHg; psi: psf N/m': Pa: mm H20: rnm Hg 
Head Foot: inches rn: mm 
Volume flow rate ft3/s; cfm: gpm; gph m3/s: U s :  cc/s 
Mass Row rate Slugls kgls 
Weight flow rate Ibf/s; l b f h  N/s; SJrnin 
Power watt; kit'; hp; ft-lbfls N-mis: J: kJ; watts kW 

text will include the use of gpm (gallons per minute) for liquid pumps, hp (horse- 
power = (ft-lbf/s)/550) for shaft power, and some others as well. However, this text 
will revert to fundamental units for analysis and design and convert back to the 
traditional units if necessary or desirable. 

1.4 THERMODYNAMIC VARIABLES A N D  PROPERTIES 

The variables and properties frequently used include the state variables: pressure, 
temperature, and density (p, T, and p). They are defined respectively as: p = the 
normal stress in the fluid; T = a measure of the internal energy in the fluid; and p 
= the mass per unit volume of the fluid. These are the fundamental variables that 
define the state of the fluid. When dealing (as one must) with work and energy inputs 
to the fluid, then one will be dealing with the specific energy (e), internal energy 
(h' = u' + p/p), entropy (S), and specific heats of the fluid (c, and c,.). The transport 
properties for friction and heat transfer will involve an additional two parameters: 
the viscosity (p) and the thermal conductivity (K). In general, all of these properties 
are interrelated in the state variable functional form p = p(p,T), h' = h'(p,T), and 
p = p(p,T). That is, they are functions of the state properties of the fluid. 

The energy stated in terms of u' and e are measures of the thermal and internal 
energy of the fluid as well as potential and kinetic terms, such that e = u' + V2/2 + gz. 
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Here, g is the gravitational constant of the flowfield, V is the local velocity, and z 
is the positive upward direction. 

For gases, this text restricts its attention to those fluids whose behavior can be 
described as thermally and calorically perfect. That is. the variables are related 
according to P = pRT, with R = c, - c;c, and c, are constant properties of the 
particular fluid. R can also be defined in terms of the molecular weight, M, of the 
gas where R = RJM. R, is the universal gas constant, given as 83 10 m2/(s2K) in SI 
units and 49,700 ftY(s2"R) in BG units. Appendix A provides limited information 
on these and other fluid properties for handy reference in illustrations and problem- 
solving. c, and c,. are related as a distinct molecular property, y = c,/c,. = y(T) and 
may be written as c,, = R/(y - 1) and c, = yRl(y - I). For most turbomachinery air- 
moving applications, one can accurately assume that c, and c, are constants, although 
for large temperature excursions, both c,. and c, increase with increasing temperature. 

In addition to these fundamental variables, i t  is necessary to define the "real" 
tluid properties of dynamic and kinematic viscosity. Dynamic viscosity. U. is defined 
i n  fluid motion as the constant of proportionality between a velocit! gradient and 
thc shearing stress in the fluid. From the relationship T = ,u(dV/an). where n is the 
direction normal to the velocity V. viscosity has the units of velocity gradient 
Is-' = (lengtNtime)/length)] over stress (Pa or Ibf/ft2). Viscosity is virtually indepen- 
dent of pressure in most flow-system analyses, yet it can be a fairly strong function 
of the fluid temperature. Typical variation in gases can be approximated in a power 
law form such as Vp,, = (T/T,)" with p increasing with temperature. For air, the 
values n = 0.7 and T,, = 273K are used with p,, = 1.71 x 1 0 -  kglms. Other 
approximations are available in the literature. and data is presented in Appendix A. 
The kinematic viscosity, v = p/p. is merely defined for convenience in thrniing the 
Reynolds number, Re = pVd/p = Vdlv. 

Liquid viscosities decrease with increasin~ temperature. and IVhite ( 1994) sug- 
gests the form for pure water as. 

as being a reasonable estimate, with T in Kelvins (within perhaps 1 R). 
When dealing with the design and selection of liquid handling machines, the 

prospect of "vaporous cavitation" within the flow passages of the pump or turbine 
is an important constraint. The critical fluid property governing cavitation is the 
vapor pressure of the fluid. The familiar "boiling point" of water as 100•‹C is the 
temperature required to increase the vapor pressure to reach the value of a standard 
atmospheric pressure, 101.3 kPa. At a given pressure, the vapor pressure of water 
(or another fluid) is reduced with decreasing temperature, so that boiling or cavitation 
will not occur without a reduction in the pressure of the fluid. As pressure is prone 
to be significantly reduced in the entry (or suction) regions of a pump, if the fluid 
pressure becomes more or less equal to the vapor pressure of the fluid, boiling or 
cavitation may commence. The vapor pressure is a strongly varying function of 
temperature. For water, this p, ranges from nearly zero (0.61 1 kPa) at O•‹C to 101.3 
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kPa at 100•‹C. A figure of p, vs. T is given in Appendix A. A rough estimate of this 
functional dependence is given as p, = 0.61 + 10-'T3. The approximation (accurate 
to only about 6%) illustrates the strong nonlinearity that is typical of liquids. Clearly, 
fluids at high temperature are easy to boil with pressure reductions and cavitate 
readily. 

The absolute fluid pressure associated with the onset of cavitation depends, in 
most cases, on the local barometric pressure. One recalls that this pressure varies 
strongly with altitude in the atmosphere and can be modeled, using elementary 
hydrostatics, as p, = p,, exp[-(g/R)~dz/~(z)], integrated from sea level to the altitude 
z. The function T(z) is accurately approximated by the linear lapse rate model, 
T =T,, - Bz, which yields p, = p,,(l - BZ./T,,)Q:~~). Here, B = 0.0065 Klm, 
p,, = 101.3 kPa, g/RB = 5.26, and T r 15K. This relation allows approximation of 
the absolute inlet-side pressure for pump cavitation problems with vented tanks or 
open supply reservoirs at a known altitude. 

1.5 REVERSIBLE AND IRREVERSIBLE PROCESSES W I T H  
PERFECT GASES 

In turbomachinery flows, not just the state of the fluid must be known, but also the 
process or path between these end states is of interest in typical expansion and 
compression processes. The ideal process relating these end state variables is the 
iserrtropic process. Recalling the second law of thermodynamics. 

and assuming the usability of perfect gas relations (c, and c, constant. dh' = c,dT 
and du' = c,dT. R = c ,  - c,. and p = pRT) this becomes 

On integration between end states 1 and 2, one can write the change in entropy as 

If the fluid flow process is reversible (without heat addition or friction), the process 
is isentropic, S, - S, = 0 and 
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I f  the t-luid process is not really isentropic. usually as a result of' fl-ictional losses li: 

a cornpression or expansion process, one can use a similar t'orn~ based on thi.  
efficiency of the process. q .  The exponent yl(y - 1 )  is replaced by n/(n - 1 i = 
ilylc-/ - I )  to form the polytropic relationship for a perfect gas: 

.Although changes i n  the fluid density. p, can he neglected i n  a great many tlo\l. 
processes in turbornachinery. one can rely on these polytropic relations when change.? 
in  the fluid pressure are too large to neglect density \xiations in  the flow. Thi- 
process eefficiency can he approximated by the total pressure rise or head extractio;: 
efficiency of the turbo~nnchine. developed i n  later chaptsrs. \\ irhout undue 10s. ,)f 
rigor or accurac!. 

1.6 CONSERVATION EQUATIONS 

In tluicl mechanics analyses, one must obey the set of natural I m s  that go\wr: 
Neutonian physics. That is, one must satisfy: conservation 01' mass 01- d~nldt = 0 
conservation of linear momentum or F = m(d\'ldt) (here the hold letter5 indicatc ti:; 

vector charactcr ol' the te~ms); conservation of angular nlonlentuni or R I  = dH/dr = 

d('lrS\'6rn')ldt. \\.here 6111 is the mass of each term being included in the sum: 211,: 

consr\.ation ot' energy 01- dQ'idt - dW/dt - dE/dt = 0. These rel~rionships conslht ,>: 
t\\o s d a r  cquations and \,ector equations (three ternls each) 51) that one i h  ;~ctu:~Ii:. 
dealing \\.it11 eight equations. I n  the energy equation. the first la\\ ol '~hcmiodyiiall~~;~. 
Q' is the heat hein? transferred to the Buid. \I' is the \vork being done b! the Iluli. 
and E i \  the cnergy of the fluid. Thcse equations. along uith the second law and star: 
ccju~i~ionh mcnt~oncd :)hove. complete the analytical frame\fork for the fluid 1 1 i ~ .  

.?A with the study of lluid niechanics. these basic forms are converted to a conirt 
wlume formulation uslng the Reynolds Transport Theorem. Conservation o t  ma>. 
Ihr steady flow hecomes 

Lvhere cs indicates integration over the con~plete surface of the control \.olurne an; 
\' n I the scalar product of the velocity into the surface unit nnrnial wctor. 11 (i.c 
the "tlux term"). The relation says simply that in order lo conserve mass in t h l ~  
Eulsrian frame of reference, what comes in to the control volume must leave it. For 
sirnple inlets and outlets, with uniform properties across each inlet or outlet, one 
can write 
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For incompressible flow (p = constant), the equation reduces to 

where Q is the volume flow rate VA and m' = rVA = pQ. 
Conservation of linear momentum for steady flow becomes 

retaining the vector form shown earlier. Again, for simple inlets and outlets, 

The incompressible form can be written with m' = pQ as 

The Bernoulli equation for steady, incompressible, frictionless flow without hex 
addition or shaft work is frequently a very useful approximation to more realistli 
flows and can be developed from the conservation equations above and the first Ian 
It is written as 

where p, is the total pressure of the flowing fluid. In turbomachinery flows, where 
work always takes place in the flow process, this equation is not valid when the end 
states are located across the region of work addition or extraction, because the total 
pressure rises or falls. If shaft work or frictional losses of total pressure are to be 
included, then the Bernoulli equation must be extended to the form 

Here, W, is shaft work and W, is the viscous dissipation of total pressure. This 
equation is frequently rewritten in "head" form as 
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where each term in the equation has units of length. h, and h, are the shaft head 
addition or extraction and the frictional loss, respectively. 

These then are the basic physical relationships and variables for the flow in 
turbomachines and their fluid systems needed for the studies in this text. If further 
review or practice with these fundamentals is needed, the reader is referred to the 
books by White (1994), Fox and McDonald (1992), Shetz and Fuhs (1996), and 
Bau~neister el al. (1978), or Schaums outline series (Hughes and Brighton, 1991). 

1.7 TURBOMACHINES 

The content of this material will be restricted to the study of the fluid mechanics of 
turbomachines. This requires that a clear definition of turbomachinery be established 
at the outset. Paraphrasing from earlier authors (Balje, 198 1; White, 1994), turbo- 
machines can be defined as follows: 

A turbomachine is a device in which energy is transferred to or from a continuously 
moving fluid by the action of a moving blade row. The blade row rotates and changes 
the stagnation pressure of the fluid by either doing work on the fluid (as a pump) or 
by having work done on the blade row by the fluid (as a turbine). 

This definition precludes consideration of a large class of devices called positive 
displacement machines. These are not turbomachines, according to the definition, 
since flow does not move continuously through them. They have moving boundaries 
that either force the fluid to move or are forced to move by the fluid. Examples include 
piston pumps and compressors, piston steam engines ("turbines"), gear and screw 
devices, sliding vane machines, rotary lobe pumps, and flexible tube devices. They 
will not be further considered here, and reference is made to Balje (1981) for more 
detailed material. It is also pointed out that no treatment will be provided here for 
the very broad areas of mechanical design: dynamics of rotors, stress analysis, vibra- 
tion, or other vital mechanical topics concerning turbomachinery. Reference is made 
to others (Rao,1990; Beranek and Ver,1992; Shigley and Mischke, 1989) for further 
study of these important topics. Because of its ovemding importance in selection and 
siting of turbomachines, the subject of noise control and acoustics of turbomachinery 
will be included in the treatment of the performance and fluid mechanics. 

1.8 CLASSIFICATIONS 

Much has been written on classifying turbomachinery, and a major subdivision is 
implied in the definition stated above. This is the power classification, identifying 
whether power is added to or extracted from the fluid. Pumps, which are surely the 
most common turbomachines in the world, are power addition machines and include 
liquid pumps, fans, blowers, and compressors. They operate on such fluids as water, 
fuels, waste slurry, air, steam, refrigerant gases, and a very long list of others. 
Turbines, which are probably the oldest turbomachines, are the power extraction 
devices and include windmills, water wheels, modern hydroelectric turbines, the 
exhaust side of automotive engine turbochargers, and the power extraction end of 
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FIGURE 1 . 1  Examples of an open flow turbomachine. No shroud or casing defines the 
limits of the flow field. 

an aviation gas-turbine engine. Again, they operate on a seemingly endless list of 
fluids, including gases, liquids, and mixtures of the two, as well as slurries and other 
particuiate-laden fluids. 

The manner in which the fluid moves through and around a machine provides 
another broad means of classification. For example, some simple machines are 
classed as open or open flow, as illustrated in Figure 1.1. Here. there is no casing 
or enclosure for the rotating devices and they interact rather freely with the flowing 
stream-in this case, the atmosphere. Consistent with the power classification. the 
propeller is an open flow pumping device, and the windmill is an open flow turbine. 
Figure 1.2 shows examples of enclosed or encased flow devices where the interaction 
between the fluid and the device is carefully controlled and constrained by the casing 
walls. Again, these examples are power classified-in this case. as pumps. 

Since all turbomachines have an axis of rotation, the predominant organization 
of the mass flow relative to the rotating axis can be used to further refine the 
classification of machines. This subdivision is referred to as flowpath or throughflow 
classification and deals directly with the orientation of the streamlines that define 
the mass flow behavior. In axial throughflow machines-pumps, fans, blowers. or 
turbines-the fluid moves through the machine on streamlines or surfaces approx- 
imately parallel to the axis of rotation of the device. Figure 1.3 shows an axial (or 
axial flow) fan characterized by flow parallel to the fan axis of rotation. 

Flow that is predominantly radial in the working region of the moving blade 
row is illustrated in Figure 1.4, showing a cutaway or sectioned view. The device is 
a radial-inflow turbine and illustrates typical geometrical features of such machines. 
If the flow direction were reversed, the geometry would be typical of radial-discharge 
pumps or compressors. 
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FIGURE 1.2 Example of enclosed or encased flow with the shroud controlling the outer 
streamlines. 

FIGURE 1.3 Layout of an axial fan with the major components. 

Since nothing is ever as simple or straightforward as one would like, there must 
be a remaining category for machines that fail to fit the categories of predominantly 
axial or predominantly radial flow. Pumps, fans, turbines, and compressors may all 
fall into this class and are illustrated by the mixed-flow compressor shown in 
Figure 1.5. Flow direction for a pump is generally from the axial path to a conical 
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FIGURE 1.4 A radial throughflow turbomachine. The flow moves through the blade row 
in a primarily radial direction. 

path moving upward at an angle between 20" and 65' (more or less). Again, reversing 
the direction of flow yields a path that is typical of a mixed flow turbine. In addition, 
the simple flow paths shown here may be modified to include more than one impeller. 
For radial flow machines, two impellers can be joined back-to-back so that flow enters 
axially from both sides and discharges radially as sketched in Figure 1.6. These 
machines are called double suction (for liquid pumps) or double inlet (for gas movers 
such as fans or blowers). The flow paths are parallel to each other, and flow is usually 
equal in the two sides, with equal energy addition occumng as well. Others machines 
might consist of two or more impellers in either axial, radial, or even mixed flow 
configurations. In these machines, the flow proceeds serially from one impeller to 
the next, with energy addition occumng at each stage. These multistage machines 
are illustrated in Figure 1.7. 

Further breakdown of these classifications can include the compressibility of the 
fluid in the flow process. If the density is virtually constant in the entire flow process, 
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FIGURE 1.5 A mixed throuphtlou. machine. The flow can enter axiali! ~ n d  exit radially or 
at an angle from the axis. as shown. 

Sideplate 

FIGURE 1.6 A double-inlet, double-width centrifugal impeller. 
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FIGURE 1.7 A two-stage axial fan configuration. 

as in liquid pumps and turbines, the incompressible label can be added. For p.1~ 
flows, if there are large absolute pressure changes or high speeds or larse hiaih 
numbers involved that lead to significant changes in densit!,. the machines can hi. 
labeled as compressible or simply as compressors. This test will try to keep rh: 
ranfe of turbomachines 2s nearly unitied as possible and make distinctions concern- 
ing p-l iquid.  compressible-incompressible when it is cowenient or useful to do s ~ ) .  

A set of illustrations of turbomachines is included at the end of this chaprer 
(Figures 1.15 through 1.19). They should help to relate the various flow paths ro 
actual machines. 

1.9 PERFORMANCE A N D  RATING 

The concept of determination of the performance or "rating" of a machine can cenrsr 
on how to measure the perfomiance capability, for example. In a laboratory settlng 
A schematic layout of a test facility is shown in Figure 1.8. Measurement is carried 
out with equipment and procedures specified by recognized standards to ensurs 
accuracy, acceptance, and reproducibility of test results. As illustrated, the test stand 
is for pumping machines handling air. and the appropriate test standard to be used 
is "Laboratory Methods of Testing Fans for Rating" (AMCA. 1985) or other testing 
standards such as those written by the American Society of Mechanical En,' olneers 
(ASME). For example, the ASME Power Test Code PTC-10 for Exhausters and 
Compressors (ASME, 1965) is a more general test code that effectively includes ths 
basically incompressible AMCA fan test code as a subcase. For liquid pumps. the 
appropriate guideline could be ASME PTC-8 (ASME, 1985). 

Referring again to Figure 1.8, this test stand is set up to measure the performancs 
of the gas pumping machines. Shown on the left is a small centrifugal fan. This fan 
draws air from the room into the unrestricted intake and discharges the air into the 
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FIGURE 1.8 Schematic of a pump performance test facility, based on the ASME pump Test 
Code PTC-8.2. (Adapted from ASME, 1965: Hydraulic Institute. 1983.) 

carefully sealed flow box, or (more formally) plenum chamber. There are numerous 
pressure tappings located along the flow path through the plenum by which one 
determines a set of gage pressures. For a more general treatment that fully accounts 
for compressibility, the alternate instrumentation for determining total pressure and 
temperature at the fan discharge is shown as a pitor-static probe with a thermocouple 
for local temperature measurement. The taps are located at points 'a.' 'b,' and 'c.' 
At 'a,' or on the pitot-static probe, the discharge pressure of the fan is being moni- 
tored, and since the fan is doing work on the air passing through it, this p, (total or 
static) will be greater than the room ambient pressure seen outside the plenum or 
near the intake. This measurement is used to identify the pressure increase imparted 
by the fan to the air by calculation of the total pressure ratio across the blower, 
p,,/p,,. These values include the kinetic term associated with the fan discharge 
velocity and are absolute pressures, including the reference barometric pressure. If 
the pressure change across the machine is sufficiently small (about 1% of the baro- 
metric pressure), the incompressible variable can be used: Ap, = p, - p,,,. This value 
is called the static pressure rise of the fan. The rota1 pressure rise, more nearly 
equivalent to the compressible pressure ratio, would include the velocity pressure of 
the discharge jet (with V,) to yield Ap, = Ap, + pVj2/2, where p is the ambient value. 

The small jet of air being discharged by the fan is spread out (or settled) as it 
moves through the first chamber of the box and the row of resistive screens through 
which the air must pass. The amount of resistance caused by these screens is specified 
by the test standard to ensure that the flow is smoothly distributed across the cross- 
section of the plenum chamber on the downstream side of the screens. In other test 
arrangements such as constant area pipes or ducts, the flow settling may rely on 
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flow straighteners such as nested tubes, honeycomb, successive perforated plates, or 
fine-mesh screens. A particular arrangement must yield a nearly uniform approach 
velocity pattern as the flow nears the inlet side of the flow metering apparatus. This 
meter might be a set of precise or calibrated flow measurement nozzles, as sketched 
(for example, ASME long radius nozzles), mounted in the center-plane of the plenum 
chamber (see Holman, 1989; Granger, 1988; or Beckwith et al., 1993 for details of 
the construction of these nozzles). The meter may also be a nozzle in the duct, a 
precision venturi meter, or a sharp-edged orifice plate in the pipe or duct. 

The pressure tap at point 'b' supplies the value upstream of the flow nozzles and 
the tap at 'c' gives the downstream pressure. For compressible flow, the total pressure 
and temperature at the flow meter must be established to provide accurate information 
for calculation of the mass flow rate. The difference in pressure across the meter. 
perhaps read across the two legs of a simple U-tube manometer or pressure transducer. 
supplies the differential pressure or pressure drop through the nozzle Ap, = p, - p,. 
This differential pressure is proportional to the square of the velocity of the air being 
discharged by the nozzles, so that the product of the velocity and the total nozzle 
area provides the volume flow rate being supplied by the fan. 

Another piece of direct performance data required is a measure of the power 
being supplied to the test fan. This can be determined by a direct measure of the 
electrical watts being supplied to the fan motor, or some means may be provided to 
measure torque to the fan impeller along with the rotating speed of the shaft. The 
product of the torque and speed is, of course, the actual power supplied to the fan 
shaft by the driving motor. To complete the acquisition of test data in this experiment. 
it remains to make an accurate determination of the air density. In general, one needs 
to know the density at the inlet of the blower and at the flow meter. These values 
are needed to determine the discharge velocity from the ASME nozzles to be used 
in defining the mass flow rate being supplied by the machine. Nozzle velocity is 
calculated from the Bernoulli equation as 

where c, is the nozzle discharge coefficient, c, I 1.0, used to account for viscous 
effects in the nozzle flow. c, is a function of the diameter-based Reynolds Number 
for the nozzles and may be approximated by (Beckwith et al., 1993) 

The Reynolds Number is given by Re, = V,d/v, and v is the fluid kinematic viscosity. 
The inlet density must be accurately determined by knowing the values of barometric 
pressure, p,,, ambient temperature, T,,,, and the suppression of ambient temperature 
achievable through evaporation of water on a temperature instrument (thermometer). 
This latter value, AT,+ = T, - T,, is used to calculate the relative humidity or water 
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vapor content in the air. T, is measured on a dry thermometer and T, on an air- 
cooled thermometer inserted in a wet wick material. This non-negligible correction 
to the air density, p, can be carried out using a psychometric chart. (See, for example, 
Van Wylen and Sonntag, 1986; AMCA, 1985). The psychometric chart from the 
AMCA standard is reproduced here as Figure 1.9, where the weight density pg is 
given as a function of the dry bulb temperature, T,, the w.et bulb suppression AT,_,, 
= T, - T,. and the barometric pressure, p,,,. All of the units are in English as shown. 
and pg is in Ibf/ft3. The density at the flow meter can be determined from the inlet 
value and the total pressure ratio according to 

where the p and T values are in absolute units. For essentially incompressible test 
conditions, the two densities will be the same. 

To complete the data gathering from the fan, the noise generated by the test fan 
should be measured using a microphone and suitable instrumentation to provide 
values of L,, the sound power level in decibels. This topic will be considered in 
detail in Chapter 5; it is mentioned here because of the frequently overriding impor- 
tance of this performance parameter. 

For analysis purposes, the aerodynamic efficiency of the fan can be calculated 
from the main performance variables. Efficiency is the output fluid power divided 
by the shaft input power, P,,. This is the traditional definition for pumps, fans. and 
blowers. e\.en into the compressible regime of pressure rise. The calculation is 
according to qTl l  = (pOZ - pl)l)(rn/pol)/P,,. This is equivalent. for incompressible flows. 
to q T  = ApTQPlh. The T subscript on q corresponds to the use of total pressure rise 
in the output power calculation. Use of Ap, yields the commonly used static efficienc) 
q,. In high-speed compressors, such as those used in gas turbine engines, efficienc! 
is defined differently (Lakshminarayana, 1996). The compressor efficiency, q,, is 
characterized by the ratio of work input to an ideal isentropic compressor. to the 
Ivork input to an actual compressor with the same mass flow and pressure ratio. In 
terms of stagnation enthalpy, q, becomes 

With constant values of c,. this yields 

Using the isentropic relation 
(To2,/To,) = ( p , , / p O l ) ( ~ l ) ~  reduces 

between total temperature and total pressure. 
to 
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FIGURE 1.9 A psychometric density chart. (ANSIIAMCA Standard 210-85: 
ANSIIASHRAE Standard 5 1 - 1985.) 
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Finally, the flow, pressure, sound power level, efficiency, and input power are 
the values of a performance point associated with the machine being tested. Note 
that this point of operation is being controlled through the effects of either a down- 
stream throttle, an auxiliary exhaust blower, or both. Both devices allow the pressure 
rise or pressure ratio of the device to be varied by increasing or reducing the overall 
resistance imposed on the ability of the blower to pump air. Reduced resistance (a 
more open throttle) will allow more flow (Q or m') at a reduced pressure rise or 
ratio (p,,,/p,, or Ap,). The throttle can be successively adjusted to provide a table of 
performance points that cover the full performance range of the compressor or 
blower. A graph of results. typical for a small centrifugal fan, is shon n in Figure 1.10. 

There are several important things to notice i n  Figure 1.10. First. there is a point 
of maximum efficiency or Best Efficiency Point (BEP) defined by ths q, vs. Q curve. 
The corresponding values of Q. Ap,, P,,, and L,. along with that maximum value of 
q\ .  define the BEP. To the right of BEP (at higher flow rate), the Ap, decreases with 
increasing flow. yielding a negati\.e slope that represents the usabls. stable range of 
pel-formance for the pumping machine. Slightly to the left of the BEP (at lower flow 
rate). the curve of Ap, vs. Q goes through a zero slope condition. followed by a 
region of positive slope where the fan operates unstably, Ap, falls off, q, declines 
sharply. and L, increases very strongly. In a word. everything goes wrong at once. 
and this region represents a virtually unusable regime of operation for the fan. This 
zone is called the stalled region and is strictly avoided in selection and operation. 
At the extreme left of the curve. when Q = 0.0, the fan is still producing some 
pressure rise but is completely sealed off. This limit condition is called the "blocked 
tight" or "shut-off' point. It can be used in a transient condition such as start-up, 
but of course the fan must then progress through the stalled region of the curve to 
finally reach a stable operating condition. The question of start-up procedures will 
be referred to other texts (e.g., Jorgensen, 1983). Here, with Q = 0.0. the efficiency 
11, = 0.0 as well. At the other extreme, one has the limit of zero pressure rise at the 
right end of the curve. This limit is called the "free delivery," or "u ide open" point, 
and represents a maximum flow rate for the fan. It is seen that the efficiency generally 
degrades away from the BEP sharply on the left and more gradually on the right. 
The same can be said for the sound power level. L, with a gradual increase of noise 
to the right of BEP and a sharp increase to the left. 

Equivalent performance for a compressor with significant dsnsity change is 
qualitatively the same as in the foregoing discussion: simply change the axis labels 
to pO2/p,, and m'. Figures 1.10d and 1.10e show high-speed compressor and turbine 
performance curves. These characteristic curves are similar to low-speed fan curves, 
but they also show the phenomenon of choking mass flow at high speeds and high 
mass flow rates. Here, the throughflow velocities have reached sonic values and the 
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Volume Flow Rate 

FIGURE 1.1 0a Sound power performance curves 

mass flow rate is "frozen" at this level and does not continue to increase with changes 
in pressure. For the turbine, the pressure ratio is inverted to po,/po, > 1.0 to reflect 
the drop in total pressure as the turbine extracts energy from the flow stream. A low- 
speed hydraulic turbine performance curve is shown for completeness in Figure 
1.10f. The similarities are obvious, but the head-flow curve lacks the choke effect 
seen in high Mach number flow of the high-speed turbine. The total head change is 
a drop in total head of the flow as it passes through the impeller and energy is 
removed from the stream. 

1.10 PUMP AND SYSTEM 

In practice or application, the fan or other pumping device would be connected to 
a flow 'system' rather than to a simple throttle. This system would typically consist 
of, say, a length of ductwork or pipe containing elbows, grills, screens, valves, heat 
exchangers and other resistance elements. The shape of a "resistance curve" or 
"system curve" can be described in terms of Ap, (f for friction) or in terms of head 
loss, h,: 
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FIGURE 1.1 0b Efficiency and performance curves with nomenclature. 

f is the Darcy friction factor (White. 1994); L/D is the ratio of the characteristic 
length and diameter of the ductwork: and K, is the loss factor for a given system 
element such as an elbow in the duct. V' depends on Q2 as V = QIA,,,, so that 

where the "Constant" is a fixed function of the system (although it may vary slightly 
with Reynolds Number). Rewritten, one obtains Ap, = pgh, = CQ2 and observes that 
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Required power and performance curves. 

the resistance must be overcome by the pressure rise of the fan, Ap, = f(Q). T1 
solve for the intersect of Ap, = Ap, to determine a unique "operating point." Gral 
ically, the fan characteristic curve Ap, = f(Q) intersects the resistance curve Ap, =C 
as shown in Figure 1.1 1. Note that if one adds length (LID) or roughness (frict; 
factor), one increases the value of C and gets a steeper parabola. 

As the steeper parabola crosses the characteristic curve of the blower, the in1 
section occurs at the necessarily higher value of Ap, = f(Q), and the value of ( 
commensurately reduced. Similarly, reducing the pipe length, roughness. or SI 

resistance elements as elbows or heat exchangers causes the resistance parabol; 
be less steep (smaller resistance constant), and the intersection with the fan C L  

occurs at a lower pressure and higher flow rate. 
In a liquid pumping system, the resistance curve may be similarly characteri; 

However, it may be necessary to account for significant changes in elevation (hyc 
static head) imposed on the pump system. Here, the resistance curve can be cl 
acterized by Ap, = pgh, + pgz = CQ2 + pgz or hf = CQ2 i- Z. The additional ten 
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FIGURE 1 . 1  0d Performance curve for a high-speed compressor. 

independent of Q and results in a vertical offset of the resistance as shown in 
Figure 1.13. 

The same comments apply to variation in resistance. as well as possible changes 
in the ialue of z. given changes in the geometry of the piping system. Recall that 
the hydrostatic terms are nearly always negligible i n  airlgas systems. 

Nou. one can illustrate the performance and testing concept. Consider a fan test 
carried out according to these procedures. The plenum chamber data gathered for a 
single performance point are: 

p, = 9.8 InWG 

pc = 4.0 InWG 

Pm = 3448 watts (motor power measured) 

q, = 0.83 (motor efficiency) 



Fluid Machinery: Performance, Analysis, and Design 

Mass Flow Rate 

FIGURE 1.10e Performance curve for a high-speed exhaust gas turbine. 

Ambient air data are: 

Tw = 60•‹F 

T, = 72OF 

Parnb = 29.50 InHg 

Additional data for a fully compressible test must include the outlet total pressure 
and the total temperature at the flow meter inlet. In addition. it is known that the 
sum of the nozzle areas, A,,,, is based on five 6-inch diameter nozzles. The area is 
thus 5(xdn2/4). Thus, A,,, = 5(x0S2/4) ft2 = 0.1963 ft2. 

As a first step, one can calculate the ambient air density using the psychometric 
chart in Figure 1.9. An alternate would be to use the AMCA equations, based on 
pressures in InHg and temperatures in OF. p is given by 



Introduction 

1 2 3 4 5 6 

Flow Rate, gprn in thousands 

FIGURE 1.1 Of Performance curve for a 1100 rprn hydraulic turbine. 

with 

and 

The wet-bulb suppression is 

At the top of the psychometric chart. one enters with 12' suppression and drops 
vertically to an intersect with the downward sloping line for T, = 72•‹F. Then move 
horizontally to the left to intersect the upward sloping line for pa,, = 29.5 InHg. 
Finally, drop down vertically to the abscissa and read the value for the weight density. 
pg = 0.0731, so that the mass density is 
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FIGURE 1.1 1 Pump performance with system curves of increasing resistance. 

Once p is obtained, one can look up the dynamic viscosity, p, and calculate v.  At 
T, = 72OF, 

Next, one can calculate the nozzle pressure drop as 

Apb< = pb - pc = (9.8 - 4.0) InWG = 5.8 InWG 

Convert this value back to basic units as 

5.204(lbf/ft2) 
Ap,-= = 5.8 InWG x [ = 30.18 1bf/ft2 
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FIGURE 1.1 2 The inrluence of elevat~on change on pump performance 

No\\* insert the data into the equation for nozzle velocit!.. noting that there i z  n o  
Reynolds Number as >e t  to calculate c, (since velocity is unknown). That doe:, not 
present a problem here because one can assume that c, E 1.0 and make an iterative 
correction using an updated V,. A first guess is then 

Now, one can calculate a Reynolds Number by 

Re, = 5.09 x 10' 
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Use this value to estimate c, by 

and 

Adjust the velocity for c, < 1.0 by multiplying the first guess by 0.987 to get 
V, = 161.0 ft/s. A new Reynolds Number is calculated as 

Re, = 0.987 x 5.09 x I o-' = 5.02 x 1 o5 

Then, a new c, value is calculated as 0.9873. No effective change is seen in c;. 
so accept the value of V, = 161.0 ft/s. The volume flow rate becomes 

The traditional unit commonly used for Q is cubic feet per minute (ft3/min), or 
cfm. That is, Q = 1896.3 cfm. 

The remaining piece of data is the wattage measured on the fan drive motor. 
which one can use as the fan shaft power by multiplying by the given motor 
efficiency. Fan shaft power is then 

Psh = 0.83 x 3448 watts = 2862 watts 

= 21 10 Ibf - ft/s = 3.84 hp 
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Finally, calculate the fan static efficiency using flow rate, static pressure rise, 
and fan shaft power. That is: 

Summarizing the performance, one obtains 

Q = 3 1.57 ft3/s = I896 cfm 

Aps = 52.0 lbf/ft2 = 10.0 InWG 

Pqh = 2110 lbf-ft/s=3.84 hp 

These numbers make up a characteristic point on the performance curves of 
the fan. The plot of Ap, and P,, are traditionally used to form the characteristic 
curves, but one should include the efficiency and sound power level as useful 
information. 

In order to calculate total efficiency (incompressibly) or to correct for compress- 
ibility in either the fan efficiency or a compressor efficiency, one must include the 
additional measurement of total pressure in the discharse jet and the total temperature 
there. The values are 

Ap, = 1 1.5 InWG and To, = 76.6"F 

The incompressible total would simply utilize the Ap, value to yield 

In absolute, compressible units, p,, = 2147.8 Ibf/ft2, p,, = 2088.0 Ibf/ft2; and with 
density recalculated for the nozzle as 0.0023 1 slugs/ft3 yielding Q = 3 1.3 ft3/s: 
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Using the compressor efficiency method with 

p,,, = 102.70 kPa; pol = 99.96 kPa 

T,,, = 297.8K; To, = 295.2K 

gives 

These total property-based values are within a few percent for a fan whose pressure 
rise is only marginally compressible. 

Another type of performance loop that is in common use for liquid pump 
testing is illustrated in Figure 1.13. Here, the test pump is connected in a piping 
network forming a closed loop with a pressure- and temperature-controlled reser- 
\-oir. The primary performance information is based on pressure readings upstream 
and downstream of the pump, and another set of pressure readings taken upstream 
and downstream of a sharp-edged orifice plate, positioned downstream of the pump 
itself. In addition, power measuring instrumentation is required for the pump 
torque and speed or to monitor the wattage input to a calibrated drive motor. 
Usually, the reservoir temperature and pressure and the temperature and pressure 
at the suction eye of the pump will also be monitored. This data is useful in 
determining the cavitation characteristics of the pump (as will be discussed in 
Chapter 4). 

An important part of the flow loop is the downstream valve used to control the 
system resistance imposed on the pump. This valve will usually be a "non-cavitating" 
type to avoid instabilities and noise in the pump flow (Karassik). 

As shown in Figure 1.13, the pressures are read from taps as pa, p,, and p, on 
gages or mercury manometers and converted to pressure differentials in Pa units. 
For illustration. one can read the power input to the motor with a wattmeter, as P,. 
if one also knows the motor efficiency, qm. Across the pump, (p, - pa) provides the 
differential pressure to calculate the head rise. Calculating the fluid liquid density 
from the temperature Ti,, "C, one can calculate the head rise as 
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FIGURE 1 .I 3 .A flow test r,liing facility. 

The pressure differential across the sharp-edged orifice is used to infer the volume 
flow rate of the pump in the same manner used to determine the air flow through 
the long radius ASME nozzles used in the fan performance test setup. The necessary 
characteristics for the orifice fjow are the Reynolds Number and the value of P for 
the plate. fi is defined as P = d/D, the ratio of pipe inner diameter to the open diameter 
of the oritice. Thc discharge coefficient for the orifice is then given as 

where the Re! nolds Number is defined for the throat of the orifice as 

"Id Re, = - 
v 

V, is the throat velocity, d is the throat diameter, and v is the kinematic viscosity of 
the liquid. The tlow is calculated as 

c, is gi\.en (ISO-ASME. 1981) for standard taps as 
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An example will help to illustrate the procedures for data acquisition and anal- 
ysis. Sample data required to define a single point on ths characteristic performance 
curve for the pump are: 

Ti,,,=, = 25•‹C pa = 2.5 kPa Pm = 894 watts 

p, =155 .0kPa  p, =149 .0kPa  q , = 0 . 8 9 0  

D = 10cm d = 5crn 

The inlet temperature yields a water density of 997 kp/m3 and a kinematic viscosity 
of 0.904 x 1w m2/s. As usual, one cannot calculate an a priori Reynolds number 
to establish c,, so that one must estimate an initial \,slue of c, and iterate a final 
result. If one assumes that Re, is very large, then 

The first estimate for volume flow rate is given by 

so that V, = 2.09 m/s. As the first refinement, one calculates the Reynolds Number as 

Recalculating c, yields: 
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This 0.2% change is negligible, so accept the Q as 

Volume flow rate in liters per second, while not in fundamental SI units, is common 
practice in metric usage. 

The head rise for the pump can be taken directly from the pressure differential 
measured across the pumps so that 

H =  
(p, - pa)  - (155,000 - 2,500)(N/m2) 

- 
Pg (997 x 9.81 N/m3) 

H = 15.59 m 

The fluid power. or the power input to the water, is 

P,, = psQH = (9.8 1 m/s2)(997 kg/m3)(0.004289 m3/s)(l 5.59) 

P,, = 651.1 watts 

Converting the input wattage to the motor to shaft power as 

Psh = P,q, = 796 watts 

allows calculation of the pump efficiency according to 

P ,  - 654.1 watts q = - -  = 0.822 
Psh 796 watts 

In summary, the test point for the pump is defined by 

Q = 0.004289 m3/s 

H = 15.59 rn 

P,, = 796 watts 

q = 0.822 
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As in the fan test. the valve downstream of the pump can be opened or closed 
to decrease or increase the flow resistance and provide a large range and number of 
points to create the performance characteristic for the pump. Extensive reviews of 
pump test standards and procedures are available in the pump literature (e.g., Karas- 
sic et al., 1986, Chapter 13). 

1.11 SUMMARY 

This chapter introduces the fundamental concepts of Fluid Machinery. Following a 
review of basic fluid mechanics and thermodynamics. a discussion of the conserva- 
tion equations for fluid flow is presented. 

The definition of turbomachinery or rotodynamic machinery is given, and the 
distinctions drawn between turbomachines and positive displacement devices are 
delineated. Within the broad definition of turbomachines, the concepts of classifica- 
tion by work done on or by the fluid moving through the machine are used to 
differentiate the turbine family (work-extracting machines) from the pumping family 
(work-adding machines). Further subclassifications of the various kinds of fluid 
machinery are based on the path taken by the fluid through the interior of a machine. 
These are described in terms of axial flow, radial flow. and the in-between mixed 
flow paths in pumps and turbines. 

Finally. the concepts of performance capability and rating of fluid machinery 
are introduced and developed. The techniques used to test the performance of 
turbomachinery are introduced to illustrate the performance variables. The complete 
dependence of the blower or pump on the characteristics of the system it operates 
in is illustrated and emphasized in this discussion as \i.ell. 

We close this chapter with a group of figures which illustrate the kind of 
equipment the text deals with primarily. Figure 1.14 shows a packaged fan assembly 
with accessories. Figure 1.15 shows a typical compressor impeller, and Figure 1.16 
shows several axial fan impellers. Figure 1.17 shou.s a large fan installation in a 
power plant, while Figures 1.18, 1.19, 1.20, and 1.7 1 show a variety of pump 
configurations, installations and arrangements. 

1.1 2 PROBLEMS 

1 .1 .  If the pump in Figure PI. 1 is operated at 1750 rpm and is connected to 
a 2-inch i.d. galvanized iron pipe 175 ft long. Lvhat will be the flow rate 
and bhp? 

1.2. The pump of Figure P1.l is installed in the system of Figure P1.2 as 
sketched. What flow rate, power, and efficiency result? All pipe is 2-inch 
i.d. commercial steel. 

1.3. An Allis-Chalmers pump has the performance data given by Figure P1.l. 
At the pump's best efficiency point, what values of Q, H, and bhp occur'? 
Estimate maximum or free-delivery flow rate. 
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FIGURE 1.14 An SWSI centrifugal showing dri\.e-motor arrangement at left. volute and 
discharge. and the inlet box at the right end. 

FIGURE 1 . I 5  Centrifugal compressor impeller shotr-ing blade layout detail,. (Barron Indus- 
tries. Birmingham. AL.) 
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FIGURE 1 . I  6 Axial fans showing impellers of different types. (New York Blower Company. 
Chicago, IL.) 

1.4. The pump of Figure PI.  1 is used to pump v, ater 800 ft uphill through 
1000 ft of 2-inch i.d. steel pipe. You can do this if you connect a number 
of these pumps in series. How man! pumps n i l l  it take? (HINT: fix the 
pump flow at BEP.) 

1.5. Two pumps of the type of Figure P 1.1 can be used to pump flows with a 
vertical head rise of 130 ft. 
(a) Should they be in series or parallel? 
(b) What size steel pipe would you use to keep both pumps operating at 

BEP? 
1.6. A fuel transfer pump delivers 400 gpm of 20'C gasoline. The pump has 

an efficiency of 80% and is d r i ~ r n  by a 20-bhp motor. Calculate the 
pressure rise and head rise. 
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FIGURE 1.17 Fan installation in a power plant. (Barron Industries) (Note the dual-inlet 
ducts to .;upply Ro\4,  t o  both sides of the DWDI Fan.) 

If the pump and pipe arrangement of Problem 1.1 includes an elevation 
increase of 30 ft, what flow will result? 
A small centrifugal fan is connected to a system of ductwork. The fan 
characteristic curve can be approxinlated by the equation Ap, = a + bQ, 
where a = 30 Ibf/ft2 and b = -0.40 (Ibf/ft2)/(ft.Vs). Duct resistance is given 
by h, = (tL/d + CKm)(V2/2g). The resistance factor is (tL/d + XK,,) = 10.0, 
and the duct cross-sectional area is I ft2. 
( a )  Calculate the volume flow rate of the fan-duct system. 
( b )  What is the static pressure of the fan? 
( c )  Estimate the horsepower required to run the fan (assume the static 

efficiency of the fan is q, = 0.775). 
A slurry pump operates with a mixture of sand and water. which has a 
density of 1200 kg/m3 and an equivalent kinematic viscosity of 5 x 
m%. The pump, when tested in pure water. generated a head rise of 15 
meters at a flow rate of 3 m3/s. Estimate the head rise in the sand slurry 
with a flow rate of 3 m3/s. 
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c~le-suction FIGURE 1.1 8 Centrifugal pumps showing casing layouts and flou paths for sin, 
and double-suction. (ITT Industrial Pump Group. Cincinnati. OH.) 



FIGURE 1.20 \'I?\: 01' a pump in\tallation w i t h  r \ \o pumps. showing the drive motor 
:irrangcman1\. (ITT I!-.Lii~\t~.ial Pump Group, C i n c i ~ l l ~ a r ~ .  OH.) 
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FIGURE 1.21 An installation with six double-suction pumps operating in parallel. (ITT 
Indu.rl-ial Pump Group. Cincinnati. OH.) 

,A thl-??-stage axial fan has a diameter of 0.5 m and runs at 1385 rpm. When 
operxing in  a hystem consisting o fa  300-m long duct with a 0.5-m diameter 
( 1 ' =  0.010). the fan generates a flow rate of 5.75 m'ls. Ehtimate the static 
prt'\\~~i.e rise required for each of the three s t a y s .  
In  cwder to supply a very high rate of flow. 375 spm. a group of pu~npa 
~dentlcal to the pump of Figure P1.1 are operated in parallel. How many 
pump3 are needed to operate the group at Q = 375 ppm at the BEP point 
of operation? Develop a graph for the combined performance of this group 
of pumps. 
A double-width centrifugal blower supplies flon. to a system whose resis- 
tance is dominated by the pressure drop through a heat exchanger. The 
heat exchanger has a K-factor of 20 and a cross-sectional area of 1 m2. 
If the blower is generating a pressure rise of 1 kPa. what is the volume 
flo\r. rate (m3/s) for each side of the double-sided impeller? 
A medium-sized pump delivers 1.50 m-'1s of SAE 50 engine oil 
(SG = 0.9351). The pump has a total efficiency of 0.679 and is direct- 
connected to a motor that can supply a shaft power of 25 kW. What head 
rise can the pump generate at this flow and power'? 
The centrifugal fan described in Problem 1.8 must be used to meet a flow- 
pressure rise specification in metric units. Convert the equation for its 
pumping performance into SI units and 
(a)  Estimate the flow rate achievable through a 15-cm diameter duct for 

u.hich the resistance is characterized by K,,< = (fL/D + CK,) = 1.0. 
(b) Develop a curve of Q vs. diameter for 15 cm < D < 45 cm with &, = l .O. 
(c )  Develop a curve of Q vs. K,,, with a diameter of 10 cm and 1 < K,,, < 5. 
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FIGURE P l . 1  Pump performance with a 9-inch impeller runninp at 1750 rpm. 

1.15. Develop a set of performance curves in SI units for the pump data given in 
Figure PI.  1 (Q in m3/hr, H in m, and P in kW). Use these curves to predict 
flow rate, head rise, and required power if two of these pumps are connected 
in series to a filter system with a resistance coefficient of K, = 50.0. Assume 
the diameter of the flow system is 5 cm and neglect other resistances. 

1.16. Estimate the pressure rise of the slurry pump of Problem 1.9 at the stated 
conditions. Compare this result to the pressure rise with water as the 
working fluid. 

1.17. Use the pump performance curves developed in Problem 1.15 to estimate 
the BEP power and efficiency for the SI pump. Estimate the shut-off and 
free-delivery performance. 
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I / standard standard 

FIGURE P1.2 Pump and system arrangement 

1.18. Estimate the Bow delivery of the fan of Problem 1.12 if ti-.? fan is a single- 
width version of the given fan. 

1.19. What flow rate will the pump of Problem 1.15 generare through 100 rn 
of a pipe that is 5 cm in diameter with a friction factor of f = 0.030? 

1.20. One can arrange the three stages of the axial fan of Problem 1.10 to 
operate in a parallel, side-by-side arrangement, delivering rheir individual 
flow rates to a plenum that is connected to a duct. If r h s  duct is to be 
110 m long (f = 0.04), what size must the duct be to ensure a total flow 
delivery of 17.25 m3/s? (Neglect any plenum losses.) 



3 Dimensional Analysis In 
I 

Turbomachinery 

2.1 DIMENSIONALITY 

Recall the study of dimensional analysis in fluid mechanics [see any good under- 
graduate text (White. 1994; Fox and McDonald. 1992) and review as necessary]. 
The concept is linked to the principle of dimensional homogeneity and is absolutely 
central to the ability to correctly dcsign experiments and to extract the maximum 
possible information from a mass of test data. When the concept is applied to 
~urbomachines, it  will provide a greater depth of understanding of performance. 
classification of' machines. and the fundamental rzasons behind the wide configura- 
tional dif'erences i n  machines. The principle 1s paraphrased hcre as: 

If an equation correctly represents a physical ;?iationsh~p between variables in a 
physical process, it  will be homogeneous in din-xnsions. That is, each term will add 
to the other terms only if they are all of like di::i-nsions. 

This is a basic "Truth Tes~" or scrccn to detc:-ii~!ne the fundamental validity of an!, 

cxprcssion. For esarnplc. consider the familiar Bmwulli equation for steady. incom- 
prcssiblc. irrot:ttional (or f'r-ictionlcss) Ilo\v: 

I n  SI ~mits. each term must he i n  N/m2 or P3 :bt'/ft2 i n  BG units). For re\.iew, thc 
relation states: 

(Total or Stagnation pressure) = (Static ~3r Thermodynamic pressure) 

+ ( V e l o c ~ t ~  or Dynamic (2.2) 

+ ( ~ ~ d r o s r a t i c  

where the Total Pressure is the invariant sum a i  the three terms on the right-hand 
side. In a typical flow situation, velocity-2nd hence velocity pressure-may 
increase at the expense of a decrease in static or hydrostatic pressure. Typically, in 
gas flows (such as the fan test), hydrostatic c h a n p  are negligible in comparison to 
the velocity pressure and static pressure variations. That is, one can approximate (or 
neglect) the pgz term, so 
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I n l e t  

Housing 

FIGURE 2.1 Discharge velocity averaged on ths outlet area. 

In the process of adding or extracting fluid energy, a turbomachine changes the total 
pressure of the fluid stream as the Auid passes through the machine. This process 
is the mechanism whereby work is done either on or by the fluid. This change is 
designated as Ap, either Ap, or Ap, (for Total or Static). Thus, changes in p can be 
interpreted as changes in or through a turbomachine: 

What velocity is used? Traditionally, it is the value given by V, = Q/A,,,,,,,,. 
This assumes a uniform exit velocity profile. as shown in Figure 2.1. 

2.2 SIMILITUDE 

The accepted definitions of similarity are dsfined in terms of geometric, kinematic, 
and dynamic properties. Specifically, 

A model and prototype are geometrically similar if all physical or body dimensions in 
all three axes (Cartesian) have the same linear ratio. 

For our purposes, this means that all angles. flow directions, orientations, and even 
surface roughness properties must "scale." 
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The motions of two systems are kinematically similar if similar elements lie at similar 
locations at similar times. 

By including time similarity, one introduces such elements as velocity and 
acceleration-as in a fluid flow problem. Note that for similitude in a kinematic 
sense, geometric similarity is presupposed. In a fluid mechanics sense, kinematic 
similarity leads to requirements in Reynolds Number, hlach Number, and perhaps 
Froude Number. 

Dynamic similarity requires that the additional effects of force-scale or mass-scale 
be maintained between a model and a prototype, presupposing length-scale and 
time-scale. 

For most purposes, the maintenance of Reynolds, hlach, and Froude numbers. 
and perhaps Weber and Cavitation numbers, will be required. Much is said of the 
requirement for maintaining precise similarity when comparing the behavior of 
bodies or machines of different "scale" (size, speed, fluid properties). The real goal 
in comparing is to be able to accurately relate or predict the performance or behavior 
of one body (or machine. or test) from another set of conditions or from another 
situation. To do this, strictly speaking, similitude must be precisely maintained. In 
practice, it is frequently impossible or impractical to achieve these ideal conditions. 
In such cases, it may be necessary to extrapolate or to attempt to achieve or maintain 
the same "regime." Maintenance of the "regime" mighr mean "nearly" thc same 
Reynolds number or roughness is "acceptably" small (perhaps hydraulically smoothi. 
Figure 2.2 (from Emery et al.. 1958) illustrates compressor blade l i f t  or fluid turnin? 
angle, O,,,  versus Reynolds Number with "limited" data. Although this data is well- 
behaved, clearly judgment. experience. and risk are key issues in trying to push such 
information beyond the range of the original data. 

Dimensional analysis is usually performed using either "power products" or the 
I"I-product method. We will concentrate on IT-products. Recall the basic rules. If' 
one has a set of performance variables based on a number of fundamental dimcn- 
sions, the object is to group the variables into products that are dimensionless. thus 
forming new variables or coefficients which will be fewer i n  number than the original 
variable list. The steps in  the procedure are as follows: 

1 .  List and count the isariables (N,). 
2. List and count the fundan~ental units (N,). 
3. Select a number of variables as "primary" (usually. this group consists of 

Nu of the problem variables). 
4. Form IT-products from the primaries plus a remaining variable. Once one 

obtains (N, - Nu) new dimensionless variables, the variable list is reduced 

by Nu. 
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Reynolds Number, ~ e $ l  o4 

FIGURE 2.2 Variation of blade fluid turning anple with Reynolds Number. 

As an example, consider the lift force on an airfoil. The variables are 

F,-lift force (N) 
p-air density (kg/m3) 
c, bb-chord and span of the airfoil (m) or. 
A-airfoil area: A = c.b (m') 
p-viscosity of the air (kg1m.s) 
V-air velocity (rn/s) 

Following the process outlined above, the steps are 

Step 1. Variables: F,, p, A, p ,  V (N, = 5) 
Step 2. Units: kg.m/s2, kg/m3, m2, kg/m s. mts M,L.T (Nu = 3) 
Step 3. Choose Primaries (3) NOTE: These three must not be able to form 

a dimensionless product by themselves. Choose V and A (since V 
contains time and A does not) and choose p to go with them because 
it contains mass while V and A do not. 

Step 4. Form H-products: N, - N, = 2; should develop 2 products. 
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Paper 

FIGURE 2.3 Liir on an airfoil 

Sol\? for ths exponents according to the basic rule that n is dimensionless; 
therefore. the right-hand side must also be dimensionless. e . f  n.  = pa Vh k FL 
yields the unit equation: 

Time: T = T - ~ x T - ' :  0 = - b - 2  or b=-2  

\ lass:  hI = h l " x ~ ' :  O = l + a  or a = - l  

Lenzth: L =L- '"xL"L"xL~;  0 = - 3 a + b + 2 c + l  or c = - l  

This is usually written as the lift coefficient C, as 

where the 112 is "conventional" in terms of 1/2pV2 as the velocity pressure in 
Bernoulli's equation. 

The second n-product is 
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The unit equation becomes 

~ 0 ~ 0 ~ 0  = M ~ L - ~ L ~ T - ~ ~ ~ c ~ I ~ - ~ ~ - I  

Mass: O = a + l ;  a = - 1  

Time: 0 = -b- 1: b = -1 

1 
Length: 0 = - 3 a + b + 2 c - 1 ;  c = - -  

2 

Therefore, 

This is usually written as a Reynolds Number, where 

More conventionally. A"? is replaced by C and v = p/p is the kinematic \.iscosit! 

2.4 DIMENSIONLESS PERFORMANCE 

One can now move directly to performance of turbomachines. Th2re are many ways 
to choose the variables (e.g., the head H, pressure rise Ap, or frequently pH to 
replace H) so that going through the analysis will not result i n  n unique set of 
dimensionless variables. 

To start, one can use 

gH-head variable, m?/s2 
Q-volume flow rate, m3/s 
P-power, Watts W = kg.m2/s3 
N-speed, s-I (radiansls) 
D d i a m e t e r .  m 
p-fluid density, kg/m3 
p-fluid viscosity, kg1m.s 
d/D-dimensionless diameter ratio 

d/D is included as a reminder that geometric similitude is imposed to eliminate 
considerations of shape or proportion. 

There are three basic units involved: mass, length, and time (hl,  L, T as before). 
so one can expect to reduce the seven variables shown above to four. Choosing p. 
N, and D as primaries, the following n-products are generated: 
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Look at IT, = pa Nb Dc Q 

The unit equation is MnL"T" = MaL-'"~- 'L'~- 'T- '  

Mass: 0 = a  

Time: 0=-b -1 ;  b = - 1  

Length: 0 = - 3 a + c + 3 ;  c = - 3  

This is usually written as a "How coefficient" @: 

Now. look at the second IT-product. 

The unit equation is 

MULOTO = M ~ L - ~ L I T - ~ L L ~ ~ ~ - ~ T -  

Mass : 0 = a + I; a = -1 

Tirne: 0=-b-1;  b=-1  

Length: 0=-3al-c-1;  c = - 2  

and one can write 
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This is usually written as 
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n, is analyzed in the same manner and is found to be 

usually written as a "head coefficient" v: 

II, becomes 

usually written as a "power coefficient" 5: 

This gives four new variables: 
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These can also be written in function groups as 

where L/D is included as a reminder of geometric similitude. If one hypothesizes a 
"weak" dependence on Re (e.g., look at f vs. Re, for large Re with moderate relative 
roughness. on a Moody diagram). one can write. approximately: 

as a description of turbomachine performance. This is really compact. For con\.e- 
nience. resrtll the concept of the efficiency defined as: 

Net power input to the fluid 
'l,- = 

Power input to the shaft 

Then. 
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Thus, a more complete description is 

Having developed these relationships, what can one do with them? Go back to 
the characteristic curves generated in the discussion of testing in Chapter 1. P and 
Ap, were plotted as functions of Q. Take the known values of p, N, and D and 
convert the data tables of P, Ap, and Q to @, v, 6 ,  and qT. If one plots these. the 
dimensionless representation of the fan's performance is obtained. The advantage is 
that the v-$, 54, and qT-$ curves can be used to generate an infinite number of 
gH-Q, P-Q, and qT-Q curves by choosing any values of p, N, and D we %,ant as 
long as we maintain geometric similitude. The major restriction lies in the assump- 
tion of weak Reynolds Number dependence (and Mach Number dependence. which 
will be discussed later). 

Consider an example. We test a fan such that 

0 < Q < 100 m3/s 

0 < Ap, < 1500 kPa 

with design point performance of Q = 80 m3/s; Ap, = 1000 Pa; P = 90 kW. ~vhers 

At the design point (or system intersectloperating point if correctly matched). 

Ap, = 1000 Pa, N = 103 s-' 

The normalizing factors to be used with the dimensionless variables are formed as 
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and @. V. 6, and q, are calculated as 

KO\\. what would this fan do at a different size and speed? For example: 

D = 30 inches = 2.5 ft 

N = 1800 rpm = 188.5 s-' 

pg = 0.074 1bf/ft3 

p = 0.0023 slugs/ft3 

N D '  = 2915 fti/s 

~ N ' D ?  = 510.8 lbf/ftq 

~ N ' D ~  = 1.503~ 10" Ibf - f ~ / s  

N o u  u.2 0. W. and 6 to calculate Ap,. Q, P. 

Q = ~ ( N D ~ )  = 1325 ft3/s = 79,252 cfm 

Ap, = v ( p ~ 2 ~ %  28.1 Ibf/ft2 = 0.20 psi = 5.4 InWG 

P = j ( p ~ 3 ~ ' )  = 41,950 Ibf - ft/s = 76.3 HP = 56 kW 

Q*P-~ = (1325 ft3/s)(28. 1 lbf/ft2) q. =--- 
P 

= 0.890 
4 1950 Ibf - ft/s 

According to the scaling rules, q, should be conserved in the resizing process, so 
this lasr calculation serves as a check on the other results. 

As an additional check, one should examine the relation between the model and 
prototype Reynolds numbers. Using a standard value for v (v = 0.000161 ft2/s), one 
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to form five n-products. The same three variables used before are appropriate: pol, 
N, and D. 

The onlv change is to stipulate the total or stagnation inlet density because of - 
the variability of density expected through the machine. 

Form the n s  as 

The routine examination of the non-dimensionality of each l7 product gives the 
results as 

mass flow coefficient 

power coefficient 

work or head coefficient 

Mach Number 

Reynolds Number 

Thess can be used as they stand or they can be rearranged using isentropic flow and 
perfect gas relations to form the more conventional variables used for high-speed 
compressors and turbines. One can use plpr = constant for isentropic flow for a 
perfect gas with p = pRT. Note that q2 = yRT,, so that 

A"0, = cpATo = ~ ~ ( ~ 0 2  - T O I )  

One can combine n3 and n, with this result to form 
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Note that cJyR = yl(y - I), which is a non-dimensional parameter already. Dropping 
the y expression and the '1' from the expression yields 

Further, since (TO2/T,,,) = (poz/pol)(Y- I)* for isentropic flow. one can write \y as 

This is the conventional "head" variable for high-speed compressors 
For the flow rate variable, again combine parameters so that 

to form a new parameter. Introducing a , ,  = (yRT,,l)u2, p,,, = p,,,/RT ,,,. one can write 

or in final form. having dropped the y out of the parameter 

This process yields the traditional forms of the dimensionless performance variables 
for high speed gas compressors and turbines as 



56 Fluid Machinery: Performance, Analysis, and Design 

Traditional use of these compressible parameters frequently involves a simplified 
form that rests on the assumptions that ( I )  there is negligible influence of Reynolds 
Number, (2) the impeller diameter is held constant, and (3) there is no change in 
the gas being used (e.g., air as a perfect gas). Under these assumptions, R, y, Re, 
and D are dropped from the expressions, leaving a set of dimensional scaling 
parameters 

The form for the head-flow characteristic curves for these compressible flows is very 
similar to that introduced for the low-speed, low-pressure machines. Figures 2.5 and 
2.6 show the '3' vs. @ curves of a compressor and a high-speed turbine, using the 
Mach Number to differentiate the curves relating to different values of fixed speed. 
Qualitatively, the most notable difference is seen in the very sharp steepening of the 
characteristics at the highest flow rates. Here. the compressible flow has reached a 
local sonic velocity in the machine so that the mass flow becomes choked at Ma = 1.0 
(Anderson, 1984). 

2.6 SPECIFIC SPEED A N D  DIAMETER: 
CORDIER ANALYSIS 

The scaling rules developed earlier, whether the conventional low-speed rules or the 
compressible similarity laws, can be used rather formally to examine the influence 
of size change and speed change on machine performance. Several examples were 
produced so that these changes could be examined in a somewhat isolated fashion. 
What seemed to be missing from these studies was a systematic way to vary more 
than one parameter at a time in order to change both head and flow performance a 
specified amount. Consider a constrained change in "size" such that, using a scaled 
up version of a fan, one can generate specified values for pressure rise and volume 
flow rate. As in a previous example, where I$ = 0.453 and y = 0.055. one can require 
20,000 cfm at 1 InWG pressure rise in a 30-inch duct with the fan sized to fit the 
duct, e.g., D = 30 inches. Then, 

Solving for N, one obtains 

N = 47.2 s-' = 45 1 rpm 
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What is the pressure rise? (p = 0.0023 slups/ft3) 

Ap, = p ~ 2 ~ ' y  = 32.0 lbfift' (0.055) = 0.340 I n H . 0  

and 

P = ~ N ~ D ~ <  = 2.36 x 10'(0.0779) Ibf - ft/s = 1.2 hp 

Previously, i t  was required that Ap, = 1 IniVG. One has the wrong size and speed! 
It is now necessary to constrain Ap, and Q. so impose both conditions, which results 
in two equations in two unknowns: 
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FIGURE 2.6 Turbine characteristic curves. 

This yields 

by equating through N: 
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Go back to N = Q/D3@ so that 

This states that if one wants a specified Ap, and Q with a known p from a fan 
with a given $, y, and q, one can use these equations to specify compatible values 
of N and D. For the example: 

Q = 20,000 cfm 

Ap, = I InH-0 = 5.204 lbf/ft2 

with pg = 0.074 Ibf/ft3, one obtains 

N = 1025 rpm 

D = 1.91 ft 

What has been done is to derive two new dimensionless variables: 

Most importantly, these two variables are usually specified at best efficiency. Select- 
ing as done above preserves the operation at BEP so i t  is an optimized "size" change. 
That is, 

1. Scale to a Performance Specification: Ap, Q, p 
2. Use N, and D, at q, ,, 
3. Arrive at the optimum N and D 

This requires geometric similarity and reasonable Re and Ma. 
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2.7 THE CORDIER DIAGRAM 

In the 1950s, Cordier (1955) carried out an intensive empirical analysis of "good 
turbomachines using extensive experimental data. He attempted to correlate the dat 
in terms of N,, D,, and q T  using APT rather than Ap, in forming the dimens~onles 
parameters. He found (subject to uncertainty and scatter in the data) that turboma 
chines, which for their type had good to excellent efficiencies, tended to group alon 
a definable curve when plotted with their values of N, vs. D,. He further found t h ~  
the efficiencies of these machines grouped into a definable, if rough, curve as 
function of D,. Machines whose efficiencies could be classified as poor for a pai 
ticular type of device were found to scatter away from the locus of excellent machine 
in D,-N, coordinates. 

Cordier correctly reasoned that 75 years of intense, competitive developn~ent ( 
turbomachinery design had led to a set of "rules" of acceptable design practice, an 
that his curve was, in effect, a practical guideline to both design layout and effectk 
selection of good machinery for a specified purpose. This concept was furthc 
developed by Balje (1981). The specified purpose is, of course, stated in terms ( 

Ap, , Q, and p. The Cordier concept. with modifications and amplifications, 
illustrated in Figure 2.7a. Cordier's original N,-D, and qrD, curves are shown alon 
with the definitions involved. In addition. two "boxes" covering the good data rang 
(taken from Balje, 1981) are roughly superimposed on the curve, to indicate 11- 

type of accuracy or margin associated a ~ t h  the curve. Finally, the two straight I ~ n c  
(in log-log form) that lie within the bounds of accuracy of the orginal form a1 
chosen as an approximation to the Cord~er curve. 

There are standardized techniques available In many spreadsheet and matt 
graphics software packages and a brief note on the equations or curve fits shown 
in order (see, for example, Holman, 1989). If one assumes that the data IS reasonab 
fittable by an equation in the form 

then in log-log form, one can rewrite as 

logy = loga + blog x (or, NS = a ~ , ~ )  

One can then fit this form to Balje's box of data. 

So that, in the upper box, 
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D,, Specific Diameter 

FIGURE 2.7a Cordier's correlation of S, and D, for high sfticicnc! turbomachines. 

N, z 9.0 D,-'Io3 (for D, 5 2 . 8 )  (2.39) 

The lower box is similarly fitted to yield 

N, r 3.25 DS-' '" (for D% 2 7.8) (2.40) 

The efficiency band sho~vn on Figure 2.7b represents the best total efficiency 
that can reasonably be expected. One can curve-fit this band to a piecewise set of 
simple equations and define qTx as an upper limit value, according to 

q,_' =0 .149+0.625Dc-0 .125~, ' ,  f o r D , < 2 . 5  

qT-C = 0.864+0.0531 D, -0.0106 D,'. for 2.5 I D ,  I 5  (2.41) 

qT-' = 1.1285 - 0.0529 DS, for 5 < D, I 2 0  
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D,, Specific Diameter 

FIGURE 2.7b Correlation of total efficiency with specific diameter. 

As these efficiencies are, for a given type of turbomachine, rather high, they ma! 
be modified to reflect the approximate moderating influence of "size effect" (lo\\ 
Reynolds Number) and "cost effect" (a larger than ideal clearance gap, for example. 
due to-out-of-roundness or poor concentricity) by de-rate or reduction factors. One 
can assume that the losses scale roughly with Re = \-D2/v and that Cordier's best 
machine values were based on quite high Re values (10:). Then losses can be scaled 
with the factor (107/Re)0 l 7  (see Koch and Smith, 1976). Further assume an approximate 
scaling of loss with radial clearance (tip gap for axial machines and shroud gap for 
centrifugals as shown in Figures 2.8 and 2.9). (See, for example, Wright, 1974; Wright. 
1984c.) Thus, one can model losses as scaling with g(6 ). 6, = 610.001 where 6 = ED 
These two effects are included in loss estimation according to 
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FIGURE 2.8 Axial fan assembly with clearance detail. 
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FIGURE 2.9 Centrifugal fan impeller with clearance detail. 
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The underlying assumptions are the "excellent" Re value of lo7 and the "excel 
lent" clearance ratio of 6 = 0.001. Small size will influence both parameters tc 
decrease efficiency, and low-cost equipment will inevitably require large relativt 
clearances. 

These approximate relations will allow us to make simple but reasonable esti 
mates of performance. Understand that these curves and the concept itself are nc 
the results of a rigorous analysis but merely represent a way of unifying turbom: 
chinery design and performance into a very useful and revealing form. 

To summarize at this point, one now has a set of rules for scaling the performanc 
of a turbomachine under the restrictions of geometric similitude, subject to "accept 
able" changes in the Reynolds number and the Mach number. They are 

0 = - - - @(Re, Ma) 
ND' 

,+,=--- gH - ' I = v($. Re. ~ a )  N?D' ( N ? D 2 )  

P 5 = ------ = ((0. Re, Ma) 
(pN3D5) 

(vgHQ) AP Q @v 11 = ------ = --.L-- = q(@, Re. ~ a )  = - 
P P 5 

or in the common compressible forms 

2.8 SUMMARY 

This chapter has introduced the concepts of dimensionality and reviewed the ru 
of homogeneity of units. The basic tenets of similitude were re-examined to defir 
the rules of similarity. The need for geometric, kinematic, and dynamic similari~ 
was examined through examples, and the basic rules were discussed in terms ( 



Dimensional Analysis In Turbomachinery 65 

fluid flow. The method of n-products was reviewed and discussed. Se\tral examples 
illustrated the techniques and rules involved and some of the potential difficulties 
were discussed. 

Additionally, this chapter restructured the fundamental geometric and perfor- 
mance variables for turbomachines using the method of II-products. The dimension- 
less flow, head rise, power, and efficiency parameters were developed as @, y, 5. 
and q T  These were used to generalize the performance characteristics of a fluid 
machine to illustrate the power and value of the dimensionless representation. These 
results were extended to include the traditional dimensionless variables for high- 
speed machines operating with significantly compressible flows. 

The concepts and definitions of specific diameter and specific speed, N, and D,, 
were developed as a natural outgrowth of constrained scaling of machine perfor- 
mance. Finally N,, D,. and q, were combined into the classic Cordier diagram, and 
algorithms interrelating these variables were introduced. 

2.9 PROBLEMS 

2.1. Repeat Problem 1.1 with the pump running at 1200 rpm. Calculate the 
specific speed and diameter at BEP. 

2.2. Using the pump data from Figure P1.1, what speed would provide a 
shutoff head of 360 ft? For what speed would the bhp at best efficiency 
be 0.55 hp? \That speed would yield a flow rate at peak efticiency of 
150 gpm? 

2.3. A pump that is geometrically similar to the pump of Problem 2.1 has an 
impeller diameter of 24 inches. What will the flow rate. head. and bhp be 
at the point of best efficiency'? 

2.3 A variable-speed wind tunnel fan provides a flow rate of 150.000 cfm 
against a resistance of 200 Ibf/ft2 when i t  is running at 1500 rpm. What 
flow and pressure rise will the fan develop at. 2000 rpm? At 3000 rpm? 

2.5. A centrifugal air compressor delivers 32.850 cfm of air with a pressure 
change of 4 psi. The compressor is driven by an 800 hp motor at 3550 rpm. 
(a) What is the overall efficiency? 
(b) What will the flow and pressure rise be at 3000 rpm? 
(c) Estimate the impeller diameter. 

2.6. A commercially available fan has BEP performance of Q = 350 ft3/s, 
Ap, = 100 Ibf/ft2. and q, = 0.86. Density is p = 0.00233 slugs/ft3, and 
speed and size are given as N = 485 s-' and D = 2.25 ft, respectively. 
(a) At what speed will the fan generate 20 Ibf/ft2 at BEP? 
(b) What will the flow rate be at that speed? 
(c) Estimate the fan efficiency at that speed. 
(d) Calculate the required motor horsepower. 

2.7. Assume that the power required to drive a pump is a function of the fluid 
density (p), the rotational speed (N), the impeller diameter (D), and the 
volume flow rate (Q). Use dimensional analysis to show that the power 
coefficient is a function of the flow coefficient P' = f(Q) and 6 = QMD3. 
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FIGURE P2.12 An Allis-Chalmers double-suction pump. ( I T T  Industrial Group. Cincinnm 
OH.) 

2.8. If the pressure rise of an axial fan is a function of density (p), speed (N I. 
and diameter (D), use dimensional analysis to show that a pressure ris? 
coefficient, v, can be written as 

2.9. An axial fan with a diameter of 6 ft runs at 1400 rpm with an inlet air 
velocity of 40 ft/s. If one Nns a one-quarter scale model at 4200 rpm. 
what axial inlet air velocity should be maintained for similarity? Neglect 
Re effects. 

2.10. Use the method of Il-products to analyze centripetal acceleration. With 
a particle moving on a circular path of radius R at a speed of V, show thar 
the acceleration (a) is a function of the group V2/R. 

2.1 1. Repeat Problem 2.10 with angular rotation N (radiansls) substituted for V. 
2.12. Use the simple scaling laws to relate the performance of the 12.1- and 

7.0-inch diameter impellers (Figure P2.12). What is wrong? Can you find 
the appropriate exponent for D (not 3) in the flow scaling formula thar 
correctly relates the two impellers? (HINT: Try some cross plots at points 
related by simple head scaling, and look for an integer exponent other 
than 3 for the diameter). 
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Q, Flow Rate, gpm 

FIGURE P2.15 Variable-speed pump performance curve. 

2.13. Explain and discuss the results of Problem 2.12 in terms of geometric 
features. Use dimensional analysis to support your discussion. 

2.14. A pump is driven by a two-speed motor having speeds of 1750 rpm and 
1 185 rpm. At 1750 rpm, the flow is Q = 45 gpm, the head is H = 90 ft, 
and the total efficiency is q = 0.60. The pump impeller has a diameter of 
10 inches. 
(a) What values of Q, H, and q are obtained if the pump runs at 1185 

rpm'? 
(b) Find the specific speed and the specific diameter of the pump (at 1750 

rpm). 
2.15. A pump curve and a system curve are show in Figure P2.15. The pump 

is operating at N = 3550 rpm. If one reduces the pump speed gradually, 
at what speed will the volume flow rate go to zero? 

2.16. A pump running on a two-speed motor delivers 250 gpm at 1 14 ft of head 
pumping water at 1750 rpm at 10 hp. The low-speed mode operates at 
1150 rpm. Calculate flow rate, head rise, and power at the low speed 
(Note: q = 0.72 at 1750 rpm). 
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2.17. Using the information in Figure P2.17, construct the performance curves 
of a vane-axial fan with D = 2.5 m, N = 870 rpm, and p = 1.20 kg/m3. 
(a) If this fan is supplying air to a steam condenser heat exchanger with 

a face area of 10 m2 and an aerodynamic loss factor of K = 12, find 
the operating point of the fan in terms of Q (m3/s), ApT (kPa), and 
P (kW). 

(b) Can this fan be used with two such heat exchangers in series? With 
three? 

2.18. We want to use the fan represented in Figure P2.17 as an electronic cooling 
blower with a personal computer. Space available dictates a choice of fan 
size less than 15 cm. Scale a 15-cm fan to the proper speed to deliver 
0.15 m3/s of air at q, > 0.55. 

2.19. A 0.325-m diameter version of the fan of Figure P2.17 runs on a variable- 
frequency speed-control motor that operates continuously between 600 
and 3600 rpm. If total efficiencies between 0.60 and 0.40 are acceptable, 
define the region of flow-pressure performance capability of this fan as a 
zone or area on a Ap, vs. Q plot. What maximum power capability must 
the motor provide? 

2.20. .A ship-board ventilation fan must supply 150 kgls mass flow rate of air 
to the engine room with p = 1.22 kg/m3 and a static pressure rise of 1 
Wa. Select the smallest size for this fan for which the required power is 
less than 225 kW. Describe the fan in terms of the design parameters. 

2.21. .A three-speed vane axial fan, when operating at its highest speed of 3550 
rpm, supplies a flow rate of 5000 cfm and a total pressure of 30 lbf/ft2 
~xith p = 0.00233 slugs/ft3 (lower speeds of 1775 and 1175 rpm are also 
available). 
(a) Estimate the size and efficiency of the fan at 3550 rpm. 
(b) Estimate the flow rate and pressure rise at the lower speed setting of 

1175 rpm. 
(c) Use the Reynolds numbers for the fan at the three speeds to estimate 

the efficiency at the lower two speeds. 
2.22. Show that v, = v, - ( 8 / ~ ~ ) $ ~  and state your assumptions. 
2.23. Use the non-dimensional performance curves given in Figure P2.17 for a 

vane axial fan to generate new curves for the static pressure and static 
efficiency performance of this fan. Determine the operating point for 
maximum static efficiency and estimate the free delivery flow coefficient 
for the fan. 

2.24. Use the curves of Figure P2.17 to specify a fan that can supply 10 m3/s 
of air with a static pressure rise of 500 Pa (p = 1.01 kg/m3). Estimate the 
required power and total pressure rise at this performance. 

2.25. The pump of Problem 1.1 (Figure P1.l) can be used in a side-by-side 
arrangement with other identical pumps (with suitable plumbing) to pro- 
vide an equivalent pump of much higher specific speed. 
(a) Generate a table of H, P, and q for a set of five pumps in parallel, and 

calculate the specific speed and diameter of this equivalent "pump." 
(b) Sketch the "plumbing" arrangement for the layout. 
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FIGURE P2.17a Dimensionless performance of  a vane-axial fan. fan c h a r w e n s t ~ c  
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FIGURE P2.17b Dimensionless performance of a vane-axial fan, efficient! a w e .  
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2.26. For the fan developed in Problem 2.17, if the condenser has a rectangular 
face 3 m by 5 m and a K-factor of 20, size two fans to operate in parallel 
to cool the condenser. State size, speed, pressure rise, flow rate per fan, 
and total power required. 

2.27. A small centrifugal pump is tested at N = 2875 rpm in water. It delivers 
0.15 m3/s at 42 m of head at its best efficiency point (q = 0.86). 
(a) Determine the specific speed of the pump. 
(b) Compute the required input power. 
(c) Estimate the impeller diameter. 
(d) Calculate the Reynolds Number and estimate the efficiency according 

to Cordier and the Re correction (assume the clearance is small). 
2.28. A pump is working with a liquid slurry of sand and water with a density 

of 1250 kg/m3 and a kinematic viscosity of 4.85 x The pump was 
tested in pure water with a BEP performance pressure rise of 150 kPa at 
2.8 m3/s with 11 = 0.75. Estimate the pressure rise and efficiency with a 
slurry flow rate of 2.8 m3/s. 

2.29. A pump running on a two-speed motor delivers 60 m3/hr at a head of 35 
m of water at 1485 rpm and 8.0 kW. The pump efficiency is q = 0.72 at 
the high speed. At the low-speed setting, the pump operates at 960 rpm. 
Estimate flow rate, head rise. and power for low-speed operation. 



3 Scaling Laws, Limitations, 
e 

and Cavitation 

3.1 SCALING O F  PERFORMANCE 

The examples and development thus far have shown how to use 4 and with to 
change the level of performance of a given design through changes in speed, diameter. 
and density. This was done by first calculating 0, v, and 5 from a known machine, 
followed by recalculating Ap, Q, and P by choosing new values of p. N, and D. 

A more common procedure for scaling in\.olves rearranging the low-speed non- 
dimensional parameters given above into ratios of the physical parameters by remem- 
bering that. with a geometrically similar change. 4, v, and 5 will he invariant (subject 
to restrictions or changes in Re and Ma, which ivill be discussed later). For example. 
for a model pump of known dimensions tested with performance curves i n  a given 
fluid, one has a complete description of the model in terms of p,, N,, Dm, Q,, P,, 

and q,. 
The "m" subscript identifies the variables of the model. To predict the perfor- 

mance of a full-size prototype pump that nia! be significantly larger than the model. 
one can charnctcrizc thc prototype by p,. X.. D, and Ap,. Q,,. and P,. One can 
calculate 

because 41 does not change if geometric sim~litude is maintained. The equation can 
be rearranged as 

This states that Q changes linearly with speed ratio and with the third power of 
the size ratio (diameter ratio). This relation is called a scaling rule or a "fan law" 
or "pump law" and can be used directly for quick calculation of scaling effects on 
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performance. For example, if one doubles speed, one doubles the flow. If one halves 
the speed, one halves the flow. Double the diameter, and obtain 8 times the flow; 
halve the diameter, and obtain 118 of the flow. The same thing can be done with 
pressure or by writing (with invariant when geometric similitude is maintained): 

This states that pressure rise varies linearly with density and parabolically with 
speed and diameter. For the power: 

Recalling that qT is invariant with the scaling assumption. one adds, for completeness 

These last relations are the rules or laws of scaling for low-speed fans or liquid 
pumps. 
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As an example, consider a turbine with a head drop of 1.5 m, an efficiency of 
0.696, and a volume flow rate of 55 m3/s. The full-scale turbine is intended to operate 
in warm sea water (p = 1030 kg/m3) while moored in the gulf stream south of 
Florida's east coast. It runs at a speed of 98 rpm and has a full-scale diameter of 
4 m. To devise a scale model test with a power extraction of 10 kW and a model 
running speed of 1000 rpm in fresh water (p = 998 kg/m3), determine the proper 
model diameter and calculate the required head and flow to the model turbine to 
maintain similarity. 

The turbine can be scaled to model size using the similarity rule for power 
(Equation (3.10)) 

since the densities and speeds are known. That is, 

where the original full-scale power, P,, is given by 

Then the diameter ratio for the model is 

Therefore, the proper diameter is Dm = 0.444 m. Note that the R, values are both 
very large, with R, = 1 x loY for the prototype and R, = 1 x loX for the model. The 
assumption of equal efficiencies for the two is a very reasonable one in this instance. 
It remains to calculate the head and flow requirements for the model. These are 
estimated directly from the scaling laws as 

and 
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FIGURE 3.1 Mach Number limitations on testing and scalins 

3.2 LIMITATIONS O N  SCALING 

What about Reynolds Number and Mach Number limitations? The AMCA (A:: 
Movement and Control Association) and ASHRAE (the American Society of Heai- 
ing, Refrigeration, and Air conditioning Engineers) state in their jointly issued testins 
standard (ANSVAMCAIASHRAE) Standard 210-85 (AMCA, 1985), "Laborator! 
Methods of Testing Fans for Rating", and AMCA Publication 802-82, "Establishins 
Performance Using Laboratory Models" (AMCA, 1982), that the influence of Re is 
to be neglected. That is, use the fan laws with q, = q,, subject to the restriction; 
The Reynolds Number for the model must be greater than 3 x loh and the mods; 
must be at least 35 inches or 0.900 m in diameter (or 1 6  the size of the full-scals 
prototype, whichever is larger). For smaller full-scale equipment, the model is th: 
prototype. Fan Reynolds Number is Re, = ND2/v. 

In the same publications, Mach Number restrictions are based on a comparison 
of the model and prototype "tip speed Mach numbers", M,, where M, = xNDI(yRT)' ". 
where N is in s-I units; y is the ratio of specific heat; R is the gas constant; T is ths 
absolute temperature at the fan inlet; (yRT)Ic is the speed of sound; and nND160 is 
the "tip speed" of the fan (if N is in rpm). The required relation between M,, and 
M,, is given graphically in Figure 3.1. That is, the model M, must lie between values 
as given by: 
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MI,,, = 0.200 + 0.857 Mlp (upper limit) (3.12) 

M,,, = 1.167 -0.213 Mlp; MI,, 20.183 (lower limit) (3.13) 

In addition. corrections for compressibility effects on flow, power, and pressure rise 
(but not efficient!.) are permitted and specified by the standards. These will be 
discussed i n  a later section. 

There are other standards for compressors [see, for example, ASME Power Test 
Code PTC- I0 (ASME. 1965)l where efficiency can be scaled with Reynolds Number 
according 10: 

LI. I 

(centrifugal) 

Provided Re,,, 2 I Oi (usin9 tip speed. Re = ND'IV). 
For axial tlou machines. scaling is done according to 

. for Re 2 10' 

For both r!,pes of compressors, y can be adjusted according to 

with no correction on @ or 6 .  A review and analysis on compressor and fan efficiency 
scaling is available (Wright, 1989). In that work, a method is suggested for efficiency 
scaling according to 

where f is the Darcy friction factor. The influence of both Reynolds Number and 
surface relative roughness (EJD) are included in estimating the losses of a prototype 
versus a model machine. The method has been tested against centrifugal compressor 
data, but i t  has nor yet been evaluated for axial machines. For centrifugal machines, 
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the appropriate Re can be based on the axial outlet width, w,, as the length s 

Re, = pNDw2/p. 
This method is very similar to the European ICAAMC (International ( 

pressed Air and Allied Machinery Committee) method (Casey, 1985) given b! 

The subscript "fr" refers to "fully rough" conditions at high Reynolds Numbc 
a given relative roughness. The ICAAMC method is very empirical and is not cl 
related to the physics, particularly in the use off,, The ICAAMC also recomn 
adjustments in 41 and y according to: 

These relationships are heavily evaluated against experimental compressoi 
(Strub et al., 1988; Casey et al., 1987). The ICAAMC equations are also limi. 
centrifugal machines but show considerable promise that they can be generali, 
cover axial fans, compressors, and pumps, as well as centrifugal fans and p 
through the choice of an appropriate form of Reynolds Number. 

Finally, it is important to remember that the scaling of performance. partic! 
efficiency, according to changes in Reynolds Number is a subject of ongoins 
troversy and is not fully agreed upon in the international turbomachinery comn- 
at this time. 

A scaling rule for pump efficiency that has universal acceptance is also lac 
At this time, the "best" or most commonly used rule is one developed by M 
(Moody, 1925) 

dating to about 1925. The inference from the work of Kittredge (1967) is that 
is really implied is the form 
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which is very similar to the PTC-10 compressor scaling rules. Uncertainty about the 
exponent, however, is the major problem, as Kittridge quotes some 17 different 
scaling rules with exponents ranging from approximately 0.1 to 0.45. The methods 
date back as far as 1909. 

ASME PTC-8 (ASME, 1965) states that "results extrapolated from model tests.. . 
are beyond the scope of the code." 

A few examples of efficiency scaling are helpful in understanding what the 
controversy is all about. Suppose one tests a pump in model size that has a Reynolds 
Number of 10'. The full-scale machine will operate at a Reynolds Number of 10'. 
and one wants to estimate the increase in efficiency for the full scale from the 
measured model efficiency of q, = 0.80. Using the Mood!, Rule as 

i f  n = 0.25, q, = 0.887, which is a very substantial impro\~ement. On the other hand. 
if one uses a conservative scaling exponent, n = 0.1, efficiency is predicted as 
q, = 0.841. Using n = 0.45, q, = 0.929. The results indicate potential gains in 
efficiency from about 4% up to nearly 13%. This broad range of results is unaccept- 
able, particularly since there is great temptation to take commercial advantage of 
using the larger exponents to predict really superior perfnmimci.. A long history of 
commercial manipulation of efficiency scaling or "size effect" has Icd to a widespread 
feeling of healthy skepticism about scaling and to the adoption ot'evcessively restric- 
tive rules, including the AMCA statement on total restriction or no scaling at all. 

3.3 COMPRESSIBILITY CORRECTIONS 

When working with fans and compressors, one is workng ~ i r h  a fluid that i l  
compressible (typically air, with a ratio of specific heat ;/ = 1 . A ) .  Thus. one must 
worry about changes in density as the flow passes through the turbomachine. Fol- 
lowing the AMCA standards (210-85 and 802-82), consider all tsst data and scaled 
performance to be incompressible as long as Ap, = 4 In\VG or about 20.8 Ibflft'. 
This is about 1% of typical atmospheric pressure, and an isothernial or isentropic 
calculation indicates a negligible change in density. 

Above the 4 InWG level, however, density change can begin to have a significant 
effect on measurement of Q, Ap,, and P. What the standards do is to provide an 
"approved" method of both correcting test data to equivalent inconlpressible model 
performance, and predicting full-scale prototype performance from the incompress- 
ible data. The procedure uses a polytropic compression analysis as outlined in 
Chapter 1 and derived in the standards mentioned earlier (as \ye11 as in any good 
thermodynamics text). In general, a compressibility coefficient, I;,. is calculated, and 
test data can be converted to equivalent incompressible values according to 
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 APT^ =  APT (3.26) 

where the "i" subscript identifies the equivalent incompressible variable. k, is g i \ w  
by the following equation: 

Here, p, is the barometric pressure and p2 - p, = Ap, where these gage pressures 
measured are converted to absolute values for the thsrmodynamic calculation (usu- 
ally p,,,,, is zero). n is the polytropic exponent related to the isentropic pressure 
exponent y, the ratio of specific heats (y = 1.4 for air). n is established by: 

as noted in Chapter 1. 
When scaling model performance directly from test data up to the condirion~ 

for a prototype, one can recalculate the compressibility coefficient. Use the "m" 
subscript for models and the "p" subscript for the full-scale prototype as before anc: 
the k, values and the "as-tested" model performanc? Then, 

Here, q, = q,, is used in both k, calculations. Nots that for fully incompressible 
model data, k,, = 1.0 simplifies these relations so that Q, Ap, and P are proportiona 
to l.O/k,, 2 1.0. That is, if the prototype is going to operate at high Mach Numbe 
or high pressurehigh speed, then output (Q, Ap,) \\-ill be significantly higher rhai 
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expected from the simple incompressible scaling. Typically. a srnaller than expected 
fan might do the job. 

Consider the example of a model test such that 

y = 1.4. p,, = 0.0023 slugs/ft'. PI,, = 37. l hp 

Q,,, =10,00Ocfm, '7 T,l, =0.85 

Ap,,,, =20InWG,  p, ='I16 lbf'ft' 

Hers. the data is scaled to a prototype for which 

Since Ap,,,, > 20  InWG, look at the equivalent i~lcompressihle niodel perforrnance. 
assuming p, is zero. Then. 

n - i  
~ 2 . 9 7 5 ;  ---- =0.3361 

ri - 1 n 

and 

Q ,  = 0.9840 x 10,000 cfm = 9840 cfm 

Ap,, = 0.9840 x 20 InWG = 19.68 InWG 

Now. a new value of k, is needed for the prototype: k,,. Use T,,,, = q,, and an 
incompressibly scaled Ap,, to calculate k,, as follows: 
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A ~ ~ ,  = 20 I ~ W G ( I ) ( ~ ) ~ ( ~ ) ~  = 320 InWG 

Now, 

p, + p, = (21 16+ 1665) lbf/ft2 = 3781.3 1bf/ft2 

p, + p, = 21 I6  lbf/ft2 (assuming p, = 0) 

Then, 

Finally: 

0'9840 = 193,297 cfm Q, = 10,000 cfm x (2)(2) - 
(0.8145) 

- 0 n x ( 1 ) ( 2 ) ~ ( 2 ) ~  ?.?!? = 386.6 InWG A ~ ~ p  - (0.8 145 ) 
0.9840)? = 13,837 hp  P,, = 37.1 hp n(1)(2))(2) ( 
0.8 145 

and. of course, 

qTI, = 0.85 

With no compressibility corrections, the predicted values are: 

(Value) (Error) 

Q = 160,000 cfm 21% 

Ap, = 320 InWG 2 1% 

Pp = 9498 hp 21% 

q, = 0.85 
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The difference is clearly significant, but of course a very strong example was 
used. As an exercise, calculate the errors if, for a different prototype, pJp, = 1, 
D,D, = 1, and NJN,, = 1.6. 

3.4 CAVITATION ALLOWANCE IN PUMPS 

When working with liquids in  turbomachines, one does not need to be concerned 
with Mach Number effects or the influence of compressibility on performance. 
Honever, one does have to worry about another equally important problem called 
ca~~iri~tion.  Pure cavitation is defined as a localized boiling and recondensation of 
the fluid as it occurs inside the impeller passages of a liquid pump. Vaporization or 
boiling occurs as a function of the vapor pressure of the fluid, which primarily 
depends on the fluid temperature. Water. for example, has a vapor pressure at 32•‹F 
of 12.19 Ibf/ft2; at 100•‹F of 100.5 Ibf/ft2: and at 2 12OF of 2 1 16 Ibf/ft2. At 212"F, the 
watsr boils when p,,,, = 21 16 Ibf/ft2. At lower temperatures, the fluid boils if the 
local pressure drops to the level of the vapor pressure at that particular temperature. 
From the graph of Figure 3.2. one can see that if a pump is generating 30 m of head 
with 6 ni of suction and 24 ni of downstream resistance, then the water in the eye 
or suction line of the pump will boil when the temperature is allowed to reach 
approsinlately 75.4OC. That is. when the vapor pressure matches the absolute pres- 
sul-c. i n  the suction line. one obtains 

Csing the algorithm of Figure 3.3. 

Solve for T as T = (0.420)"3'bX x 100•‹C = 75.4OC. One can also find the suction 
line pressure for which the water will boil at "room temperature," T = 20•‹C, by a 
more direct calculation. That is, 

so that p ,,,,,,,, = p,-p, =-100,574 Paor h ,,,,,,,, =-10.3 m with 19.7 m of downstream 
resistance. 

Such inlet mass boiling is referred to as a massive suction line cavitation and 
leads to a "vapor lock" of the pump, where the impeller is trying to operate with a 
fluid whose density is several orders of magnitude lower than the intended value. The 
result is a virtually complete loss of head generation, which may lead to a backflow 
surge of water into the pump. This surge of liquid into the impeller may well destroy 
the pump and should be avoided. More routinely, if the pump is selected or installed 
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Temperature, Degrees Celsius 

FIGURE 3.2 Variation of the vapor pressure of pure water with temperature. 

to avoid this massive cavitation, there may still be low-pressure regions (or regions 
of depressed static pressure) in the impeller where the local velocities reach maximum 
value. These regions typically occur near the entry of the p u m p a t  the inlet rim of 
the pump shroud or along the leading edges of the blades (sometimes along the 
juncture of the hub and blade or shroud and blade). These regions may be fairly 
small, imposing a short residence time of the flowing liquid in the low-pressure zone, 
after which the liquid passes on into a zone of much higher pressure. If the fluid 
resides in the low-pressure zone long enough to vaporize, the bubbles or pockets of 
vapor will be imbedded in the fluid, usually very close to the impeller surfaces. As 
the bubble moves into a zone of higher pressure, the vapor will condense, leading to 
sudden collapse of the bubble. The event is repeated more or less continuously as 
more fluid passes along the impeller into and out of a zone of critically low pressure. 

As bubbles collapse, a phenomenon similar to an intense water hammer occurs 
locally and at high frequency. Typically, at frequencies reaching 25 kHz, shock waves 
induce temperatures in the range of 500 to 800•‹C and pressures of 4OOO atmospheres. 
The subsequent intense hammering of impeller surfaces in the collapse region leads 
to local fracturing and breakdown of the surface structure, followed by progressive 
pitting and erosion of the impeller. Prolonged exposure to even very limited cavita- 
tion can lead to structural failure of the pump, preceded by progressive deterioration 
of efficiency and performance. Clearly, good design or selection and installation of 



Scaling Laws, Limitations, and Cavitation 83 

a pump requires that the machine operate as far away as possible trorn conditions 
that will lead to cavitation. 

Conditions leading to cavitation can be expressed in terms of the absolute 
pressure or head in the inlet of a pump (or the outlet region of a hydraulic turbine). 
If the absolute pressure at the suction side of the machine is expressed as the sum 
of hydrostatic, dynamic, and vapor pressures, one can write: 

where h,, is the absolute pressure in head form (frequentl!.. if awkwardly, written 
as NPSHA), (h, + h,) is the total head h, h, is the hydrostatic head. h,, is the head 
form of vapor pressure, and h, is the dynamic head, given by V2/(2g). 

Note that hz can be positive or negative, depending on suction line conditions. 
hsv is also called the NPSHA or net positive suction head available at the eye of 
the machine. Following Shepherd's development (Shepherd. 1974). he argues that 
conditions in the impeller itself are worse due to inlet friction losses (h,-). Local 
dynamic pressure reduction is also a factor as ((1 + h)V2/2p). where h is an ampli- 
fication factor for blade relative velocity. Thus, one can write the local surface 
pressure h,,,,- as: 

I f  local ca\,itation first occurs when local static head plus atmospheric ia ju.it 
equal to the vapor pressure. one obtains 

such that 

Both sides of the equation are proportional to N2 for a given pump. as is H or gH 
of the pump itself. This allows one to look at the ratio h%,JH as the characteristic 
number for a pump's propensity to cavitation. This is the Thoma cavitation index 
(Thoma, 1932): 

What is normally done is to establish the values of h,, and H or pH at which 
the pump begins to cavitate by experiment. The 0,. characterizes the pump in a 
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dimensionless fashion and is subject to scaling. In fact, h,,, can be used to form its 
own specific speed according to: 

Typical values of o,, based on collected experimental data (Shepherd, 1964; 
Stepanoff, 1948) are presented as a curve f i t :  

o, = 0.241 Ns4I3 (single -suction pumps) (3.39) 

oy = 0.153 N~~~~ (double - suction pumps) (3.40) 

As an example for using these relationsh~ps, consider a centrifugal pump that 
will run at H = 100 ft in water at 150•‹F. One \\ants to estimate the lowest rnlet head 
one can operate at without cavitation. Assume a specific speed of N, = 0.75. First, 
estimate o, from o, = 0.241 N,4I3 = 0.164. Then, from h,, = h, + h, - h,,, with 
hJH = o,, one obtains h,, = 0.164 x 100 ft = 16.4 ft. Solve for h,; h, = h,, + h,, - h,,. 
Atmospheric head will be about 34 ft; and at 150•‹F. h,, = 8 ft. This yields 

or 9.6 ft of suction. 
At a water temperature of 100•‹F, h,., = 1.6 ft. so allowable suction would be 

16.2 feet (negative head). On the other hand, a water temperature of 200•‹F gives 
h,, = 25.6 ft, so a positive head of 8 ft would be required (no suction or lift allowed). 
h, is the required hydrostatic head or pressure head at the inlet to avoid cavitation. 

As a practical matter, the manufacturer of a pump frequently includes require- 
ments on NPSH (referred to as NPSHR for required) along with the H-Q perfor- 
mance data for a specific pump. If such information is available, it should be used 
directly instead of calculating o, as in the example. 

An example of a pump performance chart showing values of NPSHR is shown 
in Figure 3.3. Note that the NPSHR is a function of Q in the figure and that 0, is 
also a function of Q through N,. Taking the 393-mm diameter pump at 140 m3/hr, 
one gets H = 46 m and q, = 0.67. Q = 0.0389 m3/s, N = 153.8 s-', and (Ap/p) = 
451.3 m2/s2; then N, = 0.301. Note that D, = 9.21, and Cordier gives D. = 8.6 at 
qT = 0.69, which is reasonably close and within Balje's data band. 

Now, since the pump is single-suction: 

NPSHR = o,H = 2.3 m 

The curves specify about 2.30 m, so agreement is very good. 
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FIGURE 3.3 Perfornlance curves for a bingie-sue!:'?:: ..Illis-Chalnicra pump. ( I T  Industrial 
Pump Group. Cincinnati. OH.) 

FIGURE 3.4 A pump operating at NPSHR = 7..; ;: 

NPSHR = 7.3 fz 

k I_''. 

One can boil the whole problem d0u.n (substituting NPSH.i for h.,) if one knows 
or can estimate the NPSHR (from a pump cur\? or from o,H I .  It can be stated that 

-Z 

NPSHA = h, + h z  - h,p - h ,  t NPSHR (3.41) 

E l e v a t ; ~ :  of Free 
Sur face  a: 1000 f t  
above sea  l e v e l  

where h, is the atmospheric or supply tank pressure. Take a look at some examples. 
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Vapor 

Interface 

FIGURE 3.5 A closed tank pumping problem with a volatile f l u ~ d .  

First, examine a pump that requires NPSHR = 7.3 ft for a given flow rate. Install 
the pump at an altitude of 1000 ft and pump the water at 85OF (see Figure 3.4). Find 
the maximum "lift" of the pump from an open pond or tank. 85•‹F water gives h,., 
= 1.38 ft: 1000 ft of altitude gives h, = 32.8 f't. There is no tiictional loss to consider, 
so 11,- = 0, and 

' 

NPSHA = 32.8 + hZ - 1.3s - 0 > 7.3 ft 1 NPSHR 

hL 2 7.3 + 1.38 - 32.3 = -24.1 ft (lift) 

If  there was a friction loss in the inlet pipe of 3 ft. then 

or one could only lift the water 21 ft instead of 24 ft. 
Consider another example where there is a high-temperature fluid in a closed, 

evacuated tank so that the "cover gas" pressure is simply the vapor pressure, h, = h,.,. 
One wants to move the fluid with a pump requiring NPSHR = 9.1 ft. If there is an 
inlet side friction drop of 1 ft, calculate the height of the tank above the pump inlet 
required to avoid cavitation (see Figure 3 .5 ) .  Begin with Equation (3.41). 

This reduces to: 

NPSHA = hYP + h7 - h,p - hi = hZ - h,  1 NPSHR 

The tank must have an elevation above the pump centerline of at least 10.1 ft (say 
1 1 ft for conservatism). 
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Now look at a pump that must move gasoline (S.G. = 0.73). At its temperature. 
the gasoline has a vapor pressure of pgh,, = 11.5 psi. The gasoline is in a vented 
tank at sea level and the free surface is 2 ft above the pump inlet; h,. = 3 ft. Will the 
gasoline cavitate if the pump has NPSHR = 9.1 ft? 

Use Equation (3.41): 

NPSHA = h, + hl - hvp - h, 2 NPSHR 

where 

h T = P* = 1, = 34fl= 4 6 6  ft (of gasoline) 
(pg) S.G. 0.73 

The given value of vapor pressure must be converted to head as 

1 1.5 psi h =--- 
'"pg) 

So. 

NPSHA = (46.6 + 2 - 36.4 - 3) ft = 9.2 ft 19.1 St 

The pump works in the system without cavitation, although a margin of only 0.1 fi 
is not considered to be very good design practice. Workers in the field suggest a 
10% margin, or about 0.91 ft. If hi were equal to 4 ft. one would have to raise the 
tank (or lower the pump). 

3.5 SUMMARY 

The concepts of scaling turbomachinery performance according to a fixed set of 
rules was introduced. The previously developed rules of similitude were reformulated 
to generate a set of fan laws or pump affinity rules for machinery with essentially 
incompressible flows, and examples were presented for illustration. 

The major restrictions on scaling of performance with changes in speed, size. 
and fluid properties were identified in terms of the matching of Reynolds and Mach 
numbers between a model and a prototype. This precise condition for similitude and 
permissible scaling was extended to embrace the idea of a "regime" of Reynolds 
and Mach numbers for which scaling will be sufficiently accurate. Several algorithms 
by which the simple scaling rules could be extended to account for the influence of 
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significant changes in Reynolds Number on efficiency and performance of fans 
pumps and compressors were presented and illustrated with examples. The influence 
of Mach Number and allowable disparities between values for a model and a 
prototype was reviewed for fans and compressors, with clear limitations governing 
the accuracy of scaled performance. Corrections for compressibilty effects on scaling 
between model and prototype were developed and illustrated with examples. The 
scaling rules for fully compressible flow machines were developed and presented in 
the dimensional form in traditional use for high-speed compressors and turbines. 

For liquid pumps and turbines, the phenomenon of boiling cavitation was intro- 
duced in terms of pressure in the flowfield and the temperature-dependent vapor 
pressure of the fluid. The influence of low-pressure regions near the suction or entry 
side of a pump (discharge side of a turbine) was related to the onset of conditions 
favorable to cavitation or local boiling and recondensation of the flowing fluid. The 
governing parameters of net positive suction head (NPSH or NPSHA) at the pump 
impeller inlet and the value of NPSH needed to preclude the development of cavi- 
tation (NPSHR) were presented. The semi-empirical prediction of NPSHR (Thoma. 
1944) for a pump, in terms of the specific speed of the pump, was presented and 
illustrated with a range of examples to provide a uniform approach to analysis of 
cavitation problems. Examples for design and selection of pumping equipment were 
also provided. 

PROBLEMS 

The pump of Figure P1.l is to be sized requiring geometric similarity 
such that at its best efficiency point. i t  will deliver 300 gpm at a speed of 
850 rpm. Show that the diameter should be 16.7 inches and the head will 
be 58.8 feet. 
Calculate the specific speed and specific diameter for the pump of Problem 
3.1 and compare the results to the Cordier diagram. Comment on the 
comparison of efficiency. 
The characteristic curve of a forward-curved bladed furnace fan can be 
approximately described as (see Figure P3.3) 

(a) Derive the above equation from the sketch by assuming a parabolic 
curve fit of the form 
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Volume Flow Rate 

FIGURE P3.3 Charncter~sL~c curw tor a forward-curved blade furnace ixi 

( h )  For a particular fan. J p  ,,,, = 1 InWG. Q,,, = 1000 cfm. and 
Q,,,, = 3500 cfm. The fan supplies air (pg = 0.075 Ibf/ft3) to a duct- 
work system with D = 1 ft. L = 100 f t ,  and f = 0.025. Whrit flow rate 
will the fan provide'? 

(c) If the duct diameter in part (b) were D = 1.5 ft. what flow rate would 
result'? 

3.4. If the fan of Problem 3.3 is pumping air at 250cF and 21 16 Ibf/ft2 inlet 
conditions, what volume flon rate and static pressure rise will i t  ~ t i o \ ~  
through the same duct? 

3.5. A model fan is tested at 1200 rpm in a 36.5-inch diameter s i x  to mect 
AMCA rating standards. This fan delivers 13,223 cfm at a total pressure 
rise of 2.67 InWg (standard air density) with a total efficiency of 89%. 
(a) What type of fan is i t ?  
(b) If the model is scaled to prototype speed and diameter of 600 rpm 

and 110 inches, respectively. what will the flow rate and pressure rise 
be (standard density)? 

(c) If both model and prototype are run in standard air, what is the 
estimated efficiency for the prototype fan? 
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3.6. The fan described in Problem 3.5 is to be modified and used in a low- 
noise, reduced-cost application. The diameter is to be increased slightly 
to 40 inches, and the speed is to be reduced to 885 rpm. The tip clearance 
of the fan is to be increased to 0.125 inches. Recalculate the performance 
and, based on the scaling laws, include the effects of tip clearance and 
Reynolds Number on efficiency and required horsepower. 

3.7. In a large irrigation system, an individual pump is required to supply 200 
ft3/s of water at a total head of 450 ft. Determine the type of pump required 
if the impeller runs at 450 rpm. Determine the impeller diameter. Estimate 
the required motor horsepower. 

3.8. Verify in detail the curve fits used for the Cordier N,-D, relations. Generate 
a curve fit for the qrDs curve. 

3.9. A centrifugal pump must deliver 250 ft3/s at 410 ft of head running at 
350 rpm. A laboratory model is to be tested; it is limited to 5 ft3/s and 
300 hp (water with pg = 62.4 Ibf/ft2). Assuming identical model and full- 
scale efficiency, find the model speed and size ratio. 

3.10. A hydraulic turbine must yield 30,000 hp with 125 ft of head at 80 rpm. 
The lab allows 50-hp models at a head of 20 ft. Determine the model 
speed, the size ratio, and the model flow rate. 

3.1 1. A pump that was designed for agricultural irrigation is to be scaled down 
in size for use in recirculation of water in a small aquarium for pet fish 
The irrigation pump supplies 600 gpm at 100 ft of head and ia a well- 
designed pump, with an efficiency of 75% at 1200 rpm. The aquarium 
pump must deliver 6 gpm at 5 ft of head. 
(a) Find the proper speed and diameter for the aquarium pump. 
(b) Estimate the efficiency of the aquarium pump. 
(c) How do you expect the small pump to deviate from the simple scaling laws'? 

3.12. If the fan of Problem 3.5 is scaled to a prototype speed and diameter of 
1800 rpm and 72.0 inches, what will the flow and total pressure rise be? 
Estimate q, 

3.13. Shown in Figure P3.13 are the performance curves of an Allis-Chalmers 
single-suction pump. 
(a) Estimate the head-flow curve for a 10-inch diameter impeller and plot 

the result on the curve. 
(b) Calculate the N, and D, values for the BEP of the 9-inch, 9.6-inch, 

and 10-inch curves. Compare the experimental efficiencies to the 
Cordier values (based on the qTc parabolic algorithms-the Alternate 
Efficiency equations). 

(c) Can you use a 10-inch impeller with the 5-hp motor? Support your 
answer with suitable calculations. 

3.14. A small centrifugal pump is tested at N = 2875 rpm in water. It delivers 
252 gpm at 138 ft of head at its best efficiency point (q = 0.76). 
(a) Determine the specific speed of the pump. 
(b) Compute the required input pon er. 
(c) Estimate the impeller diameter. 
(d) Sketch two views of the impeller shape. 
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FIGURE P3.13 Performance curves for a single-suction Allis-Chalmers pump. (ITT Indus- 
rrial P u m p  Group. Cincinnati. OH.) 

Tn.0 low-speed, mixed-Row blowers are installed to operate in parallel 
f ow, pumping chilled air (5•‹C) through a refrigerated truck trailer filled 
u,ith red, seedless grapes in plastic bags. The resistance to now through 
the fairly tightly packed cargo yields a K-factor of 150.0 with an effective 
cross-sectional area of 5 m2. 
( a )  If  the required flow rate for initial cool-down is 10.0 m3/s, calculate 

the net pressure rise required. 
(b) After initial cool-down, the flow rate requirement can be supplied by 

only one of the two fans. What flow and pressure rise will result'? 
(c)  Select a suitable fan size with N = 650 rpm for this installation. 
If one uses the pump of Problem 2.16 to pump jet engine fuel. one would 
expect a reduction i n  efficiency due to higher viscosity or reduced Re?- 
nolds Number. Assuming a specific gravity for JP-4 at 25•‹F of 0.78 and 
a kinematic viscosity 1.4 times that of water (see Appendix A). determine 
if the 10-hp motor will be adequate to drive the pump at 1750 rpm and 
250 gpm, within a standard overload factor of 15%. 
If one can run the model test of Problem 2.9 in a closed-loop. variable- 
pressure test duct, what pressure should be maintained (at the same tem- 
perature) to achieve complete dynamic similitude? 
A model pump delivers 20 gpm at 40 ft of head running at 3600 rpm in 
60•‹F water. If the pump is to be run at 1800 rpm. determine the proper 
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FIGURE P3.19 A shrouded wind turbine. 

water temperature to maintain dynamic similarity. Find the flow rate and 
head under these conditions. 

3.19. A shrouded wind turbine operates i n  a 30 mph wind at standard air density. 
The shroud allows the 30-ft diameter turbine to capture a volume flow 
rate of twice its area times the freestream velocity, V,. According to the 
Betz limit, the optimum head reco\.ered by the turbine should be 59% of 
the freestream velocity pressure. 
(a) Calculate the fluid power captured by the turbine in kilowatts. 
(b) With the turbine running at 90 rpm, estimate its efficiency and net 

power output (kW). 
3.20. For the model and prototype fans of Problem 3.5, use the ASME, 

ICAAMC and Wright models to estimate efficiency for the full-scale fan. 
Assume that the model efficiency of q, = 0.89 is accurate. Compare these 
methods to the alternate efficiency model used to modify the Cordier value 
of total efficiency, assuming that 6 = 1.0. Compare and discuss the various 
results for the full-scale prototype fan. (Hint: Assume hydraulically 
smooth surfaces.) 

3.21. A 40-inch diameter axial fan operating at 965 rpm has a tip clearance of 
0.10 inches. The fan produces 15,000 cfm at 2.0 InWG. Estimate the total 
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efticiency of the fan for a range of surfaces roughness values from EJD = 
0.001 to 0.01. Develop a graph of q, and q, vs. ED. Can you achieve a value 
of ql. = 0.80? Select a combination of parameters to achieve this efficiency 
and defend your choice on a design decision basis. (Hint: Begin your effi- 
ciency calculations based on the Cordier efficiency and modify using clear- 
ance and Re, assuming initially that roughness is negligibly small.) 

3.22. The very large pump described in Problem 3.7 is to he tested in air to 
verify the manufacturer's performance claims. Predict the static pressure 
rise (in InWG), the flow rate (in cfm), and the static efficiency running 
in standard air (68•‹F). 

3.23. A pump is designed to provide 223 gprn at 98 f t  of head in 85•‹F water. 
The 9.7-inch impeller operates at 1750 rpm. Estimate the NPSHR and 
maximum suction lift assuming no inlet losses. 

3.24. A double-suction version of the pump in Problem 3.23. providing 450 
gpm at 95 ti of head, has upstream head losses of 5 f t .  Estimate the 
NPSHR and maximum suction lift for 85OF water. Repeat for 185•‹F watc'r. 

1.25. The pump of Problem 3.23 must pump gasoline (S.G. = 0.73. ti,,, = 1 1.5 psi) 
l'rorn an evacuated tank. Find the NPSHR and niaxi~nurn suction lift. 

3.26. The influence of water temperature on cavitation in pumps is related to the 
hehavior of h,,, the vapor pressure head. with temperature. NPSHR for a 
pump must then be rated by the nianufacturer at some stated tcnipcrature. 
For example. the Allis-Chalniers pump on Figure P2.12 is rated at 85'F. 
For any other temperature, this value must be corrscted. For moderate 
temperature excursions (35•‹F < T < 160•‹F). the correction is estimated h>, 
NPSHR = NPSHR,, + Ah,.,, where NPSHR,, is the quoted value and Ah,,.,. 
is the difference in vapor pressure at 85•‹F and the value of T heing consid- 
ered (Ah,,,,. = h,,(T) + h,,(8SC). This is approximarely equal ( i n  water) to: 

The NPSHR,, values for the Allis-Chalmers pump var!. of course, with 
tlow rate and can be approximated by: 

with Q in gpni, for the 12. I-inch diameter impeller. 
(a) Verify the equation for Ah,.,, 
(h) Verify the equation for NPSHR,,. 
(c) Develop an equation for NPSHR,, for the 7.0-inch diameter impeller. 

3.27. Using the information in Problem 3.26, find the following. 
(a) Develop a curve for the maximum allowable flow rate (no cavitation) 

for the 12.1-inch impeller as a function of temperature. if NPSHA = 
34 ft, 24 ft, and 14 ft. 
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(b) Comment on the allowable suction lift for these conditions. 
3.28. For the information in Problem 3.27, discuss the influence of T < 85•‹F 

water on the results in (a), and compare to the effects of water at T > 85•‹F. 
3.29. For the pump of Problem 3.26, the values of NPSHR at a given flow rate 

are much higher for the small pump (7-inch diameter impeller) than for 
the large pump (12.1-inch diameter impeller). Explain this in terms of 
Thoma correlation for NPSHR. Does the variation for NPSHR for either 
impeller make sense in terms of Thoma's work? Show all work. 

3.30. Rework Problem 2.4 considering compressibility. 
3.31. A small double-suction pump has a design point rating of H = 60 ft at 

Q = 75 gpm, running at 3600 rpm. It will be installed at some height 
above an open pond to pump cold water into an irrigation ditch. Atmo- 
spheric head is 33 ft, vapor head is 1.4 ft, and the suction line head loss 
is 4 ft. Estimate the maximum height of the pump above the pond. 

3.32. Correct the results of Problem 2.5 for compressibility using both isentropic 
and polytropic pressure-density laws. Comment on the comparison of 
these results to each other and to the incompressible calculations. What 
are the economic implications in using an incompressible result? 

3.33. A high-pressure blower supplies 2000 cfm of air at a pressure rise of 42 
InWG, drawing the ambient air through a filtering system whose upstream 
pressure drop is 32 InWG. Assume a polytropic pressure change upstream 
of the fan inlet with n = 1.66 to estimate inlet density from ambient 
conditions. The ambient air properties are T = SO'F and p,,,, = 30 InHg. 
Select a single-stage, narrow centrifugal fan for this application. and 
estimate diameter, speed, efficiency, and sound power level. (Hint: Size 
a fan using inlet density and correct the required flow and pressure for 
conlpressibility.) 

3.34. For the pump described in Problem 1.1. develop \.slues of NPSHR at the 
tabulated flow rates for: 
(a) A single-suction pump. 
(b) A double-suction pump. 

3.35. A pump must operate in the system shown in Figure P3.35 and deliver 
1 ft3/s of water. This pump is to be a single-suction type, direct-connected 
to an alc induction motor (N = 600, 900, 1200. 1800, or 3600 rpm). 
(a) Find the direct-connected speed for which the pump will not cavitate. 

Use Thorna's criterion to size NPSHR = I. 1 o, H where 1.1 is a "safety 
factor." 

(b) Determine the pump diameter, pump type. and probable efficiency 
from Cordier. 

3.36. One must pump warm gasoline out of an underground tank with a submerged 
centrifugal pump. The tank is effectively vented to atmospheric pressure 
(although for environmental correctness, a carbon filter is installed in the 
vent). If the NPSHR of the pump is 8 m, the vapor pressure of the gasoline 
is 40.0 kPa, and the upstream friction head losses are 0.8 m, estimate the 
required submersion depth of the pump to avoid cavitation. The specific 
gravity of the gasoline is 0.841, and the barometric pressure is 100 kPa. 
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Atmospheric Pressure pb=2116 l b f / f t 2  

FIGURE P3.35 -4 pump-system configuration. 

There is a large centrifugal fan, designed to operate at 600 rpm, with an 
impeller diameter of 60 inches. The fan uses 40 hp at 60,000 cfm and 3.0 
InWG static pressure rise. If one installs the fan with a variable-frequency 
motor that can operate at any speed between 600 rpm and 7200 rpm, 
( a )  estimate the How rate. static pressure rise, and power required at 1200 

rpm 
(17) estimate the change in efficiency at 1100 rpm compared to the value 

at 600 rpm. 
(c) at what speed (in rpm) would the scaled performance need to be 

corrected for compressibility effects'? 
A fan is tested for certification of performance with a 1.25-m diameter 
running at 985 rpm. The fan has a BEP performance of 6.0 m3/s at 700 
Pa and a total efficiency of 0.875. 
( a )  If the model is scaled to prototype speed and diameter of 600 rpm 

and 2.5 m, what will be the flow rate and pressure at standard density'? 
(b) Estimate the prototype efficiency. 
A three-speed fan, when operating at its highest speed of 3550 rpm, 
supplies a flow rate of 5999 cfm and a total pressure rise of 30 Ibf/ft2 with 
p = 0.00233 slugs/ft3. Lower speeds of 1750 rpm and 1175 rpm are also 
available. 
(a) Estimate the size of the fan and its efficiency at 3550 rpm. 
(b) Estimate the flow rate and pressure rise at the low speed of 1 175 rpm. 
(c) Use the Reynolds Numbers of the fan at 1750 rpm and 1175 rpm to 

estimate the efficiency of the fan at these lower speeds. 
A double-suction pump is designed to provide 500 gpm at 110 ft of head 
in 8S•‹F water. The 9.7-inch impeller operates at 1750 rpm. Estimate the 
NPSHR and maximum suction lift assuming no inlet side friction losses, 





4 Turbomachinery Noise 

4.1 INTRODUCTORY REMARKS 

In recent years, it has become necessary for designers and users of turbomachinery 
to understand and predict the acoustic as well as aerodynamic performance of 
turbomachines. A great deal has been written on the subject of acoustics, as well as 
acoustics in turbomachinery. This chapter will introduce some general concepts and 
then examine sound production and predictions in turbomachines. The chapter will 
focus on the acoustics of fans and blowers, with the understanding that the acoustic 
phenomena in other types of turbomachines behave in a similar Fashion. Interested 
readers are encouraged to consult the extensive reference list at ths end of this book 
for recommended books and papers on acoustics in turbomachintr! 

4.2 DEFINITION OF SOUND AND NOISE 

In a physical sense. sound is a small amplitude vibration of particles in  a gas, solid, or- 
liquid (Broch, 1992). The vibration can be thought of as a transfer ot'momentunl from 
particle to particle in  air. Due to the elastic nature of the bonds hetu c.m air molecules. 
sound rimes wave1 at a finite propagation speed. In air at 20•‹C, the r~-tyugation speed. 
or "speed of sound:' is 333 m/s ( 1  126 fds). The propagation of the \ it\rdtlon occurs as 
a density/pressure variation in a longitudinal fashion. The \.ariatl~m 15 a sinusoidal 
function. and it is periodic and of constant amplitude. The corresponding "frequency 
spectrum" associated with the sine waves is often a usclul piece o i  data in acoustic 
analysis. The spectrum is an illustration of the frequencies and rhm corresponding 
magnitude that make up a signal. Spectral analysis is useful in understanding the effect 
of discrete frequency phenomena as well as the bandwidth of background noise. 

One common type of wave formation found in acoustics is ths ipherical wave. 
This type of wave can be thought of as a pulsing sphere emananfig from a point 
source and can be used to illustrate the relationship between the nniis emitted from 
a source and the sound pressure at a distance. x, from a point source. Assunlc a 
noise of power E is emitted from a point source. The power will radim in a spherical 
fashion. The power intensity, I. is given by the following formula: 

E Power I = ------- - -- 
(4nx2) Area 

At a sufficient distance away from a source, I becomes proportional to the square 
of the sound pressure p at x. Therefore, 
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This relationship is known as the "inverse-distance" law for free sound in an acoustic 
far field. Acoustic literature often refers to near and far fields (Baranek, 1992). 

The nature of a field (i.e., near or far) is important in acoustic measurements. 
If a source is assumed to be in the far field, it can be treated as a point source. The 
magnitude of an emission sensed or measured from a point source is solely based 
on the distance from the source. On the other hand, the magnitude of an emission 
measured in the near field will be affected by the 3-D location of the transducer. To 
be certain that a given measurement is in the far field, acoustic measurements should 
be made 2 to 5 characteristic diameters from the source. 

One must keep reflection of waves in mind when working with acoustics. Sound 
waves will reflect from a surface and affect sound pressure levels. The sound pressure 
at a point in a field is given not only by the pressure of the original wave but also 
by an additional effect of the reflected wave. 

The physical scale of sound pressures covers a dynamic range of approximately 
1 to 1,000,000. Therefore, despite the small magnitude of pressure variations (on 
the order of Pascals), the relative range of pressure variations is large. It is then 
convenient to utilize a decibel scale to report or characterize sound pressures. The 
decibel scale is a relative measure based on a ratio of pouer. The r! pica1 relationship 
utilized for sound pressure is given by: 

Although this is a ratio of pressures, its use is acceptable due to the relationship 
between the sound power and the square of the sound pressurf r in the far field) 
p, is a reference pressure, with a value of 2 x Pa. 

The decibel relationship can also be used with reference to sound power levels. 
The relationship is given by: 

In this equation, P, is a reference power level with a value of lo-:: \ratts ( I  picowatt). 
The sound power level is, due to its relative nature, essentially the same relationship 
as the sound pressure level (unless the near field is being cons~dered). Table 4.1 
gives examples of the relationship between sound pressures and sound pressure 
levels of some commonly occurring phenomena. 

The reader should try to gain a feel for the decibel scale, noting that 20 decibels 
account for an order of magnitude difference in pressure, Also note that doubling 
the sound pressure levels (doubling the sound) results in a change of 6 dB. Therefore. 
a reduction of 6 dBs would reduce the sound by 112. 

A simple measurement of sound pressure level at a particular frequency. although 
useful, is not completely definitive due to the lack of knowledge of the frequency 
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TABLE 4. la  
Typical Noise Levels (Thumann, 1986) 

Noise Type 

Hearing threshold 
Recording studio 
Norrnal sleep 

Living room 
Speech interference. 4 i t  

Residential limit 
Co~nniercial limit 

Air compressor. 50 ft 
OSHA 8-hour limit 
Pneumatic hammer (at Operator) 

Airplane (Boeing 707) 
Concorde SST 
Threshold of pain 

SPL (Pa) 

7 X  l o i  

lo-' 
1 0 '  

lo- '  
1 O F  

I w 
lo- '  
10 ' 

1 
3 

S 
I 0  

I  10 

Noise Level (dBA) 

TABLE 4.1 b 
Detailed OSHA Limits (Beranek and Ver, 1992) 

Duration per day, hours 

S 

6 

I 

2 - 
I .5 
I 
0.5 
0.25 or less 

Sound Lei  el, dBA 

distribution of the entire sound emission (Broch. 1971). To make acoustic measure- 
ments more useful. a system of frequency weighting utilizing tone-specific weighting 
curves has been developed. The curves \yere developed with the ideal of equal 
loudness (loudness is defined based on the a\.erage human ph!.siological response 
to an acoustic event) levels at all frequencies by considering the effect of frequency 
as well as magnitude on the level of loudness of a signal. ';A .sale" weighting has 
become a standard in acoustical measurements of sound pressure. with the resulting 
sound pressures having units of dB(A). Generally. in a sound measurement activity. 
spectrum analysis techniques are utilized, but the weighting system allows for ready 
comparison of independent acoustic fields. i n  a single quantity. The A scale and its 
associated distribution of reduction values is shown in Figure 4.1. along with several 
similar scales-the B, C, and D scales. 
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Frequency, Hz 

FIGURE 4.1 Common "filter" scales for frequency weighting. (Adapted from Broch. 1980.) 

4.3 FAN NOISE 

Asia1 flow fans are a good example to study with respect ro turbomachines due to 
h e  wide spectrum of noise associated with fans. There are two general types of 
noise associated with fans. Broadband and discrete frequency noise are shown in 
the frequency spectrum illustrated in Figure 4.2. 

The broadband is illustrated as the smooth curve, ~vhile the discrete frequency 
noise is illustrated as spikes centered at the blade pass frequency and its harmonics. 
The contribution of each type of noise is related to the performance characteristics 
of the fan. Broadband noise arises from sources that are random in nature and can 
be of two types (Wright, 1976). One source arises from the fluctuations of the 
aerodynamic forces on the blade, while the second source arises from turbulent f ow 
in the blade wakes. Generally, the force fluctuation source dominates the spectrum. 

There are two sources of force fluctuations. The first source arises from the 
shedding of vorticity at the trailing edge in smooth inflow, which introduces surface 
pressure fluctuations on the blade. The second source is generated when the blades 
move through turbulent flow. The turbulence causes random variations in the inci- 
dence of flow, relative to the blade, thus creating random pressure loadings and force 
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SPL 
d B  

Excess Nois + 
Steady 

Laminar 

~urbuient/ 
Shedding 

F requency  

FIGURE 4.2 Acoustic spectrum for axial flow turbomachines. (Wripht, 1976.) 

fluctuations. If a body is in non-turbulent flow, the vortex shedding is periodic (the 
well-known Kam~an Street). This produces regularly fluctuating lift. As the Reynolds 
Number is increased. the fluctuations become more random i n  nature as the flow 
transitions to turbulence. Also, the effect of turbulent inflow- is influenced by the 
scale of turbulence relative to the chord length. 

Since broadband noise is affected by the blade pressure distribution. the inci- 
dence angle of the blade will affect the noise levels due to the change in blade load 
and pressure distribution with the change in incidence angle. In this light, it has 
been found that fans exhibit minimal noise characteristics \%.hen the fan is operated 
near the design point. An increment of about 5 to 10 dB usually accompanies the 
fan operating at or near the stall point, or near free delivery. Historically, early 
investigators tried to model noise solely on the basis of gross performance param- 
eters. Although these methods were a large step forward, they are now being sup- 
planted by schemss that more nearly relate to the aerodynamic and geometric 
parameters of a machine. 

A large number of correlations have been developed to predict noise in various 
situations. The empirical expressions generally attempt to relate, as simply as pos- 
sible. the sound output of a rotor to its physical and operating characteristics, with 
most of the correlations limited to a particular situation. 

A general method for the prediction of fan noise (axial and centrifugal) was 
developed by J.B. Graham beginning in the early 1970s (Graham. 1972, 1991). The 
method was based solely on performance parameters and was formulated for fans 
operating at or near design point. Graham tabulated specific sound power levels for 
various types of fans at octave band center frequencies (see Table 4.2). The specific 
sound power level was developed to allow for comparison of different types of fans 
and is defined as the sound power level generated by a fan operating at 1 cfm and 
1 InH,O. The table is used with the following correlation: 
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TABLE 4.2 
Tabulated Specific Sound Power Level Data 
Octave Center Band Frequencies, Hz 

Fan Type 63 125 250 500 1000 2000 4000 8000 bpi 

Centrifugal airfoil blade 
Centrifugal backwardly curved blade 
Centrifugal forward curved blade 
Centrifugal radial blade 
Tubular centrifugal 
Vane axial 
Tube axial 
Propeller 

where L, is the estimated sound power level (dB re 10-l2 watt), K, is the specific 
sound power level, Q is the volume flow rate (cfm), and P is the pressure (InWG). 
In addition, a "blade frequency increment" is added to the octave band into which 
the blade pass frequency (bpf) falls. This frequency is given by 

Therefore, the method is 

1. Find the specific Y, values from the table. 
2. Calculate 10logl,Q + 2010gl~p,  and add to the K, values. 
3. Calculate B, and the bpi and add to the proper bandwidth. 

This method is very general, is a good way to estimate noise levels for comparison 
and selection, and provides an estimate of the spectral distribution. 

Although the methods for predicting sound power have historically encompassed 
the range of theoretical, semi-theoretical, and empirical approaches, most of these 
methods can be considered too complex for routine analysis (Baade, 1982). In light 
of Baade's comments, Graham's relatively simple and well-known method for sound 
power estimation was re-examined. is the vehicle for capturing the intrinsic 
difference between the various fan types-centrifugal, forward curved, radial bladed. 
radial tipped, vane axial, tube axial, and propeller. For these groupings of fans, 
Graham defines expected levels of specific noise K,,, in terms of type. Not coinci- 
dentally, these types of fans can also be grouped, as noted earlier, in the appropriate 
"zones" on the N,-D, Cordier diagram. To use Graham's data directly, it is necessary 
to assign values of D, to the fan groupings as delineated by Graham. Using his 
classifications by type and estimating reasonable specific diameters for them, the 



Turbomachinery Noise 103 

0 Wright, 1982 
0 Industrial Air,1986 
A Jorgenson, 1983 

/ D Zurn Fan. 1987 

J ' ---- Graham, 1992 

Wright, 1982 
(Severe Upstream 

Specific Diameter, log,,DS 

FIGURE 4.3 K, results tor axial and centrifugal fans 

overall K, values can be estimated as well. In addition. a large group of axial fans 
described by Wright (1952), a comparison of centrifugal fans (Beranek, 1992), and 
additional data from industrial catalogs (Zurn, 1985; Industrial Air. 1986) were 
analyzed in terms of static pressure, flow rate, and sound power leiel to generate 
additional values of K, across the complete range of D,. The results of these studies 
are shown in Figure 4.3 as K, vs. D,. Shown with the data is a linearly regressed 
curve f i t  i n  the form lop K ,  = a + b log D,. The resulting f i t  to the data yields 

with a correlation coefficient of -0.90 as reflected in the scatter of the data. The 
results are reasonably consistent and are within the level of accuracy requirements 
appropriate to simple selection and preliminary design layout. The data also suggest 
a leveling off of values near the larger specific diameters. X separate estimate of K, 
above D, E 2.0 is provided by 
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Note that the scatter of the data suggests a probable error in these estimates of 
perhaps +4 dB. 

Fans t i  ith inlet guide vanes (IGVs) and with other forms of extreme inflow 
disturbances were not included in the database for this correlation. These fans show 
substantiall> higher noise levels for the same values of Q and Ap,, resulting in levels 
of K ,  far above the rest of the data. If an estimate for fans with iGVs or strong 
upstream turbulence or disturbances is needed, then the equation for K ,  can be 
modified to 

resultins in  an additional 12 dBs (Wright, 1982). This is clearly a punit~ve result 
but is rele\ant to selection or preliminary design when dealing with pre-swirl vanes. 
severe obstructions. or generally rough inflow. 

4.4 SOUND POWER A N D  S O U N D  PRESSURE 

Frequenti!.. the safety and legal constraints applied to noise or sound are written i n  
terms of sound pressure rather than power. For example. the Occupational Safet! 
and Health Administration (OSHA) health and safety standards are given in terms 
of the sound pressure level that exists at the workstation of an employee. Local 
regulations may establish maximum values of sound pressure level at the propert!. 
or boundary line of a plant or other facility. Exposure times per day for a worker 
are limited to a fixed number of hours per day for a given sound pressure level. 
Table 4. l shows these permissible exposure values. 

In our development of estimation methods for the noise from fans and blowers. 
several algorithms for predicting the sound power level, L, have been discussed. 
But for purposes of controlling exposure in the workplace, one often needs to be 
able to estimate sound pressure level (L,) in the vicinity of a fan or blower to meet 
design or selection criteria. The relation one seeks is based on the diminishing of 
the signal or wave strength with distance from the noise source. 

4.5 OUTDOOR PROPAGATION 

For a source operating in a "free field," with no reflections from surfaces near the 
source. the decay rate is given by 

L, = Lw + 10 log,, - 
((4:x7)+c 
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where c = 0.1 for x in meters. c = 10.4 for x in feet. The distance x is the distance 
from the source and should be at least three times the characteristic length of the sound 
source. Although the theory considers the source to exist at a point (a point source), 
in the case of turbomachinery one can take the impeller diameter, machine length, 
casing size, or some other physical length of the machine as the characteristic length. 
Then it is necessary that the pant \\here pressure is to be predicted be at least three 
or four times that length a ~ a )  from the machine to allow use of the free field equation. 

For example. consider a fan whose diameter is 1 m and generates a sound power 
level of 85 dB. To estmate the free field sound pressure level 5 m away from the 
fan, one calculates: 

where dB is the sound pressure le\,el referenced to p,,, = 2 x Pa. At a distance 
of 10 rn away fmm the fan. the same calculation will give an L, value of 54.1 dB. 
At 20 m away. the sound pressure le\.el would be 48.1 dB. etc. Note that with each 
doubling of the distance from the source, the sound pressure level is reduced by 6 
dB. This is a general result and is a perfect "rule of thumb" for free field noise decay. 

Machinery is frequently located in areas where nearby surfaces cause non- 
negligible refection of sound watres. so the decay rate of sound pressure in a free 
fi cld environment must be modified i f  accurate estimates are to be made. Two factors 
dominate this efiect. First. the presencc of reflective walls or a floor near the source 
can focus the sound waves. yielding an effective increase in pressure. This focusing 
or concentration is characterized b!. a Directivity Factor. A. where A is based on 
the number of adjacent walls (reflective surfaces). 

For example. if the sound source. a fan, is sitting on a hard reflective plane (e.g.. 
a large, smooth concrete pad). then the plane will reflect all of the sound waves that 
(in a free field) \vould go down and send them upward. That is, all of the energy 
will be concentrated into half the original space, thus doubling the sound pressure 
above the plane. This is expressed as A = 2. A very soft plane, such as grass. sod, 
or heavy carpet. can absorb much of the downward directed energy rather than reflect 
i t  so that the resulting pressure more nearly resembles a free field than a hard single- 
plane field. (This will be acounted for in a later section.) 

If the source is located near two Lvalls or planes, as near a hard floor and a hard, 
vertical wall. then the pressure wa\.es will not only be reflected up, but they will 
not be allowed to move both left and right. Instead, the leftward waves will be 
reflected to the right, causing another doubling of the sound pressure i n  the field. 
This is quantified by a Directivity Factor, A, of 4.0. Three walls, as in a corner 
formed by two vertical. perpendicular walls on a horizontal floor will again double 
the pressure level for a value of A = 8.0. 

These A values are used to modify the free field decay equation as: 

Lr  = L,, + 10 log,, - 
[(4:x4 + 
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If the fan with D = 1 m and L, = 85 dB were mounted on a large totally reflective, 
hard plane, the sound pressure 5 m away would be: 

+ 0 . 1 6 3 . 1  dB L p  = 85 + I0 log,, - 

Note that the difference from the free field result is simply 10 log,,(2) z 3. For a 
two-wall situation, the increment is given by 10 log,,(4) = 6, and for the three-wall 
arrangement, 10 log,,@) = 9. Clearly, these hard, totally reflective walls have a 
substantial effect on the local values of sound pressure level and the health and 
safety risks and annoyance associated with a fan. 

If the nearby walls are not really hard (i.e., if they are not totally reflective to 
sound waves) and some of the pressure energy striking the surfaces is absorbed, 
then the reflective form of N(4nx2) must be modified accordingly. Since a totally 
absorbing \+.all or walls would revert the field to a non-reflective environment, the 
limit of total absorption ( a  = 1.0) would be equivalent to A = 1.0. Similarly, the 
total reflection value a = 0.0 uses the A values of 2,4, and 8. When a is "in between," 
the A values must be reduced to a modified form. The A \,slue for a partially 
absorbing wall can be written as (2 - a) .  For a two-wall configuration, the factor 
becomes A = (2 - a,)(2 - %), where the subscript refers to the properties of each 
wall. For a three-wall layout, A = (2 - a,) (2 - aJ (2 - aJ if all three a values are 
distinct. For walls with the same absorption coefficients, the results simplify accord- 
ingly. Examples are given for similar walls in Table 4.3. 

If, for example, the three walls have distinct a values of 0.2. 0.3, and 0.6, respec- 
tively, then the Directivity Factor would be A = (2 - 0.2)(2 - 0.3)(2 - 0.6) = 4.03. 
Values of a depend on the wall surface properties and the frequency content of the 
sound waves striking the surface. Low frequencies may be absorbed to a lesser or 
greater degree than high frequencies by a given surface. A thorough treatment of 
absorption or reflection thus requires that one not only know the L, values but also 
the details of spectral distribution, as well as the detailed frequency-dependent values 
of a. For a careful treatment of the details, see Fundanzentals of Noise Control 
(Thumann and Miller, 1986) or Noise and Vibration Control Eugineering (Baranek, 
1992). 

The rougher estimates can be made somewhat cautiously and will be used here 
to approximate the trends and overall influence of absorption. Thumann and Miller 
present a range of a values for a variety of surfaces. For example, glazed brick and 
carpeted flooring are characterized by the values shown here in  Table 4.4. 

One can use an averaged value or the value near the mid-frequency range, say 
at 1000 Hz, to characterize the material. Thus, one might assign brick the value 
a = 0.04 or carpet the value a = 0.37. Similar non-rigorous values of a for several 
materials are given in Table 4.5. 

As a more complex example, consider the noise level from a vane axial fan in 
terms of the sound pressure level at a distance of 50 ft from the fan. The fan is 
resting on a large rough-surfaced concrete pad. Fan diameter is 7 ft, speed is 875 
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TABLE 4.3 
Modified Directivity Factors with Similar Walls 

NO. of Walls a = 0 a = 0.5 u = 1.0 

TABLE 4.4 
Sample a Values at Octave Band Center Frequencies 

Frequency 125 250 500 1000 2000 3000 

Brick. a 0.03 0 03 0.0.; 0.04 O 05 0 07 

Carpet, cc 0.02 0.06 0.14 0.37 0 60 0 65 

TABLE 4.5 
Approximate u Values 

Material Overall u Value 

Brick 
Smooth concrete 
Rough concrete 

Asphalt 

\L'ood 
Heavy carpet 

Caqxt with foam rubber pad 
Plywood panels 
Piaster 

rpm. How rate is 100,000 cfm, pressure is 3.6 InWG (static; 4.0 total). and the fan 
has 1 1  blades. Using the simple methods. one can estimate sound power of the 
source and the decay to sound pressure level 50 ft aNa!. Sound power i5 given h! 

and D, is about 1.7. The resulting sound power level for the fan is 108 dB. Using 
the approximate value of a = 0.3 for rough concrete gives A,,, =1.7. Then the L, 
calculation yields the approximate value of L, = 76 dB. 

Thurnann and Miller give the octave bandwidth values for a for rough concrete. 
and one can estimate the octave bandwidth power levels of the fan using the full 
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TABLE 4.6 
Detailed Bandwidth Calculations 

Frequency 63 125 250 500 1000 2000 4000 8000 

Graham method. Table 4.6 summarizes the details of the calculation. (L, - K,) I S  

simply 10 log,,Q + 20 log,, Ap,, and bpf is the blade pass frequency increment i n  
the octave containing the frequency (N, rpm 160). The octave increments are summed 
according to L, = 10 log,,, (CIOLp-"u'o) to yield L, = 78 dB. The approximate result 
of 76 dB compares favorably with this more detailed, more definitive result. 

4.6 INDOOR PROPAGATION 

When considering the propagation or decay of noise inside a room, the question of 
the influence of numerous wave reflections and reverberation is raised. One can 
account for these effects through the use of a reflective "Room Constant" or factor. R .  
(One could call it a wall factor, but Room Constant is the accepted term.) R is based 
on the total surface area of the walls, S, and a coefficient of absorption as considered 
earlier. The same complexities of frequency dependence pertain as before. and the 
different walls can be made of different materials as well. Keeping things relativel! 
simple for now, and assuming the surfaces to be at least very similar, R is defined 2s: 

The pressure level equation is subsequently modified to the form: 

Lp = L w  + l o  log,, - 

If, for example, the walls are totally absorptive, R approaches infinity and ths 
"correction" disappears from the equation as expected. Propagation or decay is 
calculated exactly as in a free field with A = 1. For perfectly reflective walls. the 
value of a is 0.0 and R becomes 0, implying that the sound pressure will build 
indefinitely in the room. Fortunately, no materials are totally reflective, so the 
singular limit is not seen in practice. 
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Consider the problem of a large room 50 x 100 x 300 ft having a 6-ft diameter 
fan mounted on one of the 50 x 100 f t  walls. The fan has a sound power level of 
L, = 105 dB. It is necessary to estimate the sound pressure at the center of the floor 
of the room where there is a workstation. The walls and floor are wood and one can 
use an average value of a for ply\\.oocl panels of 0.10. Surface area S calculates to 
S = 100.000 ft'. so that: 

With the fan mounted i n  ;in end wall far from the adjacent walls. one npproxirnates, 
as described earlier. A = (2  - a )  = 1.9. Then. calculate L, as 

Harder walls made of linishcd plaster owr  concrete with a = 0.03 !.ields R = 4167 
and L, = 55 dB. For comparison. full! ab~orpti \~e surfaces would !.ielci L,, = 61. A 
smaller room 30 x 20 x I0 l't with the sanie fan installed would yield I_,, = I01 d B  
with plywood walls and I..,, = 108 dB with plastered concrete \\all\. Clearly. the 
reverberation cl'fec[~ can s t r~ngly  intluence the sound pressure results for a given 
fan or blo\vcr. 

I n  general. i f  t h ~  dimensions of a room and the values for the room surfaccs arc 
known. a simple calculation of' R a110~ c a convenient calculation of the inilucncc of 
the installation ot'a tan or blower. Figure 1.4. taken from Thumann and Miller (1986). 
allows a quick estimation of thc deca!. o i  L, with distance from the source as (L,, - L,) 
versus x (in feet) \vith R as the parameter in ft2. As seen in the figure, for small 
values of R. the room is largely re\wherant and not much deca! is evident. For 
example. with R = 50 St2. any position ivithin about 20 ft of the source will see L,, 
levels greater than L,,. Bcyond about 20 ft. no further decay occurs. For R = 200 ft'. 
a reduced signal (L, - L,) is seen beyond about x = 10 ft. Gradual decay continues 
until about x = 100 ft. where the deca! has reached about 7 dB. These nun-rbers can 
be used to determine the room properries for a given constraint on I-, it' L,, and sire 
are known. 

Consider an cxarnplc ~vhere a room has dimensions of 12 x -36 x 120 fl. so that 
the total surf'acc LITC:~ is S = 10,440 f t l .  With a sound source i n  the center of the 
ceiling (an exhaust f x i )  of strength I-,, = 86 dB, the constraint on noi.;s requires that 
the Lp value near an end wall be less than 60 dB. This constraint is tor intelligible 
normal speech at 3 f t .  Since the fan is exposing only the inlet side to the room, onc 
assumes that only half of the total sound power is inserted into the room that 
L, = 83 dB, and the requirement is for (L, - L,) = -23 dB. Given that S = 10,440 ft2 
and the distance from the source is about 60 ft, a quick check on the free field noise 
shows that the maximum attenuation is $ven by L, = 83 + 10 log,,, (11(4x 3600)) 
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FIGURE 4.4 Regions of free field and far field. (Thumann and Miller, 1986.) 

+ 10.4 = 46 dB. This value is below the allowable value of 60 dB. For stronger 
noise sources. greater than 97 dB, the lowest achievable levels--even in an anechoic 
room ( a  = 1.0)-will be greater than the required 60 dB. The criterion could not 
be met and the choices would be to select a fan with L, below 97 dB, or to install 
a muffler or silencer on the fan as a first step toward meeting the design criterion. 

For the 83-dB fan, the (L, - L,) requirement is -23 dB at x = 60 ft. Figure 4.4 shows 
that the Room Constant must be about 10,000 ft2 or better. Since a = (R/S)/(I + R/S), 
one requires a room whose surface properties yield a value of nearly a = 0.5. That 
probably implies the need for extensive "acoustical treatment" of all room surfaces, 
but-at cost-the goal can be achieved. As implied, the criterion for the example 
might best be interpreted as a limitation on the allowable sound power of the fan 
(or other device), particularly if the room structure is a given. For rough concrete 
walls ( a  = 0.3), a paneled ceiling ( a  = 0.1), and a carpeted floor ( a  = 0.37), then a 
weighted absorption value can be estimated according to 
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where the "surf' subscript implies summing the values for each of the six surfaces 
of the room. For this example, the calculation is 

The Room Constant becomes R = 0.30 x 10,44010.7 = 4,474. Figure 4.4 indicates 
the attenuation at 60 ft from the fan will be about 20 dB. The allowable fan source 
noise in the room is thus limited to about 80 dB. One must select a fan for which 
L,. = 83 dB or less. 

If dealing with a fan that has a sound power level above 83 dB, then as mentioned 
before. one has to absorb or attenuate some of the sound power at the source 
itself-the fan. An example of a fan inletloutlet silencer for a series of high-pressure 
blowers is shown in Figure 4.5. Table 4.7 shows the attenuation values for each 
octave band. Using an estimate of the sound pressure broken down in octave bands 
allows these silencer values to be subtracted from the fan to arrive at a new estimaw 
of the source sound power level. Table 4.8 summarizes the calculations necessar!, 
to estimate the noise reduction achievable using a silencer from Table 4.7 o n  ;I 

pressure blower providing 3450 cfm (inlet density) at 56 InWG pressure rise. One 
can estimate [he specific diameter at about 3, with specific speed of 0.7. The 
corresponding efficiency is approximately 0.90 based on the Cordier line. Usins thc 
high specific diameter formula to predict specific sound power le\.el s i \ ~ '  
K, 52/D,"i = 35 dB. The contribution of fiow and pressure rise give another 70 dB.  
yielding Lw E 105 dB. However, to use the silencer attenuation values. the octa\c' 
band breakdown for the sound power levels is required. These are shown in Tuhle 
4.8 along with the Size-10 silencer values. Note that the specific diameter prwidcs 
an estimate on tip diameter of 26 inches; with d/D = 0.4, the inlet diameter should 
be about 10 inches or a nominal Size-10. The overall value for the fan  sound power 
level (row 4. Table 4.8) is estimated as L, = 1 1  1 dB. From the net L, values. h e  
overall sound power level is 103 dB, a reduction of about 8 dB. This reduction could 
be nearly doubled by adding another Size-10 silencer in series with the first. yielding 
a source noise of about 95 dB. The process of adding more silencers becomes self- 
defeating in terms of size and bulk, cost, added flow resistance, and the flow-induced 
self-noise of the silencers. Figure 4.5 shows the pressure blower and the silenccr 
used in this example. 

4.7 A NOTE ON PUMP NOISE 

The consideration of noise in  pumps (see Karasik, 1986) falls roughly into three 
categories. The first is the airborne or liquid-borne noise as i t  propagates in the pump 
environment; i t  is considered primarily a problem similar to the propagation of fan 
noise mentioned earlier in the chapter. Given a suitable estimate or manufacturer's 
rating for a given pump, one can treat airborne noise as fan noise. Potential liquid- 
generated noise forms include flow separation, turbulence, impeller interaction with 
the cutwater of the volute, flashing, and cavitation. The broadband noise of a pump 
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FIGURE 4.5 Pressure blower and silencer. (Yen York Blouer.) 

generally arises from the turbulent flow over blades and t.olute surfaces and is w o ~ :  
at high velocities. Discrete frequency noise is generally associated with the blads 
passage frequency, and the cutwater interaction and is worst under conditions of 
very high head requirement. Noise associated with flow cavitation in the eye o: 
impeller will be perceived as intermittent high-intensity noise at relatively higk 
frequency, typically heard as a snapping or crackling noise. Its appearance in th: 
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TABLE 4.7 
Silencer Attenuation Values for Several Sizes (New York Blower) 

Size 6 3 H z  125 250 500 1000 2000 4000 8000 

TABLE 4.8 
Calculations for Silencer with High-pressure Blower 

Frequency 63 125 250 500 1000 2000 4000 8000 

spectrum of a pump niay be used as a means of monitoring the f o n  ionditions 2nd 
absence ur presence of hamiful degradation of the punip impeller m d  potential In\\ 
o i  performance. or even the pump itself. 

A typical pump noise spectrum is shown in Figure 4.6. where the tonal s p i h  
are clearly seen. As i n  all turbomachines, the sound power will bt a strons f'unctlun 
of the impeller speed and the correct selection of pump at the proper design perfor- 
mance. Noise mitipation techniques, as discussed by Karasik (1986). include isols- 
tion. interdiction of propagation or transmission path. reduction of speed or chany  
of speed to avoid resonance conditions, and avoiding cavitation. This can be achie\ ed 
by an increase in backpressure or injection of air or another gas (perhaps Argon) 
into the eye of the pump, if possible. Where the hydrodynamic interaction of the 
cutwater and the pump blades is a major noise source, the level of the noise generated 
can frequently be reduced by modifying the shape or location of the cutwater 
(Karasik, 1986). The distance of the blade tips from the cutwater can be increassci. 
or the cutwater can be made more rounded or shaped to avoid being parallel uith 
the blade trailing edges. Such changes can also reduce the perfomlance level o i  the 
pump while alleviating the noise problem. 

4.8 COMPRESSOR AND TURBINE NOISE 

A modest review of gas-turbine engine noise, with emphasis on the high-speed axial 
compressor component, is available in Richards and Mead (1968) and in more recent 
papers from the AIAA and ASME journals. The fundamental acoustic properties of 
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FIGURE 4.6 Pump noise spectrum. (Karassic, 1986.) 

these machines are characterized by blade pass frequencies and pure tones at ~ n u s h  
higher frequencies than have been seen in fans and blowers, due to both high rotating 
speeds and large numbers of rotating blades. The older turbo-jet ensines were clearly 
characterized by strong radiation of compressor noise from the inlet. and very strons 
turbulent jet noise from the discharge of the engine. A frequency spectrum typical 
of the older design practice is given in Figure 4.7 (taken from Curnptsy, 1977). Note 
the very strong magnitudes concentrated in the blade pass and higher harmonic 
spikes associated with the compressor. Excellent review papers o\er  the past few 
decades are available (Cumptsy, 1977; Verdon, 1993) and serve as the primary source 
for this brief section on engine noise. 

Considerable work during the 1960s and 1970s went into the reduction and 
control of these high noise levels as the basic form of the engines continued to 
evolve. As engines moved to higher, transonic Mach numbers in the compressor 
rotors, the basic acoustic signatures changed to include the very characteristic 
multiple pure tone (mpt) noise at frequencies below blade pass or even the rotating 
speed of the compressor. This behavior, which is related to formation and propa- 
gation of shock waves from the compressor rotor, is quite distinctive, and a more 
contemporary spectrum for such a gas turbine engine is shown in Figure 4.8. This 
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FIGURE 1.7 The nolse spcmurn of a turbo-jet engine. (Cumptsy. 1977.) 

rnpt component of noise. also known as "buzz-saw" noise. is amenable to duct- 
lining trcatrnent i n  the encine intake, and suppression of the component has been 
achieved r Morfey and Fishu. 1970). 

The broadband noise components associated with compressors are more closcly 
related to fan and blower noise as treated earlier in the chapter. Cumptsy shows the 
clear relvrion between the diffusion level in a blade row (see Chapter 8) and the 
magnitudt. of the broadband noise component, shown here in Figure 4.9 (as devel- 
oped by Burdsall and Urban. 1973). While the "self-noise" of compressor noise is 
said to depend on locall! unsteady flow on the blade surfaces (Wright, 1976; 
Cumpts!.. 1977). it may also be strongly affected by the ingestion of turbulence into 
a rnovinp blade row (Sharland, 1964; Hanson, 1974). Such influence is illustrated 
in Figure 1.10. \\,here an upstream flat plate disturbance was used to introduce 
turbulence systematically into a compressor blade row (Sharland, 1964). The results 
show a dramatic increase in the noise level. 

The noise contribution associated with the turbine section of an engine has not 
been in\.estigated or understood as well as the more dominant compressor and jet 
contributions to the spectra. Noise levels associated with the relatively low blade 
relative \.?locities in the turbine are usually masked by strong jet noise (in the older 
turbo-jet engines) and by aft propagation of fan and compressor noise in the high 
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FIGURE 4.8 Noise spectrum at higher mach number with multiple pure tone noise 
(Cumptsy. 1977.) 

bypass ratio engines developed more recently. In addition, the downstream turbu- 
lence and flow masking have led to a "broadening" of the pure tone spikes of the 
turbine into less distinguishable "semi-broadband" noise. 

Along with the modification to the noise signatures of the engines caused by 
the high bypass turbo-fan developments, intensive efforts to reduce the high-speed 
jet noise component had been effective in reducing downstream propagated noise. 
An example of the performance of a noise suppression nozzle design is shown in 
Figure 4.11, with reductions of 10 dB or more when compared to a conventional 
nozzle. 

More current trends in the 1980s and 1990s have, of course, developed along 
the lines of numerical computation and theoretical prediction of aeroacoustic 
performance of turbomachines. These methods (see Verdon, 1993) seek to accu- 
rately cover a wide range of geometries and operating conditions, leading to a 
broad and very difficult task, demanding great efforts toward minimization of 
computer storage requirements and highly time-efficient solution algorithms. Ver- 
don characterized this work (in 1993) as being developmental, with actual design 



Turbomachinery Noise 

Measured 50 ft from Inlet, 
60 deg. from Axis 

Diffusion Factor at 75% Radius 

FIGURE 4.9 Broadband noise and blade row diffusion level. (Cun~pts!. 1977.) 

relying on the experimental information and the earlier analytical methods of the 
1970s and 1980s. 

The fully viscous unsteady approach for numerical solutions of the aerodynamics 
and aeroacoustics, which attempt to drive an unsteady solution to a converged periodic 
result, oiYers the greatest rigor but requires great computational resources as well. 
The inviscid linear or linearized analyses are still being developed and are capable 
of close agreement with the more complete approach to such solutions. Of course, 
the simpler methods remain somewhat more limited in applicabilit! (Verdon, 1993). 

There appears to be no real question as to the continued development and 
application of the modern numerical methods to the problems of turbomachinery 
acoustics. However, the improved state of experimental measurement will surely 
lead to an improved and needed experimental database to complement the advances 
in numerical predictive capabilities. 
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FIGURE 4.10 Turbulence ~n,nestion influence on compressor no~se. (Shadand, 1964.) 

4.9 SUMMARY 

The topic of noise associated with turbomachines was introduced in fairly basic. 
conceptual form. The most fundamental concepts of sound wa\.e propagation and 
the idea of a spectrum or frequency distribution of sound or noise were discussed. 
These ideas were extended to the free field propagation and diminution of the sound 
pressure level or intensity of the sound at increasing distances from the noise source. 
Propagation in the free field was conceptually extended to include the influence of 
reflective surfaces near the noise source. 

The quantitative physical scales of acoustic power and pressure were introduced 
in terms of reference quantities and decibel levels in power and pressure. Illustrations 
were provided to introduce decibel levels that are typical of familiar environments 
in an attempt to develop a "feel" or sense of the loudness of a given noise level. 

Fan and blower noise was used as the primary vehicle to discuss and quantify 
the noise characteristics of turbomachines. The concepts of broadband (wide spec- 
trum) and pure tone (narrow spectrum or spike) noise components were developed 
in terms of the physical behavior and characteristics of the machines. The Graham 
method was introduced as a semi-empirical procedure for estimating both the overall 
sound power level of fans and blowers and means for estimating the spectral 
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FIGURE 4.11 No~zle nolse suppression performance. (Richards and hlead. 1968.) 

ili~rribution of the sound power as well. His usll-established model was moditied 
ro simplify calculation and to unify the concept o t  specific sound power of n machine 
.I\ 3 simple function of specific diameter. Suhjsct to inherent limits in accuracy and 
wme loss in detail, this "modified Graham niethod" was used i n  examples to 
illusrrute the process of designing for low noise levels. 

Brief sections were provided in the chapter to extend the discussion of turbo- 
machinery noise to pumps, compressors and turbines. The references provided in 
the sections may serve as a beginning point for more thorough treatment of these 
topics as needed by the reader. Finally, the subject of numerical analysis of the fluid 
mechanics and acoustics in turbomachinery \i.as mentioned briefly and is mentioned 
ufain in  Chapter 10, along with a few referencss on the subject. 

4.1 0 PROBLEMS 

1 . 1 .  Estimate the sound power level for the fans described in Problem 3.5- both 
the model and the prototype. Develop the octave bandwidth data for both. 

3.2. Estimate L, for the fan of Problem 3.3 using the modified or simplified 
Graham method, with K, = 52/D,0.J. Use the Cordier approach to size this 
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fan and re-estimate the noise using the very simple tip speed model, 
L, = 55 log,,,V, - 24. Compare with the result using the Graham method. 
From the information given in Problem 2.4, calculate the noise level of 
the wind tunnel fan (L,). Compare this result to the sound pressure levels 
shown in Table 4.2. Using appropriate techniques, try to minimize the 
value of L, at a distance of 60 ft from the fan inlet (assume a free field). 
Use the results from Problem 2.5 to estimate the noise level of the com- 
pressor. Use the simplified Graham method for overall L,,. 
From your solution of Problem 2.6, estimate the L, values at the original 
speed. Use the tip speed algorithm from Problem 4.2 to approximate the 
value of L, at a distance of 30 ft from the fans (assume A = 4). Compare 
these results to Table 4.2 values and discuss what measures (if any) should 
be taken for workers operating in the environment of these fans at dis- 
tances greater than 30 ft. 
A ducted axial fan is tested at 1750 rpm and delivers 6000 cfm of air at 
4 InWG (static). 
(a) Calculate the proper size and efficiency for this fan. 
(b) Estimate the power required for the fan motor. 
(c) Calculate the sound power level for this fan using K,, = 72/D,"-5n 

the simplified Graham method. Compare this result to an estimate 
using the onset velocity method. L, = 55 log,,, W , ,  - 32. where 
W,,  = (V,' + (QIA)')'" is the inlst blade relative velocit\, at the blade 
tip. Also compute and compare a sound power level calculation based 
on the fan shaft power, P,, (in hp). according to L, = 20 log,,, P,, + 8 1 .  
and using a "speed corrected method based on L ,  = 20 log,,,P,, + 
8 1 + 4 log,,(V/800) (V, is the tip speed in ftk). State all assumptions 
and simplifications. 

A laboratory room 16 x 10 x 8 ft high must be ventilated so that the air 
in the room is exchanged twice per minute. The resistance to the flow is 
a short exhaust duct with a set of screened louvers over a vent (K = 1). 
Choose a fan whose level of sound power is less than about 70 dB in 
order to allow for low speech interference levels within the lab. 
The laboratory room of Problem 4.7 has walls, ceiling, and floor treated 
with an absorbent padding roughly equivalent to heavy carpeting. Estimate 
the sound pressure level at the room center (x = 8 ft) if the fan is i n  an 
end wall. Compare the results to the criterion for speech interference in 
Table 4.2. 
A large forced draft fan (D = 10 ft) supplies cooling air to a steam condenser 
in an oil refinery. The inlet of the fan is open and faces the boundary of 
the plant property, where the sound pressure level cannot exceed 55 dB. 
The fan supplies 100,000 cfm at 8 InWG static pressure rise and is sited 
against a smooth concrete wall on a smooth concrete pad. The inlet is 
250 ft from the boundary. Will the fan inlet need a silencer? 
A large mechanical draft fan supplies cooling air to a primary power 
distribution transformer in a suburban environment. The fan is a wide, 
double-width centrifugal type with the inlet of the fan open and facing 
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the boundary of the utility property. At the boundary line, the fan sound 
pressure level must not exceed 58 dB. The fan supplies 400,000 cfm at 
21 InWG static pressure rise and is sited against a smooth concrete wall 
with deep, soft sod on the ground between the fan and the boundary line 
which is 65 ft away. Will the fan inlet need a silencer? If so, how much 
attenuation is required'? Could an acoustic banier or berm be used'? (See 
Baranek or Thumann.) (Hint: Assume a = 0 for the wall and a = 1.0 for 
the sod. Also, size the double-width fan as a single-width with half the 
flow to establish D,. Then double K ,  logarithmically of course.) 
There have been many semi-empirical scaling rules proposed for estima- 
tion of sound power level for fans and blowers, with many of them based 
on impeller tip speed. They usually take the form 

If the speed (rpm) is increased, then the change in the sound power level 
is given by 

Use the Graham method to show that the C ,  value consistent with his 
correlations is C ,  = 50 for N-scaling. That is, restrict the study to variable 
N and constant D. 
Pursue the same exploration as was proposed in Problem 4.1 1 ,  but exam- 
ine the influence of diameter variation with fixed speed (rpm). What value 
of C ,  makes sense in the context of Graham's model'? How can you 
reconcile this result and the result of Problem 4.1 1 with the typical 
empirical values of C ,  in the range 50 < C, < 60? 
Select a fan that can supply air according to the following specifications: 

with the design constraint that 

Choose the smallest fan that can meet the specifications and the constraint 
on sound power level. Use a Cordier analysis, not a catalog search. 
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4.14. On large locomotives, axial fans are used to supply cooling air to a bank 
of heat exchangers. Two of these fans draw ambient air through louvers 
in the side panels of the locomotive. Each fan draws 5.75 m3/s of air at 
28•‹C and 98.0 kPa and must supply a total pressure ratio of p,,,/p,, = 
1.050 (ApT = 5 kPa). 
(a) If locomotive design requirements impose a diameter limit on the 

fans of D = 0.6 m, calculate the minimum speed required and estimate 
the sound power level (L,). 

(b) If the allowable level of sound pressure level (L,) is 55 dB 15 m to 
the side of the locomotive, do we need noise attenuation treatment'? 
How much? 

(c) Evaluate the need to include compressibility effects on the fan design 
and selection. 

4.15. Calculate the reduction in noise available for the locomotive fans of 
Probleni 4.14 if the constraint on size can be relaxed. Examine the range 
from 1 m up to 2 111 diameter for the stated performance requirements. 
Develop a curve of L,, and L, for the stated conditions. 

4.16. A small axial flow fan system runs at 1480 rprn to suppi! a flow rate of 
3 m3/s of air with a density of 1.21 kg/m3 and a static pressure rise of 
100 mmH,O. 
(a)  Determine a proper fan size, efficiency. and poww requirement. 

Adjust the Cordier efficiency estimate for Reynolds Surnber. 
cb) Estimate the value of L ,  for the fan using the niodified Graham 

method. 
(c) Estimate the sound pressure level, L,, for an open inlet configuration 

propagating o \ w  water. Develop a curve of L, vcrsus \ up to 100 m. 
4.17. An axial flow cooling tower fan has a diameter of 32 ft and is a tube axial 

type. It provides 1,250,000 cfm at a total pressure rise of 1.0 InWG with 
an air weight density of 0.075 Ibf/ft3. 
(a) Estimate the sound power level, L, of the fan using the Modified 

Graham method and the Tip Speed method. 
(b) Calculate the sound pressure level, L,, at a distance of 110 ft from 

the fan inlet (assume free field propagation). 
4.18. A large cooling tower fan has a diameter of I0  m and is a tube axial type. 

It provides 600 m3/s at a total pressure rise of 500 Pa with an air weight 
density of 10.0 N/m3. 
(a) Estimate the sound power level, L,,, of the fan using the Modified 

Graham method and the Tip Speed method. 
(b) Calculate the sound pressure level, L,, at a distance o i  50 m from the 

fan inlet (assume free field propagation). 
4.19. Railway locomotives also require air blowers to provide the heat transfer 

from the coolant "radiators" of the very large diesel engines powering 
these vehicles. Typical performance numbers for these blo\vers (there are 
two for each of the engines) are Q = 3 m3/s and Ap, = 15 kPa with 
p = 1.2 kg/m3. 



Turbomach~nery Noise 123 

(a) Estiiiiate the probable unattenuated sound power level of one of these 
blowers. (Hint: Assume a centrifugal single-width blower of fairly 
high specific speed, D, = 2.4.) 

(b) Estimate the combined sound power level of all four blowers. 
(c) Calculate the sound pressure level at 15 m from the side of the 

locomotive, over soft grassy earth, with only tu,o of these radiator 
blowers in operation (i.e.. assume the two on a given side are the 
dominant sound power source). 

1.20. To reduce the space requirements of the fans within the locomotive, for 
the engine cooling problem studied in Problem 4.19. one can propose the 
use of compact three-stage axial fans to replace the blowers used earlier. 
(a! Using a specific speed near the high range for axial fans, say N, = 3, 

size the speed and diameter needed. 
(b) For one such stage, estimate the sound power Ie\,el. 
(c) Estimate the combined power level for the multi-stage fan. 
(d) Finally. estimate the overall sound pressure le\.el of all four of these 

multi-stage fans at the 15-m evaluation distance of Problem 4.19, and 
cornpare i t  to the specified maximum level of Problem 3.14 (55dB). 

4.2 1 .  Cooling tower fans such as the one studied in Problem 3.18 are frequently 
used in niuch smaller sizes i n  adjacent "modules" of seiwal fan-tower 
units operating in parallel. Typical size will be on the order o i i - m  diameter 
with groups of 5. 10. 20. or more of the smaller fans and tower units. 
Consider a grouping of 20 fans ser in  a straiglit linc.. Each fan supplies 
25 ni'ls of air with a static pressure I-ise of 150 Pa at p = 1.01 kg/rn3. 
( a )  Estimate the sound power level of one such fan. 
(b)  Estimate the combined sound power Ie\.el of all 20 fam. 

1.22. For the fans described i n  Problem 4.21. with a center-to-center spacing 
of the fans of I m: 
(a)  Estimate the sound pressure level from the line of fans. at a position 

situated 20 m from the tenth fan. measured perpendicular to the line. 
(b) Use line source theory for the arrangement of fans to provide an 

estimate of the sound pressure of part (a). (Hint: Refer to other 
references on noise propagation such as Beranek. 1992; Thumann 
and Miller, 1986.) 

(c) From a distance of 10 In from the line. approximately how much 
error would be incurred in using the line source approximation on 
the group of 20 fans'! 

4.23. For fan or blower performance written in m'/s and Pa for volume How 
rate and static pressure rise. show that the Graham equation for sound 
power level can be modified to 

with K, = f(DJ as before. 
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4.24. An axial cooling tower fan has a diameter of 18 m and is a tube axial fan. 
It provides a volume flow rate of 4000 m3/s at a total pressure rise of 350 
Pa with an air density of 1.10 kgIm3. Estimate the sound power le\,el of 
the fan using the Graham method and the onset velocity method (see 
Problem 4.6). Estimate the sound pressure level 120 rn from the fan. 
Assume a ground plane absorption coefficient of 0.25. 



5 Selection and 
Preliminary Design 

5.1 PRELIMINARY REMARKS 

In attempts to organize turbomachinery data, Cordier found that machines of differ- 
ent type-axial flow, mixed flow, or centrifugal flow-naturally grouped into dif- 
ferent regions on the N,-D, diagram. On the left side, those machines with low head 
rise and high flow rate were grouped. These were predominantly axial flow machines 
of various types at small D, and large N,. In the middle range of the chart, machines 
of moderate head and flow with a mixed flow path fell together. Those machines 
with small flow and large head rise grouped to the right side of the diagram, at low 
specific speed and high specific diameter. In Figure 5.1, this breakdown of regions 
of the diagram is refined somewhat beyond the initial observation to depict six 
regions or subdivisions of the Cordier diagram into distinct types of machines. Bear 
i n  mind that the boundaries of each region are indistinct and there is a natural 
tendency for them to overlap. Nevertheless. this breakdown will help identify the 
application range, in flow and pressure, for different machines-pumps, fans. blow- 
ers, compressors, and turbines. 

5.2 FLOW REGIONS 

In Region A, in a rough range with 6 < N, < 10, and 0.95 < D, < 1.25, one finds 
propeller-type machines used for moving huge quantities of fluid with very little 
change in pressure. Ship and aircraft propulsors, horizontal axis wind turbines, and 
light ventilation equipment such as floor fans, desk oscillators, or ceiling fans fall 
into this range. They are usually of the open or unshrouded configuration. Note from 
the efficiency curve that they also lie in the range of lowest efficiency on the chart. 
with 0.30 < q <0.60. 

In Region B, the range is roughly 3 < N, < 6 and 1.25 < D, < 1.65. Here, one 
considers tube or ducted axial flow equipment such as tube axial fans, vane axials 
with small hubs, axial flow pumps, or "inducers," and shrouded horizontal axis wind 
turbines capable of somewhat higher pressure rise (or drop) performance (for a given 
diameter and rpm). Ventilation applications such as attic fans, window fans, and air- 
conditioner condenser fans usually use fans in this range. Axial pumps and shrouded 
propellers (air or water) also fall into this category. 

For Region C, the range of 1.8 < N, < 3 and 1.65 < D, < 2.2 is a region of "full 
stage" axial equipment. The blade row operates enclosed in a duct or shroud and 
usually has a set of vanes downstream from the blade row that straighten and recover 
the swirling flow before the fluid leaves the machine. Typical applications include 
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FIGURE 5.1 The cordier diagram with the regions for machine types shown 

vane axial fans with fairly large hubs, axial flow pumps, bulb-type hydraulic turbines. 
and single-stage or  multi-stage axial compressors and pumps. 

Region D, for 1.0 < N, < 1.8 and 2.2 < D, < 2.80, includes multi-stage axial 
flow equipment, mixed flow pumps and blowers, Francis-type mixed-flow hydraulic 
turbines or possible centrifugalhadial flow pumps or blowers, with unusually wide 
blading at the exit of the impeller. Applications requiring higher pressure rise with 
a large flow rate will use this equipment. Heat exchanger applications in HVAC 
equipment and moderately low-head liquid pumping are typical. 

In Region E, with 0.70 < N, < 1.0 and 2.80 < D, < 4, radial discharge equipment 
dominates. Centrifugal fans of moderate width and liquid centrifugal pumps lie in 
this range. Heavy-duty blowers, compressors, and high-head turbines running at 
fairly high rpm are also typical. Blading will be of the backwardly inclined or 
backwardly curved type. 

Region F is the property of fairly narrow centrifugal or radial flow equipment, 
with N, < 0.70 and D, > 4. High-pressure blowers, centrifugal compressors, and 
high-head liquid pumps are typical. For small flow and very high head, one begins 
to see narrow radially oriented blades and even forward-curved blading. 
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Specific Speed, N, 

FIGURE 5.2 'Plli. oris~nal form o f  thc Cordier line laken from Balje ( l'3Sl ) .  

To complicate matters. there are some comn~ercially available "h! brid" muchines 
for special-purpose applications. These include very wide centrifugal blowers with 
forward-curved blading. such as furnace fans or air-conditioner e\qorator fans.  
Radial discharge centrit'ugal machines. which operate in a cylindrical duct. an essen- 
tially axial flow path. are also seen. These fans are often rcterred to as in-line o r  
plug fans. I n  addition. a great many centrifugal flow machines are available in  
double-inlet. double-width. or double-suction configurations and are found to operate 
well into the nominally axial range of the Cordier diagram. Axial machines with a 
large ratio of hub to tip diameter (75 to 9010) are capable of crowding into the 
centrifugal range of the diagram with relatively small flow rate and high pressure. 
Figure 5.2 shows the original fonn of the Cordier line (Balje, 198 1 ). and Figures 
5.3 through 5.8 illustrate the machine geometry typical of each of the regions. 

Whcn i t  is necessary to meet certain requirements in volume flow rate and 
pressure rise, one can follow the overall trend prediction of the Cordier diagram to 
help decide what kind of machine will perform the job. For an initial selection of 
speed and known h i d  density, one can estimate the specific speed. Enter the diagram 
at Ns, and determine a workable value for the machine size by choosing a value 
near or on the "Cordier line." This initial procedure will indicate both the size and 
type of machine one should be considering and the highest value of efficiency one 
can reasonably expect to achieve. 
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FIGURE 5.3 Region A: Open-flow axial fan or pump. 
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FIGURE 5.4 Region B: Tube axial or ducted fan. 

For example, if one needs Q = 5 m3/s with A h  = 1,250 Pa in air with p = 1.20 kg/m3. 
then 
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FIGURE 5.5 Region i'. -1 ~ ' u l l - s ~ a ~ e  or vane axial ductsd fan 

Vane R o w  

w 
FIGURE 5.6a Region D: Mixed flow configurations. 
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FIGURE 5.6b Another mixed flow configuration. 

If N = 1800 rpm = 188.5 s-I, then N, = 2.30. Cordier indicates D, z 1.9 1 .  for  which 

CL 

The probable efficiency is no greater than 0.88 or 0.89. 

I n l e t  
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FIGURE 5.7 Region E: Radial discharge centrifugal machines 

Further, the fan lies in Region D (to the left edge) and should probably be a 
mixed flow or a vane axial fan. What if a lower speed is chosen'? Let N = 900 rpm. 
Now N, = 1.15, with a corresponding D, of approximately 2.66. This indicates a 
Region E fan, a radial flow or moderate centrifugal fan with a dlameter of about 
1.05 m and an efficiency perhaps as high as 0.92 or 0.93. It is more efficient, but 
the diameter is quite large and will be expensive to manufacture. The point of the 
example is this: Using the Cordier diagram for guidance, one can very quickly 
examine some alternatives in machine type, size, and efficiency for a given perfor- 
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FIGURE 5.8 Region F: Narrow centritugals. 

mance requirement and begin to make decisions about selecting or perhaps designin? 
a machine to perform the task. 

5.3 SELECTION EXAMPLES 

This section takes a look at some fairly detailed examples of how to use the Cordier 
diagram to make an initial estimate of a selection of a turbomachine for a given 
performance specification. The procedure is as follows: The performance requirements 
and type of fluid will be known. That is, p, Am, and Q are given. Recall that the 
pressure rise or drop used in the Cordier analysis must be given as total pressure. 
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although system resistance and therefore machine specification are very often stated 
in terms of static pressure. One must convert the static values to total and if necessary 
iterate the velocity pressure calculation as machine size changes at constant mass or 
volume rate. This will be illustrated in the examples. To find out what kind of machine 
to use, this section will explore combinations of size (D, diameter) and speed (N, rpm 
or S - I )  in  relation to points on or near the N,-D, locus of good equipment as indicated 
by Cordier. Given p. Ap, and Q, one can either choose D and find N--or choose N 
and solve for D. This is done according to the definitions of N, and D,. 

When choosing N, use N, = NQ"21(ApTlp)3'.' and a choice of N yields N,. Then 
calculate D, (from Equation (2.39)) 

and calculate D from Equation (2.37): 

It' N, 2 1 .O. use 

When choosing D, we use D, = D(ApTlp)"VQ1l', and a choice of D yields D,. 
Then calculate N, (from Equation (2.39)) 

and calculate N from the relation 

If D, 2 2.84, use N, = 3.25 D,-'.126 (Equation (2.37)) 
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Accompanying the determination of D from N or N from D. one can read the 
efficiency, q, from the top of the Cordier diagram or use the curve-fit equations 
given in Chapter 2 and repeated here for convenience. 

Recall that the value from the curve is an upper limit expectation of best efficiency 
for well-designed, well-constructed machines with smooth finish and tight clearances 
and that a simple method is provided to de-rate these values for low Reynolds number 
or for large radial clearance gaps. Note that the values can also be read from the curves 
with sufficient accuracy for D,, N,, and q, Now, consider some examples. 

The first application is to select the basic size and speed for a fan that must 
move 4.80 m3/s against a resistance of 500 Pa at standard sea level air density 
(p = 1.21 kg/m3). For the calculation, it is known that the total pressure rise require- 
ment is about 625 Pa (112 pV2 = 125 Pa if V, = 21 mls). This 1s a lot of flow and 
not much pressure rise, so one can start with a fairly high N, and eq lo re  some range 
around N, = 5. 

First calculate: 

and 

Then, N, = 5 yields N = 510.0200s = 250 s-I = 2387 rpm 
For this value, D = D,Q1121(ApTlp)1'J = 0.455 D, where D, G 7.84 N,-"47h. Here. 

D, = 2.84 (5)417G 1.32, so D = 1.32 x 0.455 m = 0.601 m. Also, at D, = 1.32. 
qT = 0.80 (at best). Other values of N, should be checked; some calculations are 
summarized in Table 5.1. 

Some general observations on these results can be made: 

1. At the upper range of N,, the efficiency is poor but the fan is small and 
probably inexpensive. At 4775 rprn (N, = lo), it is very fast and is probably 
a "screamer." Note that the value of k, = 72/D,0.8 indicates a very high 
specific noise level of 75 dB, for a total sound power level of 121 dB. 
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TABLE 5.1 
Cordier Calculations for the Example 

N D L, 
N, D, (rpm) (m) (dB) q, Region TY Pe 

10 0.949 4775 0.436 121 0.70 A Prop 
Tube axial 
Tube axial 
Vane axial 
Mixed 
Radial 
Radial 
Narrow crnirifupal 
Narrow ci'ntntugal 

At the lowest range of Ns, the efficiency is dropping oft' and the fan is 
getting very large and expensive, and at 100 to 200 rpm the speed is 
ridiculously low. It is, of course, very quiet at about 82 dB. 
In the middle range. efficiency is good. size and speed are both moderare, 
sound power level is also moderate. and one may have a good stat-ring 
point for preliminary design or selection. 

One can s tx t  rhe starch for a fan with, say. N, = 2.5 (with D, = 1 S11 \UCII that 

The fan will be vane axial in the middle range of N,. 
With D = 0.837 m. the "mean" axial discharge velocity, given b!, V,, = QIA,,,,. 

becomes 

which is low (V, = 8.72 m/s implies a velocity pressure of about 46 Pa). The 
assumption of 125-Pa velocity pressure was a little conservative and should be 
corrected in a second iteration. 

As an exercise, assume a velocity pressure of 500 Pa, making Ap, = 1 kPa. and 
rework the example, choosing a suitable initial fan. One should get a high-specific- 
speed vane axial fan with a diameter of approximately 70 cm running at 1800 rpm 
(mean discharge velocity pressure is about 450 Pa). 
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5.4 SELECTION F R O M  VENDOR DATA: FANS 

An example of fan performance information in typical catalog vendor form is 
provided here for a generic vane axial fan. One can use several examples in the 
process of selecting industrial turbomachinery for a list of specifications i n  a given 
flow problem. In general, performance information in the form of dimensionless 
performance curves can conveniently be used to replace the vendor catalog form. 

The selection process will follow the basic Cordier concept to establish a base 
of candidate size and speed values, which can then be compared to available vendor 
data. Bear in mind that, although the tables are very limited in the first example, a 
broad search could involve entire catalogs from many vendors. 

For axial fans, Table 5.2 is based on rather generic data for a vane axial fan in 
the form of a multiple performance rating table or multi-rating table. The fans listed 
here are belt-driven fans rather than direct-connected or direct-drive fans. Take a 
moment to examine the structure of Table 5.2. Q in cfm controls the leftmost column 
entry, with uniquely associated values of velocity pressure (112 p Vd2). Increasing 
values of static pressure rise (Ap, or S.P.) are blocked off to the right of the first two 
columns. Note that static pressure rise ranges from 0.0 to 1.5 InWG but that thc 
highest pressures are not available for the loner volume flow rates. Examination of 
corresponding speed values (in rpm) shows th? inherent influence of tip speed on 
available pressure rise. A typical vane axial fan is shown in Figure 5.9. 

Consider the following specifications: 

Q = 3.0 m3/s: Ap, = 250 P.3: p = 1.2 1 kg/ni3 

What about velocity pressure to obtain Ap,? One can carry out the initial analysi~ 
using D as the independent variable. If it is assumed that d/D is 0.50. one can 
calculate the annulus area and the velocity pressure so that total pressure is known 
for each choice of D. Then construct a Cordier analysis table (Table 5.3) using the 
defining equations for D, and N,. Since a \an? axial fan from Table 5.2 is to be 
selected, look at the upper range of the Cordier table (Table 5.3). The diameter of 
such a choice must lie between about 0.6 and 0.8 m, or roughly around 0.7 m. The 
spread of data underlying the Cordier curve suggests a degree of flexibility in the 
exact value of D,, within 35% of 1.63. Thus, one should be able to find a candidate 
selection with a diameter between 0.66 and 0.y-l using the specific speed value of 
3.32 or N = 1 1  16 rpm. Since Table 5.2 is in English units. temporarily convert the 
requirements to Q = 6350 cfrn (ft3/min). Ap, = 1 InWG with D G 28 inches at 1 1 16 rpm. 

Checking Table 5.2 for the 27-inch size fan. the closest match to the specifica- 
tions appears to be a fan with 6500 cfm at 1.00 InWG running at 945 rpm requiring 
1.23 kW. Another fan is just below this one in the table. It gives 7300 cfm at 1.0 InWG 
with 1000 rpm requiring 1.64 kW. The next smaller size, the 24-inch fan, yields two 
choices. At 6400 cfm, a 1.0 InWG static pressure rise at 1200 rpm and 1.5 kW. At 
5800 cfm, 1 InWG at 1150 rpm with 1.27 kW. Examination of additional tables for 
larger and smaller versions of this vane axial fan would provide more choices for 
fans that can operate close to the required performance point. 
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TABLE 5.2 
Multi-Rating Tables for a Vane Axial Fan 

21-inch O.D. Fan: 
Fan Dia. = 24 inches; Casing Dia. = 24.3 inches 

Volume I .  S.P. = 0 
(cfrn) IInWG) (InWG) 0.25 0.50 0.75 1 .OO 1.23 1 .50 

rpmlhp rpmlhp rpmlhp rpmlhp rpm/hp rpmlhp rpmlhp 

27-inch O.D. Fan: 
Fan Dia. = 27 inches; Casing Dia. = 27.3 inches 

Volume V.P. S.P. = 0 
(cfm) (InWG) (InWC) 0.25 0.50 0.75 1 .OO 1.25 1.50 

rpm/hp rpm/hp rpmlhp rpmlhp rpmlhp rpmlhp rpmlhp 

Althouzh this is somewhat confusing. the target is surrounded. so ro speak. with 
fan parameters reasonably close to the specifications derived from the analysis. The 
notable exception is the required power, which is high in every case. As can he 
shown. both the Reynolds Number and the radial clearances are relati\ely far from 
the "excellent" conditions outlined for the qT.= estimate. Re = ND2hf = 0.39 x lo7. 
From Tabls 5.2. the 27-inch fan has a blade diameter of 27.0 inches and the casing 
or inlet diameter is 27.3 inches. Thus, the radial clearance is E = 0.15 inches and 
6 = EYD = 0.0056 or a,, = 5.6. Taken together, these factors reduce the efficiency to 
0.63 from 2 Cordier value of 0.90. The nominal value of required p w e r  is about 
1.6 kW. T h a  is fairly close to the above values. 

The best choice from the tables appears to be the 27-inch fan at 945 rpni and 
1.23 kK' power required. The 24-inch fan at 6400 cfm and 1.0 InWG could provide 
the performance, but the power is increased by more than 20%. Also note that the 
fan tip speed for the 24-inch fan is 125 ft/s, and for the 27-inch fan i t  is I 1  I ftls. 
Estimating the sound power level on the basis of tip speed, the difference between 
the two fans can be approximated by 55 log,,(l25/1 1 1 )  = 2.8 dB. Now. 2.8 dB is a 
sipificant difference-but not a commanding one. Estimating the noise for each 
fan usins the Graham method gives 94 dB for the 24-inch fan and 91 dB for the 
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27-inch tan.  The choice b e t ~ e e n  the two could be made on the h,~\ i \  ot xnund pan el- 
I c ~ e l .  but the difference is not \.cry great. Table 5.3 summarize\ the parxneter.  oi 
theze two fans. 

The two kun\ x e  very similar and the tinal choice uould depend or1 rhe L I W I - ' \  

preference either for smaller size and perhaps slightly h v e r  i n ~ r ~ a l  co\r. or a ILII-gsl- 
fan at increased tirst cost, but a reduced power requirement r u n n l n ~  at r d u c e d  noihr.. 
The preference may well depend on the usage of the fan. If thi. t'm i \  going to hi. 
used mow or less continuou\ly over a period of many !-ears. thc. 27-inch fan with 
decreawd opesatins cost will be the chosen fan. If the f a n  1. till- c)ccasiund (11- 

wawnal  use and noise is not \,cry important. the smaller fan nlll br the one. 
The same kind of Cordier analysis could be used to select a tubs ;~xial f a n  hur 

is deferred to the problem assignments at the end of the chaprsr. 
For centrifugal backwardly inclined fans. the multi-rating tables for the psrfo-- 

Inance of a coriimercially available centrifugal fan. similar to those tor the \ a n t  
axial fan of Table 5.2, have been reduced to a set of dimensianles\ pel-formancs 
curves. These curves, given in Figure 5.10. summarize the ztatic pressure rise 
coefficient, y,, and the static efficiency, q,, as functions of the flow coefficient. 0. 
The equivalent total performance is readily generated from ths relations g i \ m  i n  
Problem 1.22 
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TABLE 5.3 
Cordier Analysis 

Tube 
Tube 

Vane 
Vane 
M i x .  
Crnr. 
Crnr. 

TABLE 5.4 
Fan Options 

D N Q AP, p L* 
Fan (m) (rpm) (m3/s) (Pa) (kW) (dB) 

TABLE 5.5 
Cordier Table for Centrifugal Fan Selection 

TABLE 5.6 
Direct-Connected Pump Calculations 

N D NPSHR 
# Poles (rpm) N, D, (in) q, o, (ft) 
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Flow Coefficient, 4 

FIGURE 5.10a Non-dimensional performance curves for a SWSI centrifugal fan. Available 
sizes are 0.46, 0.61, 0.91, 1.02, 1.25, 1.375, 1.50. 1.67, and 1.85 m diameter. Tip speeds are 
limited to 55 m/s (Class I), 68 m/s (Class 11), and 86 m/s (Class 111). 

with 

The figure states the available sizes for this fan ranging from 0.46 m to 1.85 m. The 
limiting tip speeds for structural integrity are stated for three versions of the fan. 
There is the "light-duty" Class I fan limited to V, = NDl2 = 55 d s ;  the "moderate- 
duty" Class II fan limited to V, = 68 d s ;  and the heavy-duty" Class I11 fan limited 
to V, = 86 d s .  Clearly, larger sizes or rotating speeds are allowed for the higher 
classes leading to higher pressure rise and flow rate capabilities. The fans of 
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Flow Coefficient, 4 

FIGURE 5.10b Non-dimensional performance curws for a SWSI ccntrit.u,nal fan. 

Class I. 11, and 111 are increasingly more rugged and more expensive. Given nine 
distinct sizes. each in three \,ersions and a full y~,,q,+ cur\.e. the combinations are 
finite bur very broad, yet the data is presented in a much more compact fashion than 
is typified by Table 5.2. Note that the curves of Figure 5.10 are for a single-width. 
single-inlet fan (SWSI), and that a double-width, double-inlet (DWDI) version is 
also a\.ailable \vith +,,.,, = 2+,,.,, (~vith y~ and q unchanged). Figure 5.1 1 shows a 
large double-width centrifugal fan impeller on the drive shaft. 

As an application example. try to fit a fan to a specitication with a noisc 
constl-am: 

One can perform the usual analysis using N, and D, to see if the performance, size. 
and speed can be matched to the dimensionless variables. One should restrict the 
search to the range of better efficiencies of Figure 5.10, say for 0.085 < Q < 0.1 15. 
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FIGURE 5.1 1 Impeller assembly for a larfe D\i.DI centrifus.~l h i \ .  r H~~rron Inclu\r~-~c\. I 

so that 0.70 < 11, < 0.83. The BEP for total preisure and rtficien~~! occurs ver!, clo\c 
to O = 0.10 .inJ yf,  = 0.106 with 11, = 0.97. Thus. S-  = o ' / \ l~ , " '  = 1.70 a n J  
D, = \I(, ' '10 ' = 1 .SO. This point falls at thc lo\vcr edge 01' thc "\cattel- hand" o n  thi. 
Cordr?r- line ,mJ agrees well with the Cordiei. e f f ic~en~!  of I ] , ,  = 0.S7. 

One can no\ \  center the investigation around I$ = 0. I to 11-! tor :\ niati+. 'The 
sound po\wr l?\el l ) r  these Pans is estimated using the moditieil Graham ~ncrhoci. 
The tirit cntl-! J I  q~ = 0.085 comes in belou 100 dB n i t h  D = 2.90 1'1 = 0.SS-l In. 
The closest a\all;rble size for this fan is D = 0.91 m. and the Clash I t ipspeed l im~t  
of 55 i d ,  allo\\ a rotational speed of about I150 rpni. If one u\e\ ( in  English unit\) 
2.09 ft and 1150 rpm. the flow rate become3 16,400 cfm at 6.37 InWG static. Both 
arc a little his]?. hut if one uses 1 1  20 rpm. then one obtains 15.950 cl'm and 6.04 
InWG static. That is close t o  the original target (6% high o n  flow. I(/; high o ~ i  
pressure). Alrhnuyh the selection could be explored in more Jetail. this one \ t i l l  
work and meet the noise limitation. 

5.5 SELECTION FROM VENDOR DATA: PUMPS 

Single- or end-~ucrion pump data has been hupplied as c~italog int'ormation on Allis- 
Chalrner-s punlp. (by  ITT Industrial Pump G~xwp,  Cincinnati. OH I. and a portion ot' 
that catalog I ,  reproduced here. Look at an example arid incli~de a constraint on 
NPSHR such that Q = 275 gpm and H = 150 ft. The fluid i h  \Yarer (8S•‹F). and 
NPSHR must be less than 10 ft. Do a Cordier analysis. but specify direct-dri\,en 
punips and estimate o, using Thoma's rule to bracket the NPSHR. 

Constructing the analysis table with nominal speeds given b) 

(120 x line frequency) N = -- 

(# of poles) 
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FIGURE 5.1 2 Allis-Chalmers pumps. I750 rpm. ! 11T  Industrial Pump Group.) 

one can use frequency = 60 Hz (60 c! i l ~  AC current) or 50 Hz (for European applica- 
tions) with # poles = 2, 4, 6. 8, etc. These speeds will then be the synchronous motor 
speeds a1 zero load for AC induction motors. Actual running speeds are slightly lower 
as the motor develops full-load torque (Nasar. 1987). The full-load or design condition 
for the motor usually requires a "slip" of from 15 rpm to as much as 150 rpm, depending 
on motor quality and rated power. Thc smallest values of slip. 15 rpm, are associated 
with high quality and large rated potter (hundreds of horsepower) and the very high 
\alucs of slip will generally be seen in fractional horsepower, low-cost motors. 

One quickly finds, based on the hTSHR constraint, that a 2-pole motor-driven 
pump will not satisfy the specifications. The 4-pole setup is adequate, as is the 6-pole 
setup. However, the efficiency is dropping fast and the pump is getting much larger 
(driving up cost), so 1800 rpm at D = 1 1  or 12 inches looks like the best possibility. 
Go to Figure 5.12 to examine the available pumps and begin b!. looking at 4-pole 
motor direct-driven pumps. The catalog speed is given as 1750 rpm, implying a 50- 
rpm slip below synchronous speed to generate the necessary torque. Pick a few pumps: 

1. Curve A-8 139 shows an 1 1-inch impeller at 1750 rpm with 275 gpm at 
128 ft of head. NPSHR is about 6 ft, and 7, is approximately 0.55. Notice 
the pump is chosen far from the zone of best efficiency and requires a 
25-hp motor. 

2. Curve A-8 13 1 also shows an 1 1-inch impeller at 1750 rpm that delivers 
275 gpm at 150 ft of head. NPSHR = 8 ft and q, = 0.68. This is better, 
but i t  is still to the left of the zone of best efficiencies. It is closer on head 
and still has a 25-hp motor. 
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FIGURE 5.1 2 (continued) Allis-Chalmers pumps, 1750 rpm. ( I n  Industrial Pump Group.) 
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3. Curve A-XI21 shows a somewhat larger pump with D = 12.2 inches at 
N = 1750 rpni. which delivers 275 gpm at 148 ft of head. NPSHR = 6 ft 
and qr = 0.73. This is the best selection candidate thus far. Some efficiency 
is gained, but it is at the expense of a moderate increase in size and a 
small increase in NPSHR (which is still less than 10 ft). More importantly, 
there has been a drop-down to a motor requirement of 20 hp, which will 
reduce the cost substantially. This appears to be a good choice based on 
review of very limited catalog data. 

5.6 SELECTION FROM VENDOR DATA: 
VARIABLE PITCH FANS 

There are many applications where mass flow or volume Aow rare must vary o \ u  
hirly wide ranges or must be very precisely controlled. For such requirements. the 
use of variable pitch blading in a vane axial fan can provide the variability arid 
control required over very wide ranges of performance. An example of these fans. 
the Variax Series of fans from Howden Variax, range in size from 794 to 1884 nim 
in diameter at 1470 rpm (50 Hz line frequency)? with some smaller sizes available 
at 2950 rpm. Flow ranges from about 3 to 110 m3/s, at total pressure rises from 250 
to 3000 Pa. These ranges are illustrated in Figure 5.13, and an example pcrforrnance 
map is shoun in Fisure 5.11. Variable pitch fans are constructed with blades mounted 
in bearing assemblies that allow the blades to rotate around their radial axes so that 
the blade or cascade pitch angle can be continuously varied to change the tlow and 
pressure rise while h e  fan is in operation. The bearing assemblies. linking mecha- 
nisms, and feedback control systems may add somewhat to the complexity and cost 
of a given machine. but the resulting confiuration is capable of adjustment and 
control to meet ver!. exacting requirements. The alternative system that can conipetc 
with the flexibility of the variable pitch fan is one with continuously variable speed. 
requiring perhaps a steam turbine drive system or continuously variable line fre- 
quency controllers to vary the fan motor speed. 

The particular fan illustrated in Figures 5.15 and 5.16 has a diameter of I000 mm 
or 1 .0  ni. The fan hub diameter is 630 mm, there are 10 blades, and the fan runs at 
1470 rpm. The pressure rise vs. flow rate graph gives total pressure in Pa and flow 
rate in ni3/s for a machine without the optional downstream diffuser (catalog ini'or- 
mation is also a\,ailahle for fans with diffusers). Also given is a graph of shaft power 
required, in kilowatts. and efficiency contours superposed on the pressure-tlow 
curves, with total et'ticiencies shown. The distinguishing property of these graphs is 
the multiple performance curves given. one for each of a set of blade pitch angle 
settings (a,, the geometric pitch). The angle is generally measured from the plane 
of rotation to the blade chord line for the section'located at the hub or base of the 
blade. a, ranges for this fan from 10" to 55O, and flow rates can vary from about 
0.7 to 28 m3/s. with total pressure rises up to about 1800 Pa. The zone of best 
efficiency performance (replacing the BEP) lies in an oval-shaped region within the 
80% total efficiency contour, roughly between 1000 and 1500 Pa and 7 to I 1  m31s. 
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TELLUS fans without diffuser 

FIGURE 5.13 Performance range of variable pitch axial fans. (Howden Variax.) 

In selecting a variable pitch fan, the psriormance point at which the system 
operates most of the time should be near the basic best efficiency point of the machine 
and certainly must lie within the best efficiency contour. If possible, the identifiable 
alternative points of operation should fall within this zone as well. In no case should 
an operating fan be allowed to lie outside of the dashed curve define the locus of 
stall entry, above which the various performance curves are not defined. As discussed 
previously, operation of an axial fan within the defined stall regions will yield rough. 
inefficient, and very noisy operation. Strucrural damage and eventual failure is 
possible if the fans are used in the stalled mode of operation. In addition, any choice 
of operation within the unstalled region of the fan map should provide an adequate 
margin of operation away from the stall boundary. This margin is usually defined 
as being at a pressure rise no greater than 905- of the stall pressure at that Row rate. 
For example, if the ASV-1000/630-10 fan of Figure 5.14 operates at 15m3/s, the 
allowable pressure rise is about 1620 Pa (0.9 x 1800 Pa), so the blade pitch would 
be about 49". 

Consider a simple selection problem for which the ASV-1000/630-10 fan can 
be used. Define the normal operating point c the NOP) as Q = 9 m3/s at 1100 Pa. 
a test block or maximum required point of opsration (TBOP) as 13 m3/s at 1500 Pa. 
and a first alternate operating point (AOP1) as 6 m3/s at 1000 Pa. Other requirements 
on alternate points of operation are of course possible. For these three points, choose 
the ASV-10001630-10 fan and obtain 

NOP: 9m3/s at 1100 Pa, with ag = 32' and qT = 0.81, 73% of stall 
TBOP: 13 m3/s at 1500 Pa, with a, = 45' and qT = 0.78, 85% of stall 
AOPI: 6 m3/s at 1000 Pa, with a, = 24' and 11, = 0.76, 77% of stall 
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FIGURE 5.14 Performance map for a variable pitch axial fan, the ASV-1000/630-10. 
(Howden Variax MS.) 

These three points may be identified as points in Figure 5.14. Clearly. these points 
work with thc chosen fan and exhibit good efficiencies and stall margins. In general, 
one does not have such a simple starting point but simply is presented with the 
operating point \dues .  

A real example might consist of 

NOP: 50 m3/s at 1200 Pa 
TBOP: 60 m3/s at 2000 Pa 
AOPI: 20 m3/s at 1100 Pa 
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FIGURE 5.1.; .-\ \,at-~ablc-pitch axial f an  with diit'u\er. (Ho\\drn Vat-ia\ .-\IS.) 

FIGURE 5.16 Detail view of a variable-pitch axial fan showing circular blade base mounts 
for  the controllable blades. (Howden Variax N S . )  
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The Quick Selection Chart for a NOP of 50 ni3/s at 1200 Pa indicates that the AS\.- 
15851630 would be adequate as a starting selection for this fan. 

5.7 SUMMARY 

The chapter began with a discussion of the breakdown of the Cordier diagram inlo 
zones of performance capability. These zones or regions were identified with par- 

<'ram ticular kinds of turbomachines, ranging from a region on the left side of the dia, 
(low values of specific diameter) to a region at the right edge (high values of specific 
diameter). The leftmost region was associated with lightly loaded axial flou 
machines, and the rightmost region with heavily loaded radial flow machines. The 
intervening zones were subsequently assigned to the more heavily loaded axial flon 
equipment, mixed flow machines, and moderately loaded centrifugals. The hybrid 
or crossover turbomachines were discussed and the practice of multi-staging both 
axial flow and centrifugal impellers was introduced. 

The concept of these classification zones was then extended to develop a logical 
treatment for determining the appropriate machine configuration for a given set of 
performance specifications. The process was quantified in a set of useful but approh- 
imate algorithms written in terms of the variables of the Cordier diagram, the specitic 
speed, specific diameter, and the total efficiency. Thus, the process is defined as ths 
relationship of speed (N), diameter (D), and machine type to f ow rate (Q). pressur-s 
rise (Ap,), and fluid density (p). The following illustrations of' the technique wcr-c 
used to show the procedure as well as to emphasize the approximate nature of' the 
algorithms and the need for flexibility in the selection and detemlinarion ofetlicicni.!. 

Scveral rather extensive selection exercises. using manuticturm perf.ormani.c 
and geometric information, illustrated the procedure with fans. blowers. and pump\. 
The procedure was shown to produce an optimal choice of equiprnenr with a varlet! 
of constraints. 

5.8 PROBLEMS 

5.1. A ventilating fan is required to provide 15,000 cfm of standard density 
air with a total pressure rise of 2 InWG. Use a Cordier analysis to select 
the cheapest fan possible with the following constraints: 
(1) Use a total efficiency 10 points lower than Cordier. 
(2) Motor cost is estimated by dollars/horsepower by number of polcs 

($/hp = 13.33 + 0.3 (# poles - 4)?. 
(3) Use direct-connected motors of 2, 3. 6, 8, and 10 poles. 
If the fan is to be operated for 200 hours per year, find the 5-year cost 
for buying and using the fan. Assume the initial cost is twice the motor 
cost, and use $0.08/kWH. 

5.2. Use a Cordier analysis to evaluate candidate fan configurations for a Now 
rate of 10,000 ft3/min with a total pressure rise of 5 InWG (standard air). 
Assume a belt-driven configuration and cover a wide range of equipment. 
Choose a best candidate based on total efficiency. If discharge velocity 
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pressure is not recovered (base V, on impeller outlet area), choose a best 
fan based on static efficiency. 

5.3. A chemical process fan must deliver 5000 cfm of air (p = 0.0023 slugs/ft3) 
at 32 InWG total pressure rise. Select the proper single-stage centrifugal 
fan for this application, and compute the diameter, speed, efficiency, and 
power. Also select a simple two-stage centrifugal fan arrangement (in 
series arrangement) and compute the diameter, speed, efficiency, and 
power. Compare the two selections as quantitatively as possible, and 
discuss the advantages and disadvantages of both configurations (Hint: 
Neglect compressibility effects.) 

5.4. Rework Problem 5.3 using a multi-stage axial configuration. Justify your 
number of stages. 

5.5. Re-constrain the analysis of Problem 5.4 to include a minimization of the 
overall fan noise. 

5.6. Use Table 5.2 with a Cordier analysis to select a vane axial fan with 
requirements of Q = 12,000 cfm and Ap, = 0.50 InWG at standard density. 
Assume initially that the velocity pressure is 0.75 InWG and iterate the 
solution once only. 

5.7. To select a tube axial fan that delivers 2 m3/s at a static pressure rise of 
70 Pa, do a Cordier analysis aimed at Figure P5.7. (Hint: Analyze based 
on available diameters and speed limitation. Select based on best fit to 
Figure P5.7 and minimum power required.) 

5.8. Following a Cordier analysis, use Figure P5.7 to choose a tube axial fan 
suitable for Q = 200,000 cfm at Ap, = 3.75 InWG. with a low noise as a 
selection criterion. 

5.9. Use Table 5.2 to try to find a fan to provide Q = 6250 cfm at Ap, = 0.75 InWG. 
in standard air. 

5.10. We need to pump 900 gpm of 85•‹F usater at 100 ft of head from an open 
pond requiring 8 ft of lift. Select a pump that can perform to this speci- 
fication with an adequate cavitation margin. Try for the best efficiency 
attainable. 

5.11. Select a fan to deliver 15.000 cfm of air (68•‹F at 1 atmosphere) that 
provides a pressure rise of 4.0 InWG static. To keep costs down, try to 
avoid a need for more than 12 hp, and try to find a comparatively quiet fan. 

5.12. A pump is required to supply 50 gpm of 85•‹F water at 50 feet of head. 
NPSHA is only 10 ft. Look for the smallest pump available. 

5.13. Find a fan that can supply 100,000 cfm of 134•‹F air with P, = 28.7 InHG 
at a pressure rise of 1.0 InWG. Use minimum noise as a criterion for the 
best choice. 

5.14. Identify a minimum sound power le\.el blower that can deliver 25 m3/s 
of standard density air (p = 1.2 kdm-') at 500 Pa static pressure rise. 

5.15. A small parts assembly line involves the use of solvents requiring a high 
level of ventilation. To achieve removal of these toxic gasses, a mean 
velocity of 8 ft/s must be maintained across the cross-section of the room 
as sketched (Figure P5.15). The toxicants are subsequently removed in a 
wet scrubber or filter, which causes a pressure drop of 30 Ibf/ft2. Using a 
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Flow Coefficient, I$ 

FIGURE PS.7a D~nicnsionlcss performance of a tube axial tm. Si i+  .i\al;~ble tin-~IJ. 
IS .  11. 11. 77 .  31. 30. 32.  48. 54. 60. 72. 83.  96. Maximum rir ~ ; v t ' d .  VT < 590 f!: 

Cordier analysis, select the design parameters I'm a fa11 l h ~  \\'ill provicic 
rhe required f ow and pressure rise, while operating at o r  near 90'2 tord 
efficiency and that minimizes the diameter of the fan. Gl\e dimensions 
and speed of the lhn, and describe the type of fan chostn. 
For the performance requirements stated i n  Problem 5.15. ~onstsain your 
selection of a fan to less than L,, = 100 dB. Relax the >]re ~ n d  efficiency 
requirements in  favor of this noise requirement. 
A water pump must supply 160 gpm at 50 ft ot' head. a i d  the pump 1s 
provided with 4.0 ft of NPSHA. For a single-suction pump direct-con- 
nected to its motor, determine the smallest pump one c m  use (defining 
D, N, and q )  without cavitation. (Hint: The direct connsmd speeds arc 
at or near synchronous for 2-pole, 4-pole, ..., up to 12-pole motors o n  60 
Hz current.) 
A small axial Row fan has its performance at BEP defined h! Q = 2000 cfni. 
Ap, = 0. I0 InWG, p = 0.00233 slugslft' with a diameter of 20 inches. 
(a) Estimate the specific speed and required rpm. 
(b) What type of fan should one use'? 
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Flow Coefficient, 4 

FIGURE P5.7b Efficiency of a tube axial fan 

FIGURE P5.15 Room schematic. 
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(c) How much motor (shaft) horsepower is needed for the fan'? 
(d) Estimate the sound power level in dB. 

5.19. An aircraft cabin must be equipped with a recirculation fan to move the 
air through the heaters, coolers, filters, and other conditioning equipment. 
A typical recirculation fan for a large aircraft must handle about 0.6 m3/s 
of air at 1.10 kg/m3 (at the fan inlet) with a total pressure rise requirement 
of 5 kPa. The electrical system aboard the aircraft has an alternating 
current supply at a line frequency of 400 Hz, and the fan must be config- 
ured as a direct-connected impeller for reliability. 

Size the fan impeller to achieve the best possible static efficiency. 
5.20. If one constrains the fan of Problem 5.16 to generate a sound power level 

of less than 85 dB, how are design size and efficiency affected? 
5.21. For the recirculation fan of Problem 5.19, if one must keep the sound 

power level below 90 dB, what are the design options'? 
5.22. The performance requirements for an air mover are stated as flow rate, 

Q = 60 rn3/min; total pressure rise. Ap, = 500 Pa. Ambient air density, 
p = 1.175 kg/m3. The machine is constrained not to exceed 90 dB sound 
power level. 
(a) Determine a suitable speed and diameter for the fan and estimate the 

total efficiency. 
(b )  Cor-rcct the total efficiency for the effects of Reynolds Number. a 

running clearance of 2.5 x Ideal. and the intluence of a belt drive 
system (assunle a drive efficient of 95%). 

5.23. Uhe the dimensionless performance curves of this chapter to select three 
candidales for the requirements of Problem 5.22 that closely match the 
results of your preliminary design decision in that problem. 

5.34. To evacuate a stone quarry (to preclude the pleasure of unauthorized 
swimming), one needs a pump that can move at least 0.5 m3/s against a 
head resistance of 80 m. The pump must be floated on a barge with its 
inlet 1.125 m above the surface of the 12•‹C u.ater. The atmospheric 
pressure during pumping may fall as low as 98 Wa. Select a non-cavitating 
pump for this application and match your modeling of size and speed to 
the best available pump from Figure P5.24. 

5.25. Repeat the fan selection exercise of Problem 5.7 using the flow rate of 
2 m3/s but changing the static pressure rise to 110 Pa and then 35 Pa. 
Compare the results to each other and the results of Problem 5.7. Use the 
din~ensionless curves of Figure P5.7 for the fans. 

5.26. A water pump, which is required to provide 21 m3/hr with 16 m of head. 
must operate with 1.25 m of NPSHA. For a single-suction machine, direct- 
connected to its motor, determine the smallest pump one can use, defining 
the D, N, and q. What would the minimum size be for an NPSHA of 0.5 m'? 
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FIGURE P5.24a Pcrformancr curves ior an ITT A-C pump. (ITT Indusrrial Pu711p Group. 
Cincinnari. OH.) 

07-1 4-93 
TOTAL 

,YEA\ cuavz AM-8846-50 ( m ~  14X12YZ3 PS PLUS -m 1485 RPU 

I 

FIGURE P5.24b Performance curves for an I ' IT A-C pump. ( I n  Industrial Pump Group, 
Cincinnari. OH.) 



6 Energy Transfer and 
Diffusion In Turbomachines 

6.1 FUNDAMENTAL CONCEPT OF ENERGY TRANSFER 

Transfer of energy to or from the fluid passing through the moving blade rows of a 
turbomachine can be accounted for through application of the Reynolds Transport 
Theorem to the conservation of angular momentum. Recall from earlier study of 
t'luid mechanics that the equation for an arbitrary extrinsic property of a system, B, 
c m  he analyzed through the relation 

\\ ticre p = dB/dm. c\- 1s the control volume, and cS 1s the control surtace. A p p l ~ ~ n g  
the general con\ervmon law for control volumes to the angular momentum H,, where 

onc obtains 

Using the Reynolds Transport Theorem, one can write this as 
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FIGURE 6.1 Control voluns for angular momentum analysis. 

Here. m' IS the mass f l o ~  rate. For steady flow, a/& = 0. and one can drop the i1r.r 
term. Then, definmg Ehl-, = T,,, the torque, one can rewrlte t h t  equalloti .I\ 

As shown in Figure 6.1 for the inlet side, 

and 

Further, one-dimensional mass conservation states that m',, = rn',,,, for steady f on. 
Thus. T,, becomes 

or  in terms of the power IP) 
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Conventionally (Shepherd, 1964), these are written separately for turbines and pump- 
ing machiries (compressors, fans, blowers) as 

P 
- = U,C,? - U,C,, : pump m ' 

P 
-- , - U,C,, - U2Ce2 : turbine 
m 

where U = Nr. This is a general relation for incompressible or compressible Row, 
ideal or frictionless fluid. However, it is restricted to steady and adiabatic flow with 
1 1 0  extraneous, esrernal torques associated with bearing drag, seal drag. or disk shear. 
For these conditions. h,,, - h,,, = U2C,, - U,C,, is another form inr writing the result. 
The mow general formulation using 

allows an analysis across inlets and outlets with \arying properries to be carried out 
hy  inlegra~ion or summation. 

Consider a simple planar flow example as displayed in Figure 6.2. The flow is a 
model of what occurs in a single stage of a turbine. For the example. I t t  ni' = 20 kgls, 
U ,  = U' = I: = 10-17 m/s. The fow enters axially in ths turbine nozzle scction and exits 
axially from rhc turbine rotor section. The nozzle approach tlou. is turned by the nozzle 
\mcs  throuzh 45" ro an absolute velocity of C ,  = 5 0 3  mls. The flow then approaches 
rhe mo\-in? blade row fhr which U = 1017 mls. One calculates the p o w r  fiom 

If one assumes an axial discharge and the known blade-row inflow. 

C,, = C, sin 45" = 0.707(500 rn s) = 352.5 m s 

CH2 = 0 

So. 

The Euler equation allows one to relate performance, in this case power, directly 
to the pattern of flow in the machine. Consider a pumping flow example (see Figure 6.3) 
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Flow 

FIGURE 6.2 Cascade or planar representation of a turbine stage. 

where rn' = 12 slugs/s, the flow approaches the blade row axially at C = 100 ft/s. 
and the blades are moving at U = U, = U, = 300 ft/s. The flow exits the blade row 
at a 15" angle to the axial (x) direction, C,? = 100 ffjs, and the blades have turned 
the flow through 15" of "fluid turning." 

What is the power input to the fluid? Use Euler's equation: 

and 

C,, = C,, tan 1.5" = 26.8 ft/s 

Thus, 

P = 12 slugs/s(300 ft/s)(26.8 ft/s) = 96,480 lbf ft/s 

P = 175.4 hp 
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m'=12 Slugs/s 

FIGURE 6.3 Casc:de I'or a pumping machine 

The amount of shaft power (which must account for the \.iscous How losses) thar 
must be input depends on the efficiency of the machine. Typically. 

P q = - for a "pump" (input) 
'IT 

P, = P . q T  for a turbine (output) 

One can also expand the P value in terms of the performance variables as 

so that the Euler equations can also be written as 

for pumps, and similarly for turbines. 
Next, take a look at some more involved examples for typical flow through 

turbomachines and analyze what happens to the velocity vectors as flow moves 
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Rad 

FIGURE 6.4 Mean radius stream flow surface in an axial fan. 

through the machine. These vectors can be related to the performance variables and 
also to the shape of the blade and vane elements. 

6.2 EXAMPLE O F  ENERGY TRANSFER IN A N  AXIAL FAN 

Consider a fan with an outer diameter (0.d.) of D = I m. and an innsr or huh diameter 
d = 0.67 m. We are going to analyze blading, vanes, work inpur. and pressure rise 
along the "mean radius" (r,), as shown in Figure 6.4, where r, = iD + d)/4. The 
fan operates at 900 rpm, producing Ap, = 1250 Pa, and Q = 2.0 m5/s with an air 
density of p = 1.2 kg/m3. The mean radius is r, = 0.41 7 m and N = 91.3 s-I. Calculate: 

Axial velocity, C,,, is given by the flow o \ w  the annulus area: 

One can combine these two to look at the blade relative velocity. \i'!. at the leading 
edge of the blade as shown in Figure 6.5. This yields 

with 
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FIGURE 6.5 Skcrch o f  an airfoil blads \vlth vectors. mgles. and nomenclature 

rnc.asured from the direction of the axis. 
The blade chord should be aligned at its lcadinz edge with the relative velocity 

\\',. Sor widely spaced blades, such rhat the i l o ~  rurns upward slightly and moves 
\~noo~h ly  over the blade with minimum initial disturbance. F6r closely spaced blades. 
!hc proper alignment moves to become tangent to the camber line at the leading 
edge. This alignment of the velocity \cctor and blade is illustratcd in Figure 6.5. 
J o n g  with some basic airfoil nomenclature. Again. if the blades are closely spaced 
.ind thin. the proper alignment of blade and inlet Lector is along the camber line at 
the nose of the blade (leading edge). For more \\,idely spaced blades, this alignment 
nioves toward the chord line, a straight line joining the nose and tail (trailing edge). 
A Iatcr chapter takes a look at this alignment question in more detail. For now, 
approximate the "cascades" of blades as being fairly closely spaced with thin blades 
or vanes. 

Now use the Euler equation to calculate the outlet absolute How by doing two 
things: 

I .  Calculate CX2 by imposing conservation of mass for incompressible flow 
and writing 

2. Use the Euler equation, assuming that the fan efficiency 77, = 1.0 with 
C,, = 0. 
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Tangential 
Motion 

FIGURE 6.6 Outlet and inlet velocity vectors and tlow angles for an axial flow blade 

Then, 

The above assu~nptions are the "simple stage" assumptions requiring uniform Incorn- 
przssible axial velocity components everywhere in the fan "stage" and requiring that 
C,, = 0. Now use Cez, U,, and CX2 to look at the absolute and relative velocities at 
the exit of the blade row (at the blade trailing edge). This is illustrated in Figure 6.6. 
W2 can then be written as 

and the flow angle is 

Now, we can relate the blade relative inlet flow vector to the outlet vector using 
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These are conventionally combined into: 

W,/W, is called the de Haller ratio and 8, is the angle of deflection caused by the 
blade acting on the fluid. 0,, is also called the flow turning angle. Both provide a 
measure of how hard the blade is working. The larger the flow turning angle, the 
harder the blade or vane is working, and, conversely, the sn~allcr the de Haller ratio 
(Wilson, 1984; Bathie, 1996), the harder the work is. 

One can also examine the vane row using the absolute velocity vector corning 
out of the blade row as the vane row inlet velocity (see Figure 6.7). From before. 
C,, = 21.2 m/s and C,? = 4.62 mls. Combining, one obtains: 

at an approach angle of 

Since the purpose of a vane row, at least for a single-stage fan. is to recover or 
straighten the flow to a pure axial discharge, the flow must be turned through 77.7' 
by the vanes so that P, = 0". That is, 

and 

6.3 DIFFUSION CONSIDERATIONS 

In the previous example, the vane appears to be working considerably harder than 
the blade. To quantify what is happening, take a look at the concept of velocity 
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FIGURE 6.7 Blade and vane geometry with veloc~ty components. 

deceleration along a solid boundary, or diffusion along a wall. Most books on fluid 
mechanics present a brief treatment of diffusion flow (e.g.. Fox and McDonald, 
1995) and illustrate that only a limited amount of deceleration or diffusion can occur. 
Beyond this limit, the flow undergoes high momentum loss associated with boundary 
layer separation. The flow streamlines no longer follow along the direction of solid 
surfaces constraining the flowfield, and the flow will generally become unsteady and 
unstable in a stationary or moving flow passage, for example, in the blade or vane 
row of a turbomachine. This breakdown is referred to as "stall," and it is a flow 
condition that should be carefully avoided in design, selection, and operation of a 
machine. 
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FIGURE 6.8 A blade-to-blade channel compared to a planar diffuser channel 

A blade is compared to a two-dimmsional internal flow analog in Figure 6.8. 
When excessive deceleration in either device is attempted, the results are similar. 
For a diffuser. :i pressure recovery coefficient is developed using Bernoulli's equa- 
tion. such that for inlet and exit station l and 2, respectively, 

That is. the static pressure difference is normalized by the inlet velocity pressure or 
dynamic pressure to form a dimensionless coefficient. 
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FIGURE 6.9 Planar diffuser performance map u ~ t h  blade-to-blade channel analogy. ( R z n t ~ u  
c t  d.. 1967.) 

For our blades or vanes. this is equivalent to 

If W2 becomes small compared to W,,  C, approaches 1. Before that happens. as 

illustrated by experimental data for planar diffusers, the diffuser or blade stalls. 
Two figures on planar diffusion stall are presented in Figure 6.9. To illustrate 

this limit, use the stall limit for planar diffusers as a working analog for a blade row 
bjf looking at very small values of U w , ,  say 1 < L/wj < 2. Based on conservation 
of mass, one can relate the diffuser angle and length ratio to inlet and outlet velocities. 
at least ideally. That is, 
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which is the velocity ratio we have been considering as the de Haller ratio. From 
Figure 6.9, at Llw, = 1 ,  20 = 24' at the line of appreciable stall. This line serves 
as a conservative lower limit on W2/Wl for stable, unstalled flow. For 0,,,,, = 12' 
and Llw, = 1, W,/W, = 0.70. One infers that, with blades arranged so that "Llw," 
is about 1.0 (see Figure 6.8), one should use a limit on the velocity ratio of 
approximately 0.70. The limit stated by de Haller is a little more conservative; he 
suggested that (W,/W,),,,,, should be at least 0.72 for good, clean, stall-free f l o ~ .  
o x r  the blading. Note that the ''L/w," value used here is referred to as the blade 
row solidity. usually denoted by 0. Chapter 8 investigates the influence of this 
parameter extensivel!,. 

Using the diffuser analogy. one sees that, for Llw, = 1.5, e,,,,, = lo0, so (W2/Wl),,ur 
can be as low as 0.65. The implication is that increasing blade row solidity allows 
an increase in blade loading or diffusion. The limits on WZ/Wl are equivalent to 
pressure coetticients of C, = 0.5 1 for WJW, = 0.70, and C, = 0.57 for W J W ,  = 0.65. 

6.4 DIFFUSION IN AXIAL FLOW 

I n  axial How machines. a practical limit on solidity in  terms of construction weight 
and surface area for skin frictional losses is about 2 or a little more (Johnson and 
Uullock. 1965). This implies (from the diffuser analogy) an overall lower limit on 
\x',l\%', of about 0.61. For now. use the conservative level chosen by de Hallcr of 
\I:,/U', > 0.71 as a criterion for judging acceptable blade loading. 

I n  the last example on energy transfer, W,AV, was 0.470 for the blade and w a y  

0.21 3 for the vane. Thus. one concludes that the blade is much too heavily loaded. 
and thc blade row is probably stalled, since the de Haller ratio is far less than 0.71. 
The vane row is i n  e \ m  more distress at a de Haller ratio of only 0.213, and one 
must conclude that the cascades for the fan are probably poorly designed and 
operaring with a low efficiency. One can examine this contention by comparing the 
kin to the Cordier diagram. For the given data. 

and 

This places the fan near the Cordier line, but i t  lies in Region E. This is the upper 
range for radial discharge machines. whereas the axial fan as a full-stage machinc 
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should be in Region C. There appears to be a simple explanation for the blade 
overloading problem. The design is trying to achieve unrealistically high pressure 
rise for an axial fan, without sufficient tip speed to generate the pressure rise. 

If (perhaps for cost reasons) one insists on using an axial fan, then it will be 
necessary to look for one with a different size and speed to do this job, or design 
one's own. From the Cordier diagram, one can choose N, or D, values from 
Region C and find out what the axial fan should look like. Choose D, = 1.75 from 
the middle of Region C, so that N, = 9D,-2-'03 = 2.77. Inverting the definition of 
N, yields 

and 

That is, choose a much smaller fan running at a much higher speed (smaller D,. larger 
N,). Now rework the mean-radius blade load calculations. Using d = 0.67D as before. 
calculate the new r,,, as r,, = (0.435 + 0.291)/4 = 0.182 m. \Vith N = 3433 rpm = 359 s-I. 
U,,, = 359 s-' x 0.182 m) = 65.4 rnls. 

From d and D. one obtains A,,, = 0.0819 m2, so 

Then W, = 69.8 m/s and a,  = 70.7'. Using the Euler equation, 
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For the blade row. 

cornpared to 0.470, and 

compared to 7.6'. This is much herter and indicates acceptable blade loading. 
For the vane. W, = C2 = ((15.91- + (24.4)2]11' = 29.1 m/s and P, = 33.1". Then. 

W, = C,, = C,, = 24.4 rids. y ieldinp W,/W, = 24.3129.1 = 0.84 versus 0.2 13. Finally. 
0,, = 33.1 (vs. 77.7"). These values for the revised speed and size for thc fan are a 
little conservati\.c.. since 0.72 is a >lightly conservative number in itself. However. 
one can conclude that the fan staps properly chosen by the Cordier criterion is a 
reasonable choice. If an axial fan \\ere chosen for this duty. one would look for a 
fan with a diameter somewhat less than 0.5 m but running at l'ery high speed. Such 
a choice would yield a sound pressure level, from Chapter 3, of about 96 dB, which 
is rather loud for this level of performance, due to the relatively high tip speed. 

For this example. the hub diameter was chosen rather arbitrarily to he 2 3  oS 
the tip diameter. Had another \,nlui .  for d/D been chosen. a different value for C,! 
and C8: would have been obtained. The entire vector field u,ould have c h a n p l  
along \ \ i r l i  !he di. Haller ratio ii': \i.:. For example. if the hub-tip diameter ratio 
d/D = 0.5 .  thcrc. nil1 be a decrea.2 In C,, and an increase in C,,. 50 that the dc 
Haller ratio decreases from 0 .7YO to 0.727. Conversely. i f  the relati\.e huh sizc 
increaxs to d/D = 0.75. the de Hailer ratio increases to 0.830. This is a general 
result that can he used to establish 2 constraint on d/D for a given specification o f  
performance. 

A general study of the dependsnse of the level of diffusion on the value of d/D 
can be cal~ied our over a range of specific spced or diameter appropriate lo axial fans 
to establish such 3 constraint. Work with the de Haller ratio calculated at the hub 
station of the blade i n  order to examine the most strenuous diffusion conditions on 
the blade or \,ant row. At the hub station, the value of U is the smallest so that the 
value of C,? required to achieve th2 specified value of head or pressure rise will be 
the largest value needed. (The undsrlying assumption here is that the work done or 
the total pressurc. rise achieved is thc. same at each radial position in the fan annulus. 
This is not an ahsolute restriction on the design of axial blade rows. but it is an 
approximate constraint. since large \xiations in the work distribution across the blade 
will lead to serious difficulties in design. This distribution question will be considered 
at length in Chapter 9. for three-dimensional flow. For now. a somewhat conservative 
constraint on minimum hub size can be established using this assumption.) 

The fan in the previous example. with d/D = 0.67, would have a value of U at 
the hub of U, = Nr, = 52.0 d s .  The Euler equation with Ap, = 1250 Pa with 
1.2 kg/m3 densit! would require 
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Thus, the de Haller ratio becomes WJW, = 40.6157.7 = 0.703, significantly snialler 
than the mean radial station value of 0.790. The result is again a general one, but i t  
can be mollified by allowing a less conservatlL e velocity ratio criterion (as discussed 
earlier). One can allow the hub station value of W,/W, to decrease to 0.60 (on the 
presumption of an increase in blade row solidity), but continue to use the 0.70 or 
0.72 value as a guideline for mean station analysis. For the reduced hub case 
considered earlier with d/D = 0.50, the hub sration de Haller ratio would be reduced 
to W,/W, = 21.7142.9 = 0.506. Thus, a hub size that seemed to be acceptable based 
on the mean station calculations now appears to be too small, even allowing a 
diffusion level of 0.60. Clearly, the acceptable value of hub size for this fan  is 
between 0.50 and 0.67 times the tip diameter. .An interpolation suggests d/D = 0.58. 
which yields W,/W, = 0.607. Then the sniallesr hub size for this fan is about 0 . 3  
m. This corresponding level of required performance can be represented by rhc 
specific speed or diameter (D, = 1.75 for rhls case), or N, = 2.77). 

If one carries out a systematic study (\$-right, 1996) to find the smallest hub-tip 
ratio capable of generating a de Haller ratio of 0.6 for a large number of N, \dues  
(froni 1 to 8), the results can be plotted as shown in Figure 6.10. Along with the 
diffusion-based values. a curve from Fan Engineering (Jorgenson. 1983) is sho\in 
as well. This curve is somewhat more conssr\;irive. The diffusion-based data poinr 
were heuristically fitted to a curve g i x n  b! 

Also shown in the ti gure are results adapted irorn Balje's n.ork (Balje. 1968). Balje' 
estimates are based on constraining C2? < gH!vT and with D, and N, matched from 
the Cordier line. Nevertheless, these results are in reasonable agreement. 

6.5 DIFFUSION IN RADIAL FLOW 

The diffusion analogy for the blade or vane row can be readily applied to the radial 
How cascade of a centrifugal fan or pump ~nlpeller. As Chapter 9 points out. in  a 
more thorough discussion of radial How cascades, the analogy is of somewhat limited 
value except for blades that are backwardl!. inclined for excellent high efficient!. 
moderate pressure rise impeller design. In many cases. particularly for relatively 
highly loaded cascades, the flow is significantly separated from the blade trailing 
faces (suction surfaces). The flow itself is smooth and stable, forming the classic 
jet-wake or low-speed core flow pattern without the unsteady pulsating flow seen in 
axial flow machines (Moore, 1984; Balje, 1968). The influence on overall machine 
performance is acceptable in light of the lar,oe amount of head rise obtained in a 
single stage. 
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N,, Specific Speed 

FIGURE 6.10 Huh b17c. consmints for uniformlv loaded blades 

Figure 6. I I s h o w  a radial discharge cascade as a cuta\{.q \ 1i.w of the blade 
row of a ccnrrifupl irnpellcr. i n  this case a centrifugal fin with backwardly inclined 
blading. The relationship shown between W,  and W, to inlet .ind outlet blade 
geometry suggests an inherently high rate of diffusion when the geometry is viewed 
in two dimensions. However, in the design process, the rate of incrsase of available 
flow area for the relvri\,e velocity can be controlled through variation of the axial 
depth of the channel (into the page). Specifically, one can control rhe magnitude of 
C,, (at r , )  relative to C:, (at r,) through choice of the channel nidths w, and LV,. 

In terms of' head rise us :o\wned by the Euler equation. the re1atii.s Ielocity through 
the blade channel mu<r also be decreased. The equations for \\'. and W, are 
(assuming C,, = 0) 

112 
W, = (u , '  + c,')"' and W, = [(u, - c,,) + c_:'] (6.33) 

where the radial components and the peripheral speeds may all v a n  and usually do. 
The flow areas, normal to the radial velocities, can be defined by 
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Blade 7 

A x i s  

Blade %? 
FIGURE 6.11 Radial tlow cascade layout for 3 centrifugal fan. 

 JET,^,^ A, = ------ (at the inlet) 
N F3 

and 

2nrzw, 
- (at the outlet) A, = --- 

- NB 

Conser\lation of mass requires that 

plCrlA, = PIC,?A? 

Assuming incompressible flow and noting that r, = dl2 and r, = D/2, one can write 

This velocity ratio is a critical parameter in determining the diffusion ratio throuph 
the radial flow cascade so that, equivalently. d/D and w,/w2 become critical design 
parameters for the centrifugal blade row. d/D is analogous to the hub-tip ratio that 
plays such a strong role in axial flow machine design, and w,/w, provides an 
additional variable to maintain good flow conditions. 

Looking back to the equations for W, and W,, one can see that in order to control 
the negative influence of C,,, required to generate Am, one can manipulate C,, and 
C,, by varying the d/D and w,/w, geometry. However, the best approach to ensure 
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a good starting point seems to be to establish a minimum value of W, so that when 
W, is forced to be small through Ce,, there is a decent chance of achieving an 
acceptable de Haller ratio. The minimization also serves to reduce inlet hlach number 
in compressors to avoid premature choke or shock wave formation. and i t  will reduce 
cavitation sensitivity at the leading edges of the blades in liquid pumps. 

One can rewrite W ,  as 

Here, A,, is the area of the inlet throat, nd2/4, and the assunlption or approximation 
is made that C,, E C,,, (or that A, z A,).  An equivalent minimization for this discussion 
is to minimize (W,/U,)' by setting d[(W,/U-,)?]/d(dlDi to Lero. The nrgumsnr becomes 

so the optirnuni value of d/D i >  

where @,, is a flow coefficient based on tip speed and disk or hackplatc. area of the 
impeller according to 

One can adopt this result, constraining d/D I I 

This algorithm (Wright. 1996) supplies for centriiusal impellers the equivalent to 
the hub-tip ratio guideline for axial flow machines. It allows an intelligent starting 
point for laying out the centrifugal cascade and lea\ ss the w,/w, ratio as an additional 
parameter for fine-tuning the diffusion level. 

As an example, consider a centrifugal fan required to supply 4 m3/s of air with 
p = 1.2 kg/ni3. The required pressure is Ap, = 3 kPa. If a large specific diameter in 
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FIGURE 6.12 Relative velocity components and flow anzles for a centrifugal c a sc~de .  

region E of the Cordier diagram (Figure 5.1) is chosen. one obtains D, = 3.4, The 
corresponding N, is about 0.91 and q, 5 0.90. With the given data, the fan dlameter 
should be 0.962 m and the rotating speed about 1150 rpm. Using the throat size 
algorithm gives d = 0.492 m. The areas through the cascade are assumed to be equal 
(4, = A ,  = A?) SO that w, = dl4 = 0.123 m and w, = (d/D)w, = 0.063 rn. Then, 
C,, = C,, = 21.0 mls. Also, U, = 29.6 mls. U2 = 57.9 m/s, and Co2 = 48.0 mfs. 
W ,  = 26.3 m/s, W2 = 23.0 m/s, and the de Haller ratio is 0.65. Reducing n2  slightly 
to 0.057 m raises the de Haller ratio to about 0.704. This is a very reasonable-looking 
impeller layout, and 0.65 or 0.71 are probably fairly conservative values. Further 
details of the blade layout will be largely deferred to later chapters. but an approx- 
imate sketch, based on alignment of W,  and W, with the blade mean camber line. 
is given in Figure 6.12. The flow angles are given by 

Note that the convention for defining these angles is the opposite of that used in the 
axial flow cascades, but the distinction is traditional in the literature. 
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6.6 SUMMARY 

This chapter introduced the fundamental concept of energy transfer through the 
n~echanism of angular momentum. The basic Reynolds Transport Theorem was 
employed to develop the Euler equations for turbomachines in the form of the product 
of peripheral speed and induced swirl velocity. The resulting relations are general. 
subject to the steady, adiabatic tlow restrictions and the exclusion of extraneous 
torques. Simple planar examples were used to illustrate the flow behavior related to 
the formal equations. 

A more extensive example of energy transfer In axial flow was used to relate 
the energy transfer process to the geometric features and mechanical speed of the 
axial flow machines. Through the example, the concept of blade and vane loading 
in a machine was developed in terms of the blade or vane relative velocities and the 
fluid turning angles. 

The concept of loading was extended to the ~ntroduction of blade or vane row 
diffusion. The analogy of channel flow to flou i n  a planar diffuser was used to 
establish the concepts of flow separation and stall as limitations on achievable 
performance within a machine. 

Axial tlow exarnples were extended in a discussion of the influence of blade 
sow solidity on the allowable levels of diffusion. The example being studied was 
continued by usirlg the guidance of the Cordier algorithms to develop an acceptable 
flow path for an axial fan to meet both the performance requirements and the de 
Haller diffusion constraint. The diffusion conctpr was also used to establish an 
algorithm relating the ratio of hub diameter to fm diameter required for acceptable 
diffusion levels. and it was written i n  terms of the fan specific speed or specific 
diameter. 

Radial How blade rows were also examined to determine acceptable geometric 
layouts based on required performance and accept~ble diffusion levels. It was noted 
in doing so that. for radial flow machines of ver!. high specific diameter, the velocity 
ratios or diffusion levels are not as critical to good design as they are for axial flow 
machines. However, the constraint remains an important one for radial flow paths 
of moderate specific diameter with backwardly inclined blading. 

The ratio of inlpeller inlet diameter to exit diameter, similar to the hub-tip ratio 
for axial machines, was examined in terms of n~inin~ization of the relative velocity 
at the impeller inlet. An algorithm was established to relate this geometric property 
of the impeller to the tlow coefficient. and hence to the specific speed and specific 
diameter of' the radial How machine. 

6.7 PROBLEMS 

6.1. A centrifugal pump is configured such that d = 30 cm, D = 60 cm, 
w, = 8 cm, wz = 5 cm, p, = 20•‹, and P, = 10'. Pumping water (20•‹C) at 
N = 1000 rpm, determine the ideal values of flow rate, head rise, and 
required power. 
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6.2. A pump delivers 2700 gpm at 1500 rpm. The outlet geometry is given as 
wz = 1.5 inches, r, = 8 inches, and p, = 30". Estimate the head rise and 
ideal power required. 

6.3. A centrifugal fan with a total efficiency of 85% running at 1800 rpm has 
w, = w, = 6 cm, d = 12 cm, D = 40 cm, P, = 40•‹, and P2 = 20". Estimate 
the flow rate, total pressure rise, and input horsepower (p  = 1.2 kg/m3). 

6.4. An axial water pump has a total pressure rise of 20 psig, a volume flow 
rate of 6800 gpm, and tip and hub diameters of 16 and 12 inches, respec- 
tively. The speed is 1200 rpm. 
(a) Estimate the total efficiency and required power input. 
(b) Construct a mean station velocity diagram to achieve the pressure 

rise, including the influence of efficiency. 
(c) Lay out the blade shape at the mean station, and at the hub and tip 

stations. Assume zero incidence and deviation. 
(d) Calculate the de Haller ratio at each station. 

6.5. A tube axial fan provides a static pressure rise of 1250 Pa with a volume 
flow rate of 120 m3/s and an air density of 1.201 kg/m3. The fan has a 
diameter of 3.0 m with a 1.5-m hub. 
(a) Develop a vector set (velocity diagram) at the inlet and outlet of the 

fan at the hub station of the blade. assuming ideal loss-free flow. 
(b) Estimate the total efficiency and power for the fan and correct the 

outlet velocity vectors for the implied losses. 
6.6. Develop an appropriate vane row configuration for the tube axial fan of 

Problem 6.5, given that the absolute velocity leaving the blade row of that 
fan was CX2 = 23.7 d s  and C,, = 16.3 m/s (at the mean radius). Estimate 
the increase in static efficiency and static pressure rise based on recovery 
of the velocity pressure associated with the swirl velocity at the hub. 

6.7. Air flow (p = 0.00233 slugs/ft3) enters the blade row of an axial fan 
through a set of inlet guide vanes (IGVs) and exits the blade row with 
pure axial velocity. (See Figure P6.7.) Calculate the ideal power and total 
pressure. The exit angle from the IGVs is -32", and the mass How rate 
through the fan is 10.0 slugs/s. 

6.8. Rework Problem 6.7 if the exit angle from the IGV row is: 
(a) 0"; (b) -10"; (c) -20"; (d) +20•‹. 

6.9. For the wind turbine studied in Problem 3.19, one wants to force the 
turbine to have a pure axial flow discharge. Develop the required velocity 
diagrams for both rotor and vanes at the 70% radial station. Do the vanes 
make much difference? Are they really justified? What is gamed, both 
qualitatively and quantitatively? 

6.10. An axial flow fan must produce 450 Pa total pressure and provide a flow 
rate of 5.25 m3/s. Choose a reasonable specific speed and diameter for a 
vane axial fan layout. Vary the hub-tip diameter ratio, d/D, while checking 
the de Haller ratio at the hub station of the blade. Using 0.6 as the lowest 
allowable value of W,/W,, determine the smallest hub-tip ratio one can 
use. Compare this value to the information provide in Figure 6.10. 
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Stationary Inlet 
Guide Vanes 

. \ ' 1 Moving Blades 

U=U1=U2= 220 ft/s 
I 

FIGURE P6.7 A blade cascade with IGVs. 

6.1 1 .  A large axial-flow pump must supply 0.45 m3/s water flow rate with a 
pressure rise of 140 kPa. The hub and tip diameters for the impeller are 
D = 0.4 m and d = 0.3 m, respectively, and the running speed is 1200 rpm. 
(a)  Use the Cordier diagram to estimate the pump's total efficiency. 

correcting the Cordier number for the influence of Reynolds number. 
(b)  Lay out an axial flow velocity diagram for the mean radial station of 

the blade for this pump to achieve the required pressure rise. allowing 
for the influence of efficiency on the vectors. 

ic)  Approximate the shape of the mean station of this blade based on the 
vector diagram of part (b). 

(d) Is the de Haller ratio for this station acceptable? 
6.13. Develop vector diagrams, blade shapes, and de Haller ratios for the hub 

and tip stations of the pump examined in Problem 6.1 1. 
6.13. Repeat the development outlined in Problem 6.5, using d/D = 0.75 and the 

"optimal" value from the curve fit in Figure 6.10. Compare these results 
to those of Problem 6.5 and comment on the most significant differences. 

6.14. A centrifugal fan provides 0.4 m3/s of air (p = 1.2 1 kg/rn3) with a pressure 
rise of Ap, = 1.75 kPa at 1150 rpm. Use D = 0.75 m, d = 0.35 m, and 
the Cordier value for total efficiency to develop the velocity vectors at the 
blade leading and trailing edges. Assume uniform radial velocity through 
the blade row. 

6.15. Re-examine the velocity vectors and approximate blade layout of the fan 
impeller of Problem 6.14 using a d/D ratio based on the minimum W, 
analysis for centrifugal impellers (d/D = 21'6$,,113). 
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6.16. For the fan of Problem 5.22, let 500 kPa be the static pressure requirement 
and 
(a) Estimate the change in power, total and static efficiency, and the sound 

power level, L, 
(b) Choose a suitable hub-tip diameter ratio for the fan and repeat the 

calculations of (a) and (b). 
(c) Calculate the de Haller ratios for the hub. mean, and tip stations for 

both the blades and the vanes. 
6.17. A lightly loaded fan in a tube-axial configuration must deliver 1500 fP/s 

of 0.0020 slugs/ft3 air with a static pressure rise of 5 Ibf/ft2. The fan has 
a diameter of 5 ft. Determine a reasonable speed for the fan and select a 
suitable hub-tip ratio. 
(a) Develop a vector diagram at the inlet and outlet positions on the fan 

blade at the 70% radial station of the blade. at the blade hub and at 
the tip station. 

(b) Estimate the total efficiency and power and correct the outlet side 
vectors to account for the total pressure losses implied by the total 
efficiency. 

6.18. Further examine the velocity vectors and impeller shape of the fan of 
Problem 6.14 by considering blade widths that >-ield values of C,, = kU,. 
with k = 0.2, 0.3, and 0.4. These increasing k values increase the blade 
angles and reduce the performance sensitivity to precise accuracy require- 
ments in blade manufacturing tolerances. Develop inlet and outlet vectors 
and approximate blade shapes for each case. 

6.19. In Problem 6.18, narrowing the impeller to keep the blade angles fairly 
large results in significant acceleration of the flow from the eye to thc 
blade leading edge. Does this matter greatly? Can one control this behavior 
by modifying the throat size? If so, does on? gain or lose in temis of 
efficiency or cavitation margin? 

6.20. Show that the flow and pressure rise coefficients can be written respec- 
tively as 0 = I/(N,D,3) and = 1/(Ns2D,?). 

6.2 1. A 0.4-m diameter tube axial fan has a performance target of 0.8 m3/s and 
225 Pa static pressure rise with p = 1.0 kg/m3. Determine a good hub size 
and a reasonable speed for the fan. Develop velocity vector diagrams for 
the inlet and outlet station at 2r/D = 0.75 (the 75% blade radial station). 
Estimate static and total efficiencies and modif?. the outlet vector diagram 
to account for total pressure losses in the blade row (based on qrc). 



7 Velocity Diagrams and 
Flowpath Layout 

7.1 AXIAL FLOW P U M P I N G  

Chapter 6 examined the relationship between the energy exchange and the flow 
patterns within the blade and vane rows of turbomachines. Blade relative (W) and 
absolute (C) velocity vectors were employed to analyze blade layout and loading. 
In order to fonnalize that process, one can now introduce some new non-dimensional 
variables and a way to concisely present velocity vector information. Thus. one can 
define: 

I .  Work Coefficient: Y' = gH/U2 = (Ap,lp)/U2; where U is the local value of 
pcriphesal speed previously defined. From the Euler equation ApJp = 
gH = AC,U = Ce2U if Cel = 0. so 

2.  Axial \7eloci~! Ratio. of flo\t coefficient 

Q, = ----- - - - -'\ and p =  tan-'($ 
(UA) C 

which is the value used in finding the flow angles. 
3. Reaction (R'). a new variable defined as the ratio of the static pressure rise 

to the total pressure rise: R' = A(gH,)lA(gH,); where gH, is the static value. 
and gH,  = AgH, + (C? - C12)IZ. Note that AgH,, = gH = U,C,, - U,C,,. so 

R ' = l -  
(c2? - c,') 

[?/U?C,? - uc,, I] 
For the "simple-stage" fan: 

U, = U 2  and cC1, = C x z  (7.4) 

C,' = C x I 2 + C e , '  and CZ2 =CX2 '+Cez2  =CxI2+C, , '  (7.5) 
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UF,2  - U,C,I = qc,, - c,! ) 

This simple stage assumption reduces R' to 

Note that if C,, = 0 

For a stage, one can sketch an inlet vector and an outlet vector to fomi the "flow 
diagram." as shown in Figure 7.1. Look at the vectors for an example. U = U,,, = 
149 ft/s; C,, = C,, = 45.1 ft/s; C,, = 0; C,, = 45 ftk. We calculate W ,  = 155.7 1'Us 
and W2 = 1 13.4 ft/s, with C ,  = C,, and C, = n': = 63.6 ftk. These can all be combined. 
along with the various angles, into the stage velocit!, diagram in Figure 7.2. For 
convenience, the diagram can be normalized by U and the definitions just established. 
as shown in F i p r e  7.3, can be incorporated into the diagrams. I [  is a handy dc\.ice 
because i t  completely describes what is entering and Iea\.ing n blade row and the 
entrance conditions for the vane row. Note that 

1 .  The distance between the peaks is al\vays the \\.ark coefficient. 
2. The height is always the axial velocity ratio or flow coefficient. 
3. The reaction is visually measured from the right edge to the point midway 

between the peaks. 
3 .  All relative and absolute flow angles are contained in the diagram. includ- 

ing the flow turning angle. 
5 .  The de Haller ratio is essentially available to scale as the ratio of rclative 

vectors for the blade and absolute vectors for the vane. 

One can generalize the velocity diagram for other cases that are not quite so 
simple. For example, a rotor in axial flow ~ i t h  non-axial entry conditions typifies 
a pump or fan with pre-swirl velocity created by a set of inlet guide vanes (IGVs), 
as shown in Figure 7.4. The IGVs turn the flow, in this case. toward the moving 
blades, giving a velocity vector layout as illustrated in Figure 7.5. This leads to a 
velocity diagram that looks like Figure 7.6. with the non-dimensionalized form 
shown in Figure 7.7. 

This particular layout or velocity diagram was chosen such that the magnitudes 
of C ,  and C, are equal,/c,/ = /c,/, and represents R' = I ,  or a "100% reaction" 
diagram. Note that /c,,/ = Ic,,I, although they have opposite algebraic signs. The 
function of the inlet guide vane shown here is to increase the blade loading. as is 
seen from a comparison of W, and W,. Another layout, shown in Figure 7.8, is used 
to decrease blade loading and provide a mechanism for controlling rotor blade 
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u 1 

Plane  o f  R o t a t i o n  

FIGURE 7.1 Vector diagram for axial tlow bladinp. 

P1=73.2" P2=66. 6" 

FIGURE 7.2 D~mensional stage velocity diazram 

FIGURE 7.3 Dimensionless velocity diagram 
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FIGURE 7.4 \'elocit) diagram with non-axial inlet flow. 

FlGURE 7.5 Veloclty vectors for negative inlet s a d  

FIGURE 7.6 \'elocir) diagram for negative inlet r n i r l .  

reaction and vane row diffusion. The IGVs arc set to turn the incoming flow away 
fron~ the moving blade such that C,, and C,, a r t  in the same direction. 

Recall that [I - (C,, + C,,)]/(2U) = R', so that in a non-dimensional diagram, 
the R' is still located at the mean value of C,. C,,. This kind of pre-swirl serves to 
reduce the "degree of reaction," while the pre\ ious example shows an increase in 
R' for the same value of Y (as sketched). Xote, however, that if one considers Cz 
as the approach vector to the outlet guide vanes (OGVs), the turning requirement 
imposed on the vane becomes much larger, Lvhich will lead to a greatly decreased, 
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FIGURE 7.7 Dimensionless velocity d~agrarn for negative su irl 

probably excessive, de Haller ratio. I n  a sense. one is shifting loading from the hlade 
to the vane. This can be useful up to a point but, in  general. not ver!. much is gained. 
The real reason for using "positive" pre-s~virl can be seen using an alternate vane 
row that recovers only part of the swirl. This makes sense only ior a multi-stage 
machine for which the outlet vector from the vane row is exactly the same as the 
inlet vector to the blade row. In this configuration, there are any number of "repeating 
stages" that see the same inlet-outlet conditions on blade and \;in? rows. For the 
last stage, some sort of adjustment must be made. If recowring all o i  ~ h c  s\virl places 
too much loading on the vane. the use of an extra vane rou to capture the residual 
swirl is a possible solution, as shoun in Figure 7.8b. 

Another approach to multi-stage (or single-stage) la!.out is to LIC thc pre-wirl 
of an IGV to turn the flow into the rotor and add just enough opposite suirl in the 
blade row to yield an axial discharge downstream of the blade. Such a conlipration 
is shown in Figure 7.9. along with its velocity diagram. C, is s~niply equal to C, 
and. for a given WJW,. IS no worse than the value expected for a t! pica1 rotor-OGV 
stage. The penalty arising from ha~ ing  a higher W1 (higher losbes) is off'sct h 
having acceleration instead of diffusion through the \ m e  row (lower losses). A 
secondary penalty will be associated with having the rotor pass through a cyclic 
series of vane wakes from the upstream IGV elements. This "slapping" o i  the blades 
through the vane wakes will yield an increase in the noise level generated hy the 
fan stage (see Chapter 4). In a multi-stage configuration. the extra noise effect may 
be negligible. 

7.2 AXIAL TURBINE APPLICATIONS 

For analysis of velocity vectors in axial turbines, it is con\tntional to reverse the 
diagram, as seen in Figure 7.10. One notices that C,, is a finite number, while Ce2 
is zero. Using Euler's equation for turbines, one obtains 
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D I n l e t  Guide Vane 

FIGURE 7.8a Velocity vectors for positive inlet swirl 

and the turbine blade essentially recovers the swirl induced by the nozzles and 
discharges the flow with a pure axial outlet \ector. Note that the diagram is sym- 
metrical and represents a "50% reaction turbine," R' = 0.50. Note also that 
WJW, > 1.0, as it generally will be in a turbine cascade. If one "normalizes" the 
diagram as done with pumps, the peaks will be separated by the distance Y and the 
height will be a; the geometric angles are also described as before. The fact that 



Velocity Diagrams and Flowpath Lavout 

D Inlet Guide Vane 
R o t o r  Blade 

T Outlet Guide Vane 
R o t o r  Blade 

FIGURE 7.8b Decreased blade loading with repeating stages 

Rotor - 
FIGURE 7.9 Inlet swirl without outlet guide vanes. 
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Nozzle 

FIGURE 7.10 Velocity diagram for a 5 0 9  reacrlon axial turbine 

W,/W, > 1 is simply a reminder that the turbine blade is a device that accelerates 
the flow (blade relative) and, as such, is not subject to the diffusion limitations 
present when dealing with pumping machines. 

A more probable turbine layout is sketched in Figure 7.1 1. In this layout, the 
nozzle row accelerates the flow very sharply and relative velocities on the blade row 
are very high. The diagram is still symmetrical, with R' = 0.50 and @ about the 
same, but note that Y is much larger. Also notice that the discharge is no longer 
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FIGURE 7.1 1 Symmetrical turbine diagram with hizh velocities 

purely axial but has a swirl component opposite to the swirl entering the blade row. 
This contributes part of the value of ty as seen from the Euler equation (here, C,? < 0 ) .  
In a 50% reaction axial turbine, the machine will frequently be a multi-stage con- 
figuration with similar velocity diagrams for each succeeding stage (neglecting 
changes in density. which may be accommodated by increasing the annulus area of 
the next stage by the ratio of incoming p divided by outgoing p). 

Not all turbines are 50% reaction designs, but they can be characterized by non- 
symmetrical vector diagrams and blade-vane geometries. '4 common example is 
represented by the "zero reaction" turbine, also known as the "impulse" turbine. 



Fluid Machinery: Performance, Analysis, and Design 

FIGURE 7.1 2 Impulse turbine diagram. 

Here, symmetry occurs between the relative vectors W,  and Wz. They have c q u ~ i  
magnitude and symmetrical direction, as shown in Figure 7.12. Vanes and blade. 
are sketched on the left for this vector diagram. Notice that the blade has geomrtri: 
symmetry about its 50% chord. The impulse blade or impulse "bucket" s h q c  
immediately identifies what kind of diagram one is dealing with and that the reactlol: 
is zero. Here, there is no geometric symmetry between the blades and vanes. Th? 
diagram, as shown in Figure 7.12, has 'I' z 2.0. Higher or lower values are, of cour>e. 
possible with corresponding changes in turbine geometry. 

Consider an example with Y = 0.50 and @ = 0.50 using a 50% reaction layour 
The diagram is sketched in Figure 7.13, with the angles shown. We could do an 
initial blade-vane layout using, for example, circular arcs, to conform to the requirsd 
vectors. Blades angles are obtained from W,  and W2 as shown in Figure 7.13. Bra: 
in mind that the blade-vane layout given here is somewhat approximate and would 
have to be corrected for the effects of incomplete or imperfect guidance of the f on 
through a two-dimensional passage of finite geometric aspect ratio. 

Consider the example of a hydraulic turbine-generator set with the perforrnm~i. 
specification given by 
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FIGURE 7.13 Velocity diagram with blade and vane shapes for the example turbine study 
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Look at the mean station with d/D = 113 or d = 1.873 rn. Then, r,, = 1.873 nl. 
N = 10.47 s-I. so U,, = r,N = 19.6 m/s. C, = Q/A,,, = 5.22 ni/s and Q = C,/U = 0.366 

What is Y?Assume an axial discharge turbine such that C,, = 0 and C,, consumes 
the head. The Euler equation gives 

Therefore, 

And, Y = C&J = 0.510 and the velocity diagram and blade layout look like Figurc 
7.14. The blade is sketched with only the "mean-line" or camber lines sho\vn for 
clarity. The arrangement shown here is schematically correct. hut it more nearly 

a e ro\\ s. resembles an arrangement typical of steam or gas turbine nozzle and bl, d 
where elements are arranged in an axial cascade configuration. In axial flow hydr:rulic 
turbines. a more usual arrangement consists of the axial turbine wi th  a radial inflow 
arrangement of turning vanes or "wicket gates" upstream of thc. a\ial blade I - O ~  a h  

sketched in Figure 7.15. The incoming stream flows past the adjuhtablz wickets. which 
impart a swirl motion or tangential velocity C,,. Following the streamline down 
through the blade row, one notes that, by conservation of angular momentum. thc 
swirl velocity seen by the blade row at the radial mean station is given by 

where C,, is controlled by the wicket setting q,. That is, C,,, = C,,, tan cd, \\)here 
C,, = Q/A,,, with A,, given as the wicket cylindrical area. A,, = 2nr,,h,,. In a full-bloivn 
setup, both wickets and turbine blades could have adjustable angles. allowing for a 
broad range of power extraction levels, depending on available flow rate and p o s w  
demand from the utility network. 

For the previous example, the required wicket gate angle u, can be cstiniared 
from 
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62 .4 "  Nozzle Vane 

FIGURE 7.14 Layout for hydrauhc turbine blades and axial-flow nozzle vanes 

For example, if h, = r, = 1.873 m, then Q = 115 m3/s and C,, = 10 mls. Thus. 
a, = 22.6". Setting at this angle would serve the same function as the axial nozzle 
vanes in the axial inflow with 62.4' of camber or fluid turning. h, and r, can be 
used as design variables to minimize either the frictional losses on the wicket gates 
or to control the sensitivity of power extraction to wicket gate angle, and excessive 
incidence. 
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h w  

FIGURE 7.15 Wicket gate concept for axial flow hydraulic turbine 

7.3 CENTRIFUGAL A N D  RADIAL FLOW 

To consider velocity diagrams in mixed flow or radial flow regimes in a general 
way, the concept of a "meridional" flow path or stream surface through the impeller 
must be introduced. The meridional path through a machine is the stream surface 
along which the mass flow occurs. In an axial flow machine, the surface is cylindrical. 
with subsequent stream surfaces described by concentric cylinders whose axis is the 
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FIGURE 7.1 6 Meridional stream surface wi th  velocities 

axis of rotation of the inipeller. The How over these surfaces can he circumferentiall>, 
averaged. and the vector for the axial machine will consist of averaged \dues  of' 

axial and tangential flow velocity components in thc absolute frame ot' rekrence. 
The cylindrical path is shown in Figure 7.16. 

For the pure radial tlow situation shown in Figure 7.17. the meridional path. a1 

least through the blade row. can be approximated by flow along planes perpendicular 
to the axis (or parallel to the backplate of the machine). If the flow path is a nwxed- 
flow type, the stream surface will be partially axial and panially radial. A simplc 
example can be considered for an impeller whose outer casing and center body 
consist of sections of simple cones concentric about the rotational axis of the 
impeller. as seer1 in Figure 7.18. The most general case must be described I>>. 
concentric surfaces of revolution along curved paths that move from axial to appros- 
iniately radial, as seen in Figure 7.19. 

For both the conical and general shapes, the rneridional velocity consists of both 
radial and axial components. For the extreme cases of axial and radial Bo~v.  the 
meridional velocity is simply the axial and radial velocity component. respectively. 
In any of these cases. the tangential component of absolute \docity can be added 
to fomi the overall absolute velocity and to describe a mean stream path that sweeps 
along and winds around the meridional surface. as illustrated in Figures 7.20 and 
7.2 1. It is on these increasingly complex surfaces that one must describe the absolute 
and blade relative velocity vectors to be able to construct the velocity diagrams. 

Blade relative vectors can be generated by superposing a rotation of the stream 
surface about its axis of revolution (the rotational axis of the machine). The general 
case is sketched in Figure 7.22 in relative motion. The cross-sections of several 
blades, as cut by the surface of revolution, are shown along with the rotational 
component U = Nr, and the resultant relative vector. Blade "inlet" and "outlet" 
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FIGURE 7.17 Pure radial flow path illustration. 

vectors are shown to illustrate the idea of proper layout in a fairly complex situation. 
The blade is shown with C,, = 0 and C,, > 0 t'or simplicity. 

In practice, a machine with pure radial flow is the easiest one to examine, so 
begin by looking at the case of a centrifugal b1on.e~ having an essentially radial path 
along the entire blade. This is shown in Figure 7.23. The radial flow surface is 
sketched next to a cutaway of the impeller shotving the backwardly inclined airfoil 



Velocity Diagrams and Flowpath Layout 

FIGURE 7.1 8 Mixed flow machine with conical stream path 

FIGURE 7.1 9 A generalized stream surface and meridional flow path. 
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FIGURE 7.20 Tangential velocity component r:.xed to meridional surface 

blading typical of blower practice. Figure 7.21 provides a blo~vup of a single blade 
and draws the absolute and relative velocit! vcctors at the blade row extreme and 
outlet. The inlet vector is relatively simple. consisting of C,, = Q/(2?cr,w,), and 
U ,  = Nr,. The resultant W,  = (U,' + C,,2)1" lines up with the blade leading edge 
camber line as shown. At the outlet. W, aligns with the trailing edge mean camber 
line and must be equal to the vector sum of and C,, as shown. The magnitude 
of WZ is controlled by the size of C,,, and rhc blade orientation as specified by B,. 
As can be seen from Figure 7.25, the size of G and its direction are in turn governed 
by the vector addition of W, and U, = Nr:. thus fixing the size of C,,. One can 
calculate Ce2 from all of this, since 



Velocity Diagrams and Flowpath Layout 197 

FIGURE 7.21 Velocity components on meridional stream surface 
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Meridional Surface 

FIGURE 7.22 General velocity description in three-dimensional tlow. 

Flow 

Axis 

FIGURE 7.23 Flowfield for a radial flow layout and cascade. 
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C u t l e t  F l o w  D e r a i l  

FIGURE 7.24 Velocity wcrors In 3 r ~ d t a l  cascade 

Becausc of'the change in C, through the blade row. it is not conventional to combine 
the inlet and outlet vectors into a velocity diagram, although this can be done. As 
shown in Figure 7.26, if one fixes C,, and U?, then increasing p, acts to increase 
C,? and the head risc (gH or Y) according to Y = C,2/U, (with C,, = 0). Analytically, 
one writes 
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FIGURE 7.25 Outlet vectors from a radial cascsis 

Blade T.E.\] 

FIGURE 7.26 Forward-curved blading layout. 
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TABLE 7.1 
Relationship between 
B2 and W2/W, 

where 0, now needs the subscript to be general. As P, approaches 90•‹, cotp, goes 
to zero so that Y approaches 1 .O, the ideal head rise or wake coefficient for a "radial- 
tip" fan or blower. 

Higher values of y are of course possible, as illustrated by the "forward-curved" 
blade with p, > 90•‹, as shown in Figure 7.26. Scaling from the sketch, the config- 
uration has a value of 'P = 1.14. Note from the equation for Ce2 that Ce2, and thus 
gH or Y. goes to zero at a finite value p,, normally P2 = tan-,@:. That is, for a fixed 
combination of Crz and U, (a,), the head rise goes to zero at the same value of P2. 
This is equivalent to saying that, for a fixed P, and U?, there is a value of C,, for 
which the head rise vanishes-the free delivery point in terms of Ap, 

Inlet and outlet vector diagrams can be used to examine blade surface diffusion. 
as for the axial blade rows. It is necessary to express W, and W2 in terms of geometry, 
flow, and pressure rise and examine W,/W, in terms of de Haller's limiting value 
of 0.72. W, can be written as W, = (Cr,' + U,2)112, where C,, = Q/(27trIw,); U ,  = Nr,. 
W, is written as [CrZ2 + (U, - Ce,)2]112 where Crz = Q/(2nr2w2) and U, - Ce2 = C,? cotp,. 
Thus, with some rearrangement, one can write 

An example of application is to consider the constant width impeller with 
w, = w, .  If one fixes r,/r, and p, (i.e., fix Q), then W,/W, = constant/(sinp,). Thus, 
driving P2 upwards causes a nearly linear decrease in W,/W,; that is, trying to 
increase the head rise leads directly to a decrease in W,/W, and eventual problems 
in efficiency and flow separation on the blading. 

Another example that reflects a realistic design approach is seen for the case 
where w,r, = w2r,, which tapers the blade row width such that C,, = Cr2 and C, is 
constant throughout the impeller flow channel. An example of this layout is shown 
in Figure 7.27. 

For such a case, WJW,  = (sinB,)/(sinp,). A typical value for a high specific 
speed backwardly inclined fan might be 0, = 30•‹, with @, = C , , N ,  = tanp, = 0.50. 
So, W , N ,  = O.S/sinp,. A conservative upper limit on pressure rise for this case is 
seen (using r,/r2 = 0.65 and hence Q2 = 0.33), 'P = 0.66. As shown in Table 7.1, for 
the constant width machine, any value of P2 above about 42' will lead to viscous 
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FIGURE 7.27 Flow field for a tapered radial flow layout and cascade. 

flow problems on the blading. Such a result is consistent with the low values o f  
efficiency commonly seen in impellers with "radial sideplates" or shrouds. Note that 
the zero head rise value of p2, with PI  = 30•‹, is given by P2 = tan-!@?, where 

Thus, for Pi  = 30•‹, ri/r2 = 0.7; P, = tan-'(0.70 tan30•‹) = 16". Clearly, the ratios w,lu, 
and rJr, are vital parameters in controlling the level of diffusion in the impeller for 
a specified level of flow and head rise. For the case where r,w, = r2w2 or Crl = CiZ. 
@#Dl = (rl/r2), and the zero value of P2 = 22". The "acceptable" diffusion value of 
p2 = 44" yields Y = 0.50 if r,/r2 = 0.70. This is a reduction of 12%. As was the case 
for the axial cascade layout, it is possible (up to a point) to reduce W2/W, below the 
level of 0.72 through increases in solidity and careful, detailed design considerations. 
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FIGURE 7.28 Impeller layout for a mixed tlow machine 

In particular. for all but the lowest specific speed centrifugals, the fow beha\,ior is 
dominated by a stable jet-uake pattern as discussed i n  Chapter 6. In such i'ascb. 
diffusion is not a dominant factor in design (Johnson and Moore. 1980). Ho\tc\cr. 
one can still use de Haller's limit as a conservative Iwel i n  exanlining hasic t>lnde 
layouts i n  ccntrifugals with highly backwardly inclined blading. 

7.4 MIXED FLOW EXAMPLE 

Suppose that one u m t s  a fan to provide 15,000 cfm of air at p = 0.00233 slugslt't' 
with a total pressure rise o i  5 InWG. Wanting to save cost wi[h a 4-pole motor. 
one can specify 1750 rpm as the running speed (N = 103 s-'). Calculate N, = 1.33 
from this information and the corresponding D, value from the Cordier line is I .90. 
Thus. one is in the center of' the mixed-flow region (Region Dl. so try to lay out li 
sort of conical H o ~ v  path to suit the need. The given data reveals that the diameter 
is 2.8 ft, and one can sketch a flow path as shown in Figure 7.28. The mean radius 
meridional streamline has a slope of about 25.0•‹, so this is the path along which the 
blade will be laid out. At the inlet, r,, = 0.875 ft. so U,  = I60 fds. The inlet area 
is A, = 4.12 ft2, such that C,, = QIA, = 56.9 ftfs and C ,,,, = C,,/cos 15" = 62.7 Ms. 
Then calculate W ,  and P I  as ii', = 172 ftfs and P, = 68.6". At the outlet. r,,: = 1.0 ft. 
so U? = 183 ftls. /I2 = 5.03 ft2 and C,, = 49.7 ft/s, yielding C,,, = 5 1.6 ft/s. CH2 is 
found from g H N 2  = (Ap,lp)/Uz = 61.0 ft/s. W2 = [C,,?? + (U? - C,:)']"' = 132.5 fv's 
[j2 = tan-I[(U, - C,,)/Cm2] = 67.1". Thus, 0 ,  = 1.5' and W j W ,  = 0.77. These are 
very reasonable values for the blade.row, although WJW, might be a little high. 
Note that the angles and the blade itself must be laid out along the meridional conical 
path, not on a cylinder. 

If one tries to lay out a simpler axial flow path using D = 2.8 ft. N = 1750 rpm, 
and d = 1.4 ft, one obtains (try these calculations) W,/W, = 0.67 and 8,, = 8. I " ,  



Fluid Machinery: Performance, Analysis, and Design 

Axis 

FIGURE 7.29 Mixed flow discharge geometn. 

which is a blade working significantly harder. Part of the problem can be overcome 
by trying a larger hub diameter, d = 1.6 ft. The resulting numbers are W , W ,  = 0.701 
and O,, = 7.4", which becomes more acceptable. Note that C, = 60.2 ftls while 
CXz = 50 ft/s for the mixed flow configuration. Axial outlet velocity pressures are 
0.8 1 InWG for the mixed flow and 0.56 In1S.G for the axial flow. This may bccomc 
a significant advantage for the mixed flo\ip fan i n  terms of static efficiency. In addition. 
if we use a simple vane row for the axial fan with C, = 60.0 ftls and C,? = 66.7 I'tls. 
we obtain C,/C3 = 0.576. which is unacceptably low. For the mixed flow fan. one 
can readily control the vane row diffusion by constraining the conical flow path to 
an exit condition with D = 3.2 ft, d = 2.1 ft, and turning to an axial discharge 
direction (see Figure 7.29). This yields C, = 55 ftls and C,; = (r,,/r,,)C,, = 46 ftls. 
As a result, C,/C, = 0.767. which is a conser\.ative level ivithout driving C, to values 
that may be too high. The apparent compromise is the creation of a larger machinc. 

7.5 PUMP LAYOUT EXAMPLE 

Consider a pump that delivers 450 gpm at 100 ft of head and do a rough layout of 
the impeller. Changing to basic units. one obtains (for water) N, = 0.002341 N:  
D, = 7.530D. If a 4-pole direct-dri\'e motor running at 1750 rpm is used, one obtains 
N, = 0.428, for which D, = 6.029 from the Cordier diagram. From this, D = 0.8 f t  
= 9.6 inches. Now go ahead and try to lay out the impeller, but we need some 
preliminary dimensions first. Conceptually. the pump is going to look like the one 
in Figure 7.30, but one needs some idea of what w, and D should be. Looking at 
drawings of pump impellers in catalogs. w,/D is typically a fairly small number. say 
0.03 to 0.1, depending on the specific speed. Also, typical blade outlet angles range 
from about p, = 20' to approximately 35", where p, is measured from a line tangent 
to the impeller. So, one can do some rough sizing of the relative velocity vector at 
the impeller discharge to size w, or PI. 
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Impeller 

FIGURE 7.30 Pump i.!!our r i i th  geometry and outlet vector 

Since gH = 321- fr:/s2 and N = 183 s-' with D = C 1 . i  ti, one can calculate 
C,, = gH/U,. Better ! cr. calculate C,, = gW(qTU2), where :lr = 0.8 fr-om Cordicr. 
so the NET head riii.. after losses. will be 100 ft. This g!\-r.s Cez = 55 ft/s. and 
U2 - C,, = 73.2 - 55 = 18.2 ft/s. This \ d u e  can he used to la! out W? i f  one assumes 
a reasonable p,. Choosing pz = (20 + 35)12 = 27.5' calculate C,? = (U, - Cez) 
tanp2 = 9.5 ft/s = Q/(xD\v,). Therefore, w, = Q/(xDC,,) = (3.042 ft = 0.503 inches: 
with p2 = 27.5". Nots that w,D = 0.052, which looks reasonable. 

Now, what about d or d D ?  Typical pumps seem to range from 0.25 < d/D < 0.50. 
so one might choose dm = 0.353. To be more systematic. use rhe algorithm presented 
i n  Chapter 6. 
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d = 0.270 ft = 3.24 inches 

With provisional values for w, and d chosen. finish laying out the inlet and outlet 
vectors and the blade angles. As observed. one is using a radial discharge, C,?. at 
the outlet and an axial influx flow, C,,, at the inlet. The inlet vector and angle will 
resemble the technique used for axial flow machines. At the shroud, one can calculate 
C,, = Ql((n/4)d2) = 11.2 ft/s and U,  = Nd/2 = 30.9 ft/s. W, = 32.8 ft/s. From the 
outlet vector layout, C, = 9.5 ft/s and U2 - Cez = 18.2 ft/s, so W2 = 20.5 ftls. The 
de Haller ratio along the shroud streamline is WJW,  = 0.63. Along a mean stream- 
line, W,  = 24 ftls, yielding W,/W, = 0.85. The diffusion picture is not very clean- 
cut, but here the value is acceptably high. The root mean square value of the inner 
diameter was used to establish a value to weight the inflow mean position. since 
very little activ~ty is associated with the region in which the radius approaches zero. 
Thus, the "mean" value of W2/W, = 0.85 provides a measure of diffusion in this 
case. The inlet setting angle for the axial "inducer" section of the blade becomes 
fi, = tan-l(U,/C,,). measured relative to the axial direction and is equal to 62.6> at 
the 70% radial station. Since an axial entry geometry coupled with a radial exit 
geometry is beinp used, there must be a compound twist or curvature of the blade 
shape to connect the ends in a smooth manner. 

7.6 RADIAL FLOW TURBOCHARGER C O M P O N E N T S  

As an example. consider the blade layouts for a radial inflow exhaust gas turbine 
coupled to a radial discharge compressor supplying compressed air to the induction 
system of an internal combustion engine. (A thorough treatment of these systems is 
available in internal combustion engine textbooks (Obert. 1950)). The radial inflow 
turbine configuration can be chosen based on the exhaust energy available. Then 
choose a compressor that is matched in power requirement to the actual shaft power 
output of the turbine. In addition, the two components are constrained to run at the 
same speed on the same shaft and with mass flows related to the engine air flou and 
fuel flow requirements. An exception to this last requirement exists when a "waste 
gate" or bypass exhaust flow path allows partial exhaust gas supply to the turbine. 

Given the following turbine inflow exhaust flow properties: 

p,, = 0.625 kg/m3 
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one can select appropriate values for size and speed through N, and D, using inlet 
values. The only constraint placed on the turbine is the outlet static pressure. which 
can be set equal to the barometric pressure (neglecting any downstream losses 
associated with mufflers, tailpipes, or other unknown components). The turbine 
variables are written as 

Selecting the N, value of 0.3 as a narrow radial inflow turbine. one can calculate 
the turbine as 

N = 24,365 rpm 

The Cordier value of'D, corresponding to N, = 0.3 is 7.0 and the toral eflicicncy 
ii estimated a1 q?- = 0.75. The diameter of the turbine is D = 0.236 in. T l i ~  seems 
a little large but can readily bc reduced by choosing a higher speciti~ \peed. The tip 
speed of thc rurhine becomes U, = 300 m/s, s o  one can estimate the i-equ~red inlet 
swirl velocit! ;I\ 

fH C,, =- 
PI% 1 

having assumed that the single-stage turbine will have no ourlet s u  1r1 tC,: = 0.0). 
Then. C,, = 360 m/s i n  the direction of the motion of the turbine hl~des.  

Now, to begin a layout of the turbine one needs to establish valus.; tor d/D. LV, .  

w,, PI, and P,. Begin with the throat diameter ratio of 0.36 (approximatel!, equal to 
1.53 so that d = 0.086 ni. Next, make the simplifying. conservati\s assumption 
that the blade entry and outlet areas are the same as the throat areas that w, = d/4 
(at I. = dl?) and w ,  = \v,(d/D) (at r - Dl2). These yield \v, = 0.0078 rn and wz = 
0.02 15 m. These values pennit calculation of the radial velocities ar the inlet and 
discharge of the turbine as 

m' 
c r ~  = (inlet) 

( P O I ~ D W I )  

m ' 
CrZ = (outlet) 

( ~ o P w 2  1 
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The inlet density was given in the specifications, but one must compute the outlet 
density from the turbine pressure ratio: p,,/p,, = 152 kPdl01.3 kPa. The correct 
relation is given by the polytropic process equation (Chapter 1) as p,,/p,, = (pol/p,Jiln 
where n is the polytropic exponent given by 

If y= 1.4 (for diatomic gasses at moderate temperatures) and q, = 0.75, then n = 1.6 1 .  
With these results, one can calculate the p,,,/p,, = 1.287 so that p,, = 0.486 kg/m3. 
Then the radial velocities become C,, = 53.3 mls (in) and C,, = 70.8 m/s (out). With 
these results, the inlet and outlet velocity values and flow angles can be calculated 
as well. 

Flow angles are given by 

Figure 7.3 1 shows the geometry developed for the turbine rotor. 
Finally, the actual power available from the turbine shaft is given by 

This value is, of course, the input power to the compressor side of the turbocharger. 
The mass flow rate to the compressor must be less than that of the turbine by the 
mass flow rate of the fuel for the IC engine. Assuming that the air-to-fuel mass ratio 
for the engine is 15 to 1,  the compressor mass flow rate will be 0.188 kg/s. Having 
already fixed the shaft speed at 24,365 rpm-the same as the turbine-it remains 
to determine the diameter of the compressor impeller. Since the power that can be 
imparted to the air is 
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FIGURE 7.31 Geornetr! developed for the turbine rotor. 

then the head rise bccornei 

However, one needs the Cordier value of the compressor specific speed to estimate 
efficiency and the efficiency to estimate gH and hence N,. If it is assumed that the 
value of compressor efficiency is the same as the turbine efficiency, one can start 
an initial estimate and try to iterate to a converged value for qT. Then, 
gH (0.75 x l2.165)IO. 188 = 48,53 1 m2/s2. Using a standard sea level air inlet 
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TABLE 7.2 
Iterative Calculation for the 
Outlet Density 

Po: APT 
# (kg/m3) p,,/p,, (Pa) 

density, the volume flow rate becomes Q = ni'lp,, = 0.155 m3/s. N, bcconies 0.302. 
with D, = 8 and q, = 0.70. Correct pH to 45,296 m2/s?. changing N, to 0.320 and 
qr to 0.71 with D, at 7.9. Considering this to be a converged ialue. calculate the 
impeller diameter as D = 0.213 m (compared to a turbine d~ameter of 0.236 m).  
To calculate the pressure rise and pressure ratio requires Ap, = p,,gH. rather than 
gH. so one needs the outlet density for the air flow. This must also be done 
iteratively. since density depends on pressure or pressure ratio. Csing the polytropic 
exponent of n = 1.67, carry out the calculations as shown in Tuble 7.7 to achieve 
a converged value of p,,,. With pol. one can calculate the velocity components for 
the compressor discharge if one chooses blade widths to force a constant radial 
velocity component. Set d/D = 0.379. then d = 0.0807 m. Using w,  = d/3 = 0.0202 
m. one obtains w2 = (p,,I/pO~)(d/D)wl = 0.0055 m. Then. 

C,, = 0.0 

The inlet and outflow angles become 

PI  = 16.4' and p2 = 39.2' 

The geometric layout for this impeller is sketched in Figure 7.33. 
A photo showing the complexity of the impeller geometry for radial flow com- 

pressors is given in Figure 7.33. The figure also clearly shows the axial inducer 
section used to rnain~ain careful control of the inlet flow to the radial passages of 
the impeller. 
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FIGURE 7.33 The complex hladins h a p r \  t o r  .i t!pical radial compreawr impe1lc.l-. Xtl ic 

the fully developed axial inducer \ec.tior~ ar the iriiyc.ller inlet. (Barnon l n d u w ~ e . )  

7.7 DIFFUSERS AND VOLUTES 

When the designers or the end u\srs of a fan. blower. compl-esaor. or tur-binc. mu41 
decide o n  the overall layout and . \ i ~ i r ~ g  of the 111achirie. the! must u p p l y  o r  recc.i\c. 
a certain volume flow or mass tlwv o f  fluid at a yec i t i ed  pressure. Although one 

frequently works with the total prtt\sure rise or drop through a muchine. the pr-estui-c. 
of most general interest is the static pressurs 11t the point \\,here the lurbomachi~ic. 
is to be connected or inserted into the user'z >!stem. Knov..ing the total pressure of 
the machine and its components may not be adequate information unless the equip- 
ment happens to match the user's ductwork at the point of installation, or the de\.ice 
discharges into a large plenum. the atmosphere. or a large body of water, for example. 
To properly evaluate the machine. the user niust know the net static pressure at 
which the required flow rate i \  delivered and the power required to produce i t .  
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A pumping 1nac111nc niust [hen be designed or specified on the basis of the lxst 
static efficiency 01' a system, a cornbination of turbomachine and diifusing device. 
that can match the user's system geometry (Wright, l984d). By itself. the turborila- 
chine is capahlc of producing rather high efficiencies through careful design and 
control of tolerance.;. However, i t  is frequently necessary to reduce the :tbsolute 
discharge velocities an acceptable level to avoid large frictional or sudden cspirn- 
xion losses oi e n c r p  and hence efficiency. The actual static or total pressurc rise 
xupplicd by a pumping machine with its diffusion device depends on both the dill'ilsc~- 
design and the starlc to total pressure ratio at the machine discharge (into the 
diffuser). For axial tiow machines. one must then make a careful ex:mination of'rlic 
performance capabilities of conical or annular diffusers and their perlomiiince limits. 
For centrifugal machines. one must develop the design and perforniane charactci.- 
istics of the scroll dliluser or spiral volute as the equivalent llow discharge dc\'icc. 
One must also hc concerned with the influence of downstrcani dit'fusion on the 
o\trall output capabilities of turbines-axial and centril'ugal. gas and h!,draulic. 

For khc axial caw. one is concerned with the ratio of the net outler static pressurc 
to the tntal pressure delivered at the discharge fange ofthe machine. This is defined 
a\ an efficiency 1-at1n 11' given bq 

k' i.; :I loss coet'ticien~ Lmnbining a residual velocity pressurc at the diit'user discharpc 
and the trict~onal l i~>\es within the diffuser. yr and 0 are the nork and flow cocl'li- 
cients. respecri\.el!. ds\cloped earlier in the chapter. Combining these equations 
\,ields 

One can de\vlop a functional form for k' in terms of the diffuser geometric 
parameters. 

The range of difi'user configurations is restricted to conventional annular diff'us- 
ers with conical outer walls and cylindrical inner walls; as well, no bleeding of the 
viscous boundary layers is allowed-to prevent stall or increase pem~issible range 
of diffusion. Although complex wall shapes and wall-bleed schemes can provide 
significant performance gain or size and weight reductions for some applications. 
they will generally not provide cost-effective or efficient diffusion for practical 
situations such as forced or induced draft, ventilation, or heat exchange. For example, 
a typical boundary layer control scheme, characterized by very rapid area increase 
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FIGURE 7.34 Nomenclature and geometry for a conical-annular diffuser typically used IF. 

with axial flow machines. 

with wall bleed to prevent stall, will require about 8 to 10% of the through-flow a i  
the turbomachine to be removed from the walls (Yang, 1975). For most applications 
of practical interest. a penalty of eight to ten points in static efficiency would bs 
incurred unless the bleed fluid were required for some secondary purpose. A cusr 
diffuser (Adkins. 1975), which relies on mass bleed to stabilize a standing vortsx 
to turn the flow through a very rapid expansion, again requires an 8 to 10% b l e d  
rate for annular configurations. The same restrictions as to applicability must bi. 
considered. Although these schemes and others involving aspiration, wall-blowing. 
vortex generation. and the like might have useful applications, they will not bs 
further considered in this examination of performance. 

The coefficient k' can be defined by studying the fluid mechanics of the decel- 
erating flow in a rigorous analytical fashion (Weber, 1978; Papailiou, 1975), or b! 
relying on experimental information (Howard et al., 1967; Sovran and Klomp, 196-: 
McDonald, 1965; Adenubi, 1975; Smith, 1976; Idel'Chik. 1966). Examination of ths 
literature yields several examples of experimentally derived correlations for predictins 
diffuser performance and first stall as functions of diffuser geometry. Figure 7.31 
defines the geometry for the axial-annular diffusers being considered here, whili. 
Figure 7.35 shows a summary of the influence of geometry on the optimum level of 
static pressure recovery with minimum diffuser size or length. Also shown in the 
figure is the limit line for the rate of area increase, above which the flow in the diffussr 
becomes unstable (the "first stall" condition). Here, L/w is the ratio of diffuser length 
to inlet annulus height (Dr), and AR is the outlet to inlet annular area ratio. Ths 
optimal area ratio in terms of Llw as shown can be expressed as 
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L l w  

FIGURE 7.35 Sunmary of the influence of geornerry on optimum static pressure recovery 
with minimum difiuser size. 

The  corresponding values of k' are shown in Figure 7.36 and can be expressed as 

In a given appl~cation, one can use the relationship between k' and L/w with the 
earlier equation for 11' to make constraints between L/w and the specific diameter 
of the machine, D,. This can be done by recognizing that q' can be rearranged to yield 
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I + Sovran and Klomp, 1967 J 

FIGURE 7.36 The diffuser static pressure loss factor as a function of diffuser geometry for 
conical-annular diffusers. 

Consider an example where an axial fan is capable of a total efficiency of q, = 0.88, 
and an efficiency ratio or q' of 0.9, or q, = 0.792, is required. If constrained to a 
value of L/w = 3.0, then k' = 0.476 and the fan must have a specific speed no less 
than D, = 1.477. If the length ratio is relaxed to allow L/w = 6, then k' = 0.345 and 
D, must be at least 1.36. By doubling the diffuser length ratio, fan size is reduced 
by about 8%. Actual diffuser length is up 845 .  This might represent a very favorable 
tradeoff in the cost of rotating equipment Lsrsus stationary equipment, provided 
there is room to install the longer diffuser. 

If, on the other hand, the fan size and specific diameter are constrained, one 
must settle for either a fixed value of q' if Uw is constrained, or an imposed value 
of U w  if q' is fixed. If one is forced to use a value of D, = 1.25 and q' must be at 
least 0.92, then the required value of Ww is 23.5, which is a very long diffuser. If 
one retains the requirement for D, = 1.25 and restricts Ww to be no greater than 
10.0, the resulting value of q' becomes q' = 0.89. Clearly, it pays to examine what 
one is asking for. In this case, a huge reduction in diffuser length requirement results 
in a static efficiency reduction of only 3%. The decrease may be the right answer 
in a space-constrained or initial cost-constramed design problem. 
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FIGURE 7.37 Geometry and nomenclature for a vaneless volute diffuser. 

7.8 VOLUTE DIFFUSERS 

For the centrifugal or radial flow case, one must generate information comparable 
to the previous section for spiral volutes. These devices are variously called housings. 
scrolls, collectors. diffusers, volutes. or casings. The choice depends on the type of 
turbomachine being discussed (pump, compressor, etc.) and, to a degree, on the 
point of emphasis being made. While all of these machines collect and direct the 
flow to a discharge station, not all of them diffuse the flow in the process. I n  a 
general way. one can consider the layout and performance of diffusing collectors 
and refer to them as volutes. 

A prominent difference that exists from machine to machine is the existence or 
absence of straightening vanes in the diffuser. These vanes are primarily in place to 
recover the swirl energy in the discharge flow of highly loaded or high-speed 
machines and convert i t  to a useable static pressure rise. For more lightly loaded 
machines, the swirl recovery task is included in the collection process. The total 
energy of these flows is more equally distributed in static pressure rise through the 
impeller, velocity head associated with the through-flow, and the velocity head 
associated with the swirl component. Figure 7.37 defines the geometry of a vaneless 
volute diffuser in terms of the dominant features. The cross-section of the device 
can be circular, square, or more or less rectangular and varies with application. 

The geometry is generic to centrifugal devices and will be modified to include 
diffusion vanes in the following discussion. Here, the impeller radius is given as r2, 
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and a radius characteristic of the volute is given as r ,  The volute radius is a function 
of the angular position in the volute and is usually linear between the volute "entrance 
and exit." The entrancelexit points as seen in Figure 7.37 relate to the "cutoft" of the 
volute. Various terms are used for this device, including tongue, cutwater, and splitter. 
The location of the cutoff relative to the outlet perimeter of the impeller requires a 
clearance gap, E,, between the stationary volute and rotating impeller. In general. for 
high-pressure and high-efficiency applications, this clearance will be designed as a 
nearly minimal value subject to fit-up and manufacturing tolerances required to avoid 
a ''rub.'' Using the smallest possible clearances can result in serious acoustic pulsations 
in fans, blowers, and compressors and potentially destructive pressure pulsation in 
liquid pumps and high-pressure gas machines. A more conservative design choice 
frequently followed is to set the clearance value, EJD, in the range of 10 to 20%. For 
example. most centrifugal fans of moderate pressure rise will employ a cutoff clearance 
ratio of about 12%, or between 9 and 15%. High-pressure blowers and compressors 
may use slightly smaller values, perhaps 6 to lo%, and liquid pumps may use a 
"reasonably safe distance" (Karassik, 1986) of 10 to 205- of impeller diameter. 

Common design practice for shaping the volute employs maintaining simple 
conservation of angular momentum along the mean streamline of the volute (at r = r,.) 
so that 

Czr2 
---- = Constant 
c ,  r, 

where the constant is 1.0 for simple conservation but ma!, be less than 1.0 i f  diffusion 
is taken within the volute. C? is the impeller discharge velocity (absolute frame of 
reference) and is formed with C,, from total pressure rise and C,: from the volume 
flow rate Q. For linear volutes (the most common), the volute area is related to the 
throat area by = A,,,(~,J36O0), and the throat area is related to C, and Q according 
to C,. 5 QIA,,, The flow process in the volute is at best a non-diffusing frictional 
flow and may include total pressure losses from friction and diffusion. As modeled 
by Balje (Balje, 1981), the magnitude of the loss depends on parameters closel!, 
related to the specific speed of the machine. such as the impeller width ratio. the 
absolute or blade relative discharge angles, and the degree of diffusion incorporated 
into the volute design. Typical values (Balje. 1981; Wright. 1984c; Shepherd. 1956) 
can be defined in terms of a loss coefficient defined by 

For low specific diameter centrifugal machines such as fans and blowers, 0.2 5 6, I 0.4; 
for large specific diameter machines such as high-pressure pumps and gas compressors, 
0.6 I<,10.8. As pointed out by most investigators or designers in the field, the details 
of vaneless diffuser or volute scroll design are based on experience and craft. 
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FIGURE 7.38 Vaned diffuscr section i n  a pump ~olute 

For low specilic speed centrifugal machines. it is the usual practice to include 
a vaned diffuser section in the volute. This is true in both high-pressure gas coni- 
pressors and in high-pressure pumps. For a pump. this section consists of a number 
of vanes set around the impeller discharge as sketched in Figure 7.38. Following 
the procedure outlined by Karassik (Karassik, 1986), the flow can he considered to 
have several throats rather than the one seen in the vaneless volute. The volute outlet 
radius. r,. is now smaller. and the \-olute velocity. C,. would he commensurately 
larger except that a diffusinz constant of about 0.8 is generally used in pump design. 
This vane channel may be straight or curved as sketched. but it generally results in 
a gradual rate of increase in the cross-sectional area A, as before. Although the 
sidewalls of these passages are generally designed as parallel. or even spreading 
apart, i r  would seem that a slight taper in passage bvidth with increasing radius would 
provide a more conservative design. Karassik suggests a number of vanes equal to 
the number of impeller blades plus one. 

I n  a high-speed compressor volute, the vane section will appear somewhat like 
the vane row sketched in Figure 7.39. The throat area must be carefully configured 
to match the relatively high-speed approach. The channels are usually straight and 
configured to yield outlet flow angles around 3' to 5" greater than the inlet flow 
angles. The static pressure achicvcd in these passages must generall~r be calculated 
using compressible isentropic or polytropic density calculations. Diffuser recovery 
values are, as usual, dependent on the inflow angle and impeller rvidth ratio (intrin- 
sically on the specific diameter). They may lie i n  the range of 70% of C,%g for 
narrow impellers (wJd = 0.02) up to about 80 to 85% for wider impellers 
(w,/D = 0.06) (Balje, I98 1). 

In the case of both pump and compressor, the overall diffuser performance must 
be modeled as a combination of the diffusing elements: an initial vaneless space, 
followed by a vaned section, followed by a final collector/diffuser section to the 
volute discharge. 
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FIGURE 7.39 \lanes typical of a high-speed compressor. 

7.9 SUMMARY 

This chapter introduced the formal process of turbomachinery vector diagrams, using 
both dimensional and dimensionless forms. The dimensionless form, with work and 
through-flow coefficients, yields a high degree of generality and is applicable to all 
turbomachines and multi-stage configurations. 

First. axial flow pumping machines and turbines were discussed to develop a 
familiarity with the terms and concepts of the interacting components, including 
inlet guide vanes, outlet guide vanes, and nozzles. The degree of reaction definition 
was developed and used to differentiate between different design approaches to 
turbine layout. An example of design procedure was provided in the context of a 
parametric layout of a hydraulic turbine. 

These ideas and definitions were then extended to centrifugal and pure radial 
flow machines. Although it was necessary to modify the diagramming procedure 
slightly, the same conceptual form was applied and used to develop example layouts. 
An extensive example for a centrifugal fan at rather high specific speed was used 
to provide insight into the layout variables and procedures for radial discharge flow. 

An example of a mixed-flow fan was used to illustrate techniques for diffusion 
levels in nearly-axial flow configurations. Another example was used to illustrate 
pump design, and yet another was presented for the fully compressible flow process 
in a radial turbocharger design problem. This last example provided an opportunity 
to examine the matching requirements between components of a combined system. 
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Finally, stationary diffusing devices were considered as the necessary adjunct 
equipment used to control the amount of discharge energy leaving the machine. For 
axial flow machines, the geometry and performance of annular diffusers was dis- 
cussed in concept and by example. For the centrifugal flow machines, the volute 
scroll or collector was examined. This device is used to reduce the through-flow 
velocity and to recover the high levels of energy embodied in the swirl velocity. 
Layout and design techniques were examined and discussed with examples to illus- 
trate the difference of the vaneless and vaned diffuser layouts. 

7.1 0 PROBLEMS 

7.1. Flow enters a centrifugal blade row (Figure P7. I), with p = 1.2 kg/m3 and 
mass flow rate of 1200 kgls. If C, = C, = 100 rnk. calculate the power and 
pressure rise. Note that the vectors shown are absolute and N = 1000 rpm. 

7.2. Repeat Problem 7.1 for an inlet absolute flow angle of 0" and +15" 
(relative to radii). 

7.3. Determine the absolute outlet flow angles for Problem 7.2 such that the 
total pressure rise is zero. 

7.4. A centrifugal blower is proposed with a blade exit angle p2, and with 
C,, = C,? Use the Euler equation to show that 

where +, = C,,N,. 
7.5. Repeat the pump layout example (see Figure 7.30) using Q = 600 gpm 

and H = 75 ft. 
7.6. Define the frictional effects in a fan impeller in terms of a total pressure 

loss, Fp, Using the concept of a force coefficient. or "loss coefficient," 
one can specify Fp, as: 

where C,, is a blade (or wake) loss coefficient and N, is the number of 
blades. Use the formulation for y in Problem 7.4 to show that the losses 
can be written as 

where dy~,,,, is the viscous correction to y,,,, 
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7.7. Devise a means of estimating C,, as used in Problem 7.6. On what 
parameters should CWB depend? (Hint: Is the Cordier diagram of any 
help?) 

7.8. In working with swirl recovery vanes (OGVs) behind heavily loaded 
rotors, the limit in performance for the stage may become the de Haller 
ratio in the vane-row cascade. 
(a) For example, if C,, = C,, entering the vane row and C,? = C n l ,  show 

that the inflow angle to the vane is 45" and the de Haller ratio becomes 
W2/W, = CJC, = 0.707. 

(b) For C,, > C,, (very heavy loading). the approach angle to the vanes, 
p, becomes greater than 45" and lf'l/W, < 0.707 until, i f  Ij is further 
increased, W2/W, becomes unacceptably small. Show that, for 
WJW, = 0.64 as a lower limit, then p, must be less than 50". 

7.9. One way to alleviate the vane overloading described in Problem 7.8 is to 
allow residual swirl to exit the vane row. That is. C,: may be non-zero 
and p2 = tan-i(C,?/C,2) > 0. 
(a) Show that to maintain a given lew1 of (W2/W,), one must constrain 

p2 to: 

(b) If pz is allowed to be greater than zero as specified in part (a). what 
penalty in performance will result ~qualitatively)? 

(c) For the example above with C,, = C,, and W,/W, constrained to 
0.707, develop a table and curve of p2 versus PI  for 45" < P,  < 70". 

7.10. Derive a quantitative expression for the reduction of static pressure rise 
and static efficiency associated with the vanes of Problem 7.9, which allow 
residual swirl in the flow discharge. (Hint: Account for the velocity pres- 
sure of a residual swirl (pCe2/2) as a decrement to total pressure along 
with the axial velocity pressure (pCX2l2 1.)  

7.1 1. For the fan of Problem 6.16. define the velocity triangles in both thc 
absolute and relative reference frames. Do so for both blades and vanes 
at hub, mean, and tip radial stations. Calculate the degree of reaction for 
all stations. 

7.12. A hydraulic turbine-generator set is supplied with water at H = 67 f t  at a 
rate of Q = 25,000 St%. The turbine drives a 72-pole generator at 
N = 100 rpm. Calculate the non-dimensional performance parameters N,, 
D,, 9, and y, and estimate the efficient!.. Develop a velocity diagram for 
the mean radial station of the turbine. 

7.13. A fan specification calls for 7 m3/s of air at a pressure rise of 1240 Pa 
with a density of 1.21 kg/m3. Using a I-pole motor as a cost constraint, 
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lay out the fan bladt relatiti. d o c i t y  wctors at the hub, mean, and tip 
radial stations. 

7.14. A small fan is required to supply 0.1 m3/s of air with a total pressure rise 
of 2.0 kPa in air with p = 1.10 kg/m3. La! out a centrifugal impeller, with 
a single-inlet, sinple-width configuration. Consmct the outer shape of a 
volute scroll to work with 111s impeller Ivout. (Hint: Neglect compress- 
ibility.) 

7.15. Select the layout parameters tor an annular diffuser thr the fan of Problern 
7.13. Choose a length/diameter ratio that will provide optimal pressure 
recovery, and estimate the diffusion losses (total pressure) and the result- 
ing static efficiency. 

7.16. For the small centrifugal b lowr analyzed in Problem 7.11, select a rea- 
sonable cutoff' location and shape, and estimate the total pressure losses 
in the volute. Compare these total pressure losses to the total pressure rise 
throuph the impeller. 

7.17. In Problem 7.14, the perfomlance requirsments for a centrifugal fan were 
given as 0.1 m3/s of air at a pressure rise of 2.0 kPa with p = 1.10 kg/m?. 
These requirements can be imposed on smaller high-speed axial Sans i f  
one includes a "mixed Row" character h! allowing the hub and tip radius 
to increase between the inlet and outlet stations of the fan. Be,' w 1  an 
analysis with N, = 3.0 and D, = 1.5. using d/D = 0.55. and calculate 
(W,/W7,),,,,,,. Then. hold N and ii/D constanr and allou D, at the exit plane 
of rhe fan to increase to value'> greater th:m 1.5. recalculating the hub de 
Haller ratio. Sketch several such flou p h s  and compare then1 to the 
original and the one that allotis the dc Hsller ratio to appro:ich 0.7 at thc 
hub station. 

7.18. Following the concept of Problem 7.1 7. let the flow path be conical as 
sketched in Figure 7.31. At the entrance point of the blade row. let D = 0.1. 
d/D = 0.5 m. and ler the lenfth. L, along t h t  axis he 0. I rn. With Q = 0.2  
m3/s. N = 15.000 rprn. and t\ i r l i  C,,, held constant. calculate the maximum 
ideal pressure rise possible. using a,, = 45". Constrain the pressure so 
that wI /wl  = 0.72 on the mean strearnlins. 

7.19. Examine the influence of the narrowing o i  the impeller of Problem 6.19 
on the shape and efficiency of a volute scroll designed to accompany the 
design variations. Sketch the tolute shapes and discuss their differences. 
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Rotation 

FIGURE P7.1 .A ccntriiugal tBn cascade. 



8 Cascade Analysis 

8.1 AXIAL FLOW CASCADES 

In  prior analyses of the flow through blade rows with energy addition or extraction. 
i t  was implicitly assumed that the velocity vectors along a blade or vane were 
constrained to lie along the mean camber line of the blade or vane. Although this is 
true exactly at the surface, the flow is not generally constrained completely by the 
blade shape through the entire flow channel. Figure 8.1 illustrates the problem: If the 
channel width is of the same scale as the channel length, then the flow will be fairly 
closely guided by the mean-line shape. As the width decreases relative to the length. 
all of the flow becomes aligned with the ideal exit angle. However, for large widths. 
the flow is not well constrained, and the average outflow angle will deviate signifi- 
cantly from the ideal or mean camber angle as shown in Figure 8.2. p2 is defined as 
the mean exit angle or flow angle, while for distinction pz- is the angle associated 
with the blade shape. In general, Ij2* < P2 such that the ideal value of 0,, considered 
thus far is now replaced by the effective value 0,' = (P, - 0,) < 0,,. As a result. C,: 
is smaller than previously assumed. That is, we do not do as much work on the fluid 
as we would expect from the simple calculation we have been using so far. 

To increase the accuracy of the predictions and design calculations. one need. 
to formulate a quantitative model of this flow behavior. The failure to ach iex  rl i i .  

expected level of flow, turning. called the "deviation" of the flow vector from rhi: 
ideal angle. must be modeled as 6, where 6 is a function of the geometric and velocit\ 
properties of the blade or vane cascade. 

Here, the term "cascade" refers to the blade-to-blade relationship as illustsatw 
in Figure 8.3a. Figure 8.3b shows the wealth of geometric uriables at hand and 
provides a hint of the possible complexity of the modeling problem. It seemed to 
the early investigators (see, for example, Howell. 1945) that if the incidence factor.; 
could be fixed at the leading edge tangency condition (the simple assumption in 
earlier chapters). then the vector field could be resolved by expressing the trailing 
edge deviation as a simple function of the channel proportions. Thus, 6 was reasoned 
to depend on the amount of turning required ($, or $,) and the solidity parameter 
expressed as the ratio of the blade chord to the blade-to-blade spacing. That is. the! 
expected 6 to be a function of @, and o = CIS, where s = 2nr/N, (see Figure 8.3h). 
Howell's correlation of the limited experimental data available in 1945 suggested 
an algorithm as 

This is a very simple form that provided a means for design guidance (in 1945) and 
was quickly supplanted by increasingly complex correlations. 
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F I G U R E  8.2 Concept of averaged flow direction. 
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Blade Cascade 

FIGURE 8.3a Concept ot' a cascade: the 2-D linear analogy ot' blade-to-blade proxlmlt). 

Chord L i n e  1 cadex 

FIGURE 8.3b Cascade geometry, nomenclature, and vectors 
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TABLE 8.1 
Deviation Angle Values, 6, with $, = 20•‹,  Using the 
Simple Howell Rule as a Function of o and P, 

The value 0.26 was soon recognized to be a function of the cascade inlet tlon 
angle PI, and the model was rewritten as 

with m given by 

iNote that Howell's original folm was written in ternis of the complement to the' 
mgle PI , cx = 90 - P, , SO that m = 0.23 + 0.1 (&SO)). This is still a rather simp12 
I-ule and is referred to as the Simple Howell Rule for circular arc cambered blade\ 
For a typical cascade camber angle of. say, 20' at a value of 13, = 45" and a solidit! 
of o = 1.0, the older form of Howell's rule gives 6 = 5.2". while the Simple Ho~ve!; 
Rule gives 6 = 6.4'. Clearly. neither 5.2 nor 6.4 is negligible compared to 20.0. The 
early rules thus provided a needed measure of conservatism in cascade layout for 
axial compressors and fans. The rule i n  either form clearly shows the expectatioi: 
of large deviation angles at low solidity and the ability to reduce deviation througl-. 
increased solidity. The influence of inflow angle Pi, and the solidity o, on 6 can be 
seen in Table 8.1 where both parameters are varied. The range of deviation is seen 
to be substantial compared to the simplistic assumption of total guidance of the flon 
The table values are all directly proportional to the camber angle and range from 
about 20 to 50% of 4,. 

Following the earlier work of Howell and many others, the NACA staff ar 
Langley Aeronautical Laboratory (now the NASA Langley Research Center) and 
the NASA Lewis Research Center undertook an extensive series of wind tunnel tests 
to determine the performance of compressor or fan blades in typical cascade con- 
figurations. The work was carried out in the late 1940s and continued through most 
of the 1950s. Tests were run using a particular family of airfoils called the NACX 
65-Series Compressor Blade Section, based on the original NACA 65-Series airfoil 
used on aircraft built during World War 11, perhaps most notably on the P-51 fighter 
aircraft. A large array of experimental configurations was examined with camber 
angles ($,) varying from 0' to about 70•‹, solidity (o) varying from 0.5 to 1.75, and 
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TABLE 8.2 
Cascade Combinations Tested by NACA 
(Emery et a!., 1958) 

inlet flow angle ( P , )  varying from 30' to 70". The tested values are summarized in 
Table 8.2 (taken from Emery et al., 1958). The NACA notation, for example the 65- 
010. refers to the basic airfoil properties. Here. 65 is the "series." the first digit 
beyond the dash referring to the Design Lift Coefficient C,,,, 0 being zero, and the 
last two digits referring to the blade relative thickness in percent of chord, tlc. For 
the 65-010, the t i c  value is 0.10. or 10%. A 65-810 has a C,,, value of 0.8. equivalent 
to 4' = 20.0' of circular arc camber. (The equivalency is $, = 25 C,,,). All values 
tested in the initial work were for 10% thick airfoils. Table 8.3 also includes the 
basic information needed to generate the shapes of the airfoils considered here. 
Figure 8.4 shows a schematic view of the cascade wind tunnel used for the tests 
and the shapes of the airfoil sections used in the blade cascades. 

The test results are covered in part by Emery et al., and they are perhaps best 
summarized and analyzed in the NASA Special Publication Number 36, Aerodynamic 
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TABLE 8.3 
NACA 65 Series Blades (Emery et al., 1958) 

NACA 65-01 0 BASIC THICKNESS FORMS 

Ordinates, +y  

65(212)-OlO Derived 
airfoil combined 65-01 0 

Station, x with y = 0 . 0 0 1 5 ~  airfoil 

0 0 0 
0.5 0 7.72 0.772 
0.75 0 890 0.932 
1.25 1.124 1.169 
2.5 I571 1.574 
5.0 2.222 2.177 
7.5 2.709 2.647 

10 3 I l l  3.040 
I5 3.746 3.666 
20 4218 4.143 
25 4570 4.503 
30 1 321 4.760 
35 1 9S2 4.924 
10  5 057 4.996 
45 5.029 4.963 

50 4 870 4.8 12 
5 5 1570 4.530 
60 1 l i l  4.146 

65 . 7 . 627 3.682 
70 3.0.78 3.156 
7 5 2.4.5 1 2.584 
8 0 1.847 1.987 
R 5 1.25 I 1.385 
90 0.719 0.810 
95 0.351 0.306 

100 0.150 0 
L. E. radius 0.666 0.687 

a = 1.0 mean camber line 

Station, x Ordinates y Slope, dy/dx 

- 

0.42 130 

0.38875 
0.34770 
0.29 155 
0.23430 
0.19995 
0.17485 
0.13805 
0.1 1030 
0.08715 

0.06745 
0.04925 
0.03225 
001595 

0 
-0.01595 
-0.03225 

-0.04925 
-0.06745 
-0.08745 
-0.1 1030 
-0.13805 
-0.17185 

-0.23430 
- 

Design of Axial-Flow Compressors (Johnsen and Bullock. 1965). The chapter on 
"Experimental Flow in Two-Dimensional Cascades" provides an excellent summary 
and review, and presents correlations for the behavior of fluid turning or deviation, 
optimal leading edge incidence, and total pressure losses through the cascades tested. 
The observed data is summarized in terms of a leading-edge incidence angle, i, in 
degrees and the cascade deviation angle, 6, as used by Howell et al. Incidence is 
presented as a linear function of camber in the form 
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FIGURE 8.4 C3sc3de \ v ~ n d  tunnel and blade shapes tested by NACA. (Emery et al.. I W X . )  

where i,, is the incidence angle required for a zero-camber blade profile and n is a 
slope factor relating incidence to camber. Both i,, and n are complicated functions 
related to the cascade variables p,. tk, and o. i , ,  is expressed as 

This is a messy function intended to be very general. The "t" subscript refers to 
variation with relative thickness of the blade and the "sh" subscript refers to beha\ lor 
using shapes other than the 65-Series airfoils. In the limit case for very thin blades 
(t approaching zero), the value of (K,), goes to zero so that i,, goes to zero. For 10% 
thick 65-Series blades, the function reduces to 
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reducing the problem of determining (i,),, and n as functions of @, and o. The 
original correlations were presented as graphs of these \.slues versus PI with o as a 
parameter. More recent efforts have reduced these extensive graphs to a set of cur\.e 
fits (Wilson, 1983; Wright, 1985) in this form or one slightly modified for c0nL.e- 
nience. For example, the use of i = i, + n@, with n = ndoc with n,, and c as functions 
of p, and o yields a form very similar to the original correlations of Howell. That is. 

For small values of t/c, the formula for i reduces to 

which is virtually the same form as the simple Howell equation, but with the square 
root of o replaced by a variable exponent c, which can be a function of a and P 

For the i ,  function, a very simple curve fit results in the approximate expression 

tor 10% thick 65-Series blades. The values of n,, can bs approximated by 

and the exponent c becomes 

for o < 1 .O, and 

for <T > 1 .O. This group of equations becomes the algorithm for more formal, careful. 
and accurate treatment for establishing the optimal leading-edge incidence angles 
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for blade layout. They replace the rather simplistic tangency condition used earlier, 
since that condition is reasonably accurate for only high solidity cascades of very 
thin blades. 

To complete the more accurate treatment of the blade cascade, one needs to 
replace the Howell algorithm for flow deviation with the newer forms given in NASA 
SP-36. Again, the correlation was assumed to be a linear function of camber angle. 
whose coefficients are function of 0 and p,. That is, 

The expression for 6,, is &pendent on thickness and shape as was the form for i,, so 
that 

As before, (K,),, goes to 1 .!) for 65-Series blade shapes arid (I<,)& gocs t o  I .O for 
10% thick blades. or to z m  for very thin blades. Using the Howell form for the 
slope factor ni as 111 = nl .;o'. the algorithm can be reduced to 

or. for very thin blades 

For the 10% thick 65-Str1i.s airfoils. the values of 6,,. m,,. and b can be approximated 

(8.18) 

for o > 1.0 

for o < 1 (8.19) 
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This set of equations allows an improved estimate for the de\riation angle in preparing 
blade layouts. 

Now, one needs to assemble all of this accurate detail for blade layout into a 
rational scheme for choosing blade cascade parameters. The basic object of the 
layout process is, of course, to pick a geometry that will achieve the required head 
rise or fluid turning, Ce2 or 8, at a given mass or volume flow rate. Reference to 
Figure 8.3 shows that the geometry to achieve the fluid turning becomes 

Bringing in the equations just developed for i and 6, this may be rewritten as 

The amount of camber required to achieve the required value of O , ,  is 

The correlations for m,,, n,,, b. and c are shoum i n  Figures 8 . 5  and 8.5h. 
Take a look at the earlier, simple example of deviation using the Howell corrc- 

lation for a cascade with p, = 45' and various values of' o. If the required fluid 
turning was 20•‹, then to meet that target, one requires 

For the lead~ng edge tangency assuniptlon ( I  = 0) and Ho\iell's o r ~ p ~ n a l  cor~ela t~on 
for 6, then 

For o = 1.0, 9, = 26.3"; for o = 0.5, 4, = 3 1.6': etc. One can use the more complex 
and more accurate form for i and 6 to recalculate the camber and compare this to 
the Howell form just used. Using 10% thick 65-Series airfoils. one calculates 
(for o = 1.0, 8, = 20' and PI = 45") 
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O,, degrees 

FIGURE 8.5a Slope riin~.tions for 6 and i 

Thus. the camber nlusr be QL = 27.3". That is extremely close to the Howell value. 
differing hy only 1 ". If  o = 0.5, the complicated method gives @, = 34.6": this time. 
there is 3 somewhat larger difference from the Howell-based result. a difference of 
just over 3'. 

As an example, examine the design requirements for an axial fan mean bladi. 
station where Q = 10.000 cfni and Ap, = 1.8 InWG at standard densit!, (pg = 0.0715 
Ibf/ft3). Calculation of N, and D, for various choices suggests a vane axial fan with 
N = 1323 rpm, D = 2.5 ft. and q, = 0.89. Figure 6.10 suggests d/D = 0.6 or d = 1.5 fr 
and r,,, = (d + D)/4 = 1 ft. One can calculate U,, = 149 ftls and C, = QIA,,, = 53 ft/s. 
NOW. using the Euler equation. C,, is calculated as 

This gives 
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FIGURE 8.5b Exponents for solidity in  de\.iation and incidence angle correlations. 

These three parameters provide the information necessary to lay out the mean blade 
station. However. one does have to select a value of first. The de Haller ratio with 
the given velocity components is WJW, = 130.3/158.1 = 0.82. This is rather con- 
servative, so choose a moderate value of solidity of o = 1 .O. Now proceed to calculate 
required values for the camber angle, $,, and the blade setting angle, h. For simplicity 
(perhaps for low cost), use a stamped sheet metal blade whose t/C value is very 
small, about 0.005. This choice allows one to set i,, and 4, to zero and work with 

Then calculate 



Cascade Analysis 

FIGURE 8.6 Laycut t'or the example fan blade and vane rous 

so 

Even with a moderately high level of solidity. one nbscrvcs significant effcc~s 
due to deviation and optimal incidence setting (-4.28" and ?.93", respectively) with 
12.6" of circular arc camber required to achie1.e only 3.4' o f f  uid turning. The blade 
pitch or setting angle is calculated as 

The layout for this blade mean station is shown Figure 8.6 ithe \mes .  to be d e w -  
oped. are also shown). 

To extend this example, select some number of blades to put some precise 
geometry down on paper. Use NB = 8 and calculate the blade chord and spacing 
from the solidity. Here, om = NBCm/(2nr,,) so that C, = (2nr,,o,)/NB = 0.785 ft. The 
blade length, L,, from hub to tip is (D - d)/2 = I ft so that the blade is nearly square 
in appearance, with an aspect ratio of L,/C, = 1.274. This is a somewhat stubby 
blade, as aspect ratios of 2 to 3 are not unusual. 
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TABLE 8.4 
Effect of Blade Number on Pressure Rise 

What if one decides to use the same hub and blade designs but wants to modit! 
the fan performance by selecting fewer or greater numbers of blades (of thc sams 
size and shape)? For example, one might market fans with N, = 4, 6, 8, 10. 11. 1-1. 

and 16 blades to amortize the engineering. development, and tooling costs over (1 

broader range of products. The corresponding values of mean station solidity xi. 
on, = 0.5, 0.75, 1.0, 1.25, 1 S O .  1.75, and 1.0. Intuitively, one should expect r h ~ t  
removing blades from the fan (e.g.. from eight to four blades) will reduce the amounr 
of work done on the fluid and hence the pressure rise at Q = 10,000 cfm will bi. 
reduced. On the other hand. if one adds blades (e.g., from 8 to 16), the work snJ 
pressure rise should be increased. Take care in this process to keep the blade settins 
angle and the flow rate the same. so that 2,. 0;. P,, and i are unchanged. Only r!x 
\ d u e  of 6 changes with the change in o. O,, is modified to 

Using the unchanged values of m,,, b, I, and 0. yields 0,, = 8.32" - 3.93"/d'("'. L';s 
the modified value of turning to revise the pressure rise value. That is, 

Table 8.4 summarizes the calculations. 
The behavior of the pressure rise with solidity is shown in Figure 8.7. Several 

observations are made. First, the pressure rise does indeed increase with o or NE. 
but the relationship is decidedly nonlinear. Using half of the eight blades of the 
initial design layout yields 52% of the design pressure rise. That is, half the solidit! 
gives half the pressure rise. However, using 16 blades instead of 8 gives only 1265 
of the design pressure rise. Doubling solidit! does not come close to doubling ths 



Cascade Analysis 

Number of Blades, N, 

FIGURE 8.7 Variat~on of rota1 pressure rise with the number of blades. All other prameters 
are held constant. 

pressure rise. The overall rate of change appears to be asymptotic as solidity becomes 
large and is a clear reflection of the I/@ behavior of 6 in the deviation angle 
algorithm. 6 is slowly approaching zero, so the pressure rise is gradually reaching 
an upper limit. According to the algorithm, when 6 approaches zero, O,, nears the 
limit of bL + i = 8.82'. This gives Ap, = 2.90 InWG. Of course, this value requires 
that the assumptions prevail at infinite solidity; it has already been noted that a 
practical upper limit for solidity is about o = 2.0 or less because of Ron. channel 
blockage due to blade thickness and viscous boundary layer thickness. The 16-blade 
case is therefore a probable upper limit of performance for this design. 

Referring again to Table 8.4, one sees that the values for swirl velocity. fluid 
turning, and pressure rise all become negative for a 2-blade configuration. This seems 
to imply that at very low solidity, the fan is operating as a turbine and is capturing 
energy from the airflow. However, the very great probability is that the algorithms 
for incidence and deviation are breaking down because of the paucity of experimental 
performance data for really low values of solidity (see Table 8.3). Rather than 
extrapolate these correlations toward zero solidity, first recognize the singular nature 
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of the limit both physically and mathematically. In the curve-fit correlations, the use 
of the form 1lo"ields non-finite results as o becomes vanishingly small. In the 
physical situation, if performance requirements are held at a fixed level, one is forced 
to use very high values of camber angle or blade incidence to achieve any fluid 
turning at all as blades become very narrow in proportion to the blade spacing. The 
answer to this difficulty lies in establishing an analytical limit based on airfoil theory 
for "isolated airfoils" (not in cascade) and then devising a means of connecting 
known behavior of moderately low solidity cascades to this more reliable limit. 
Recent work in the area of low solidity cascades (Myers and Wright, 1993) has 
provided some guidance and a means of circumventing the difficulty. Growing out 
of that work, a very simple method of computation has been developed. The approach 
relies on the classical, isolated airfoil theory as shown in many references ( e . ~ . ,  
Mellor, 1959). Mellor defined the limiting ability of a cascade to turn the flow in 
terms of a lift coefficient, which is a function of the cascade and flow variables. This 
value C,,,, from theoretical considerations. is 

CLm = - COS' P,,,(tan P, - tan P,) (:I 
where P,, is a mean value of p defined by 

 tan^, -tan P,)] Pm = tan-' 
7 

The camber value for isolated or very low solidity blades is established on the baas 
of the lift coefficient at an arbitrarily low solidity. The actual value is based on an 
interpolation between this "isolated" value and the experimentally correlated valuc 
at o = 0.6. When dealing with a o value less than 0.6, the two controlling values 
must be established: at o = 0.6. calculate m,,, with the existing algorithms; for the 
low value, set o to 0.05 to get 41, ,,,, = 36.4 C,, = 3.64 cos2pm (tanp, - tanPz). The 
interpolated value is then given by 

Similarly, the incidence angle is adjusted to 

These equations substitute for the low range values such as those one would have 
obtained in the earlier example if one had tried to use the existing algorithms with 
very low solidity. 
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For the post-design analysis carried out with the existing blade shape and hub, 
one needs a slightly different kind of limit in terms of the amount of Row turning 
expected. Here, one can go to the actual limit and state clearly that the amount of 
turning for a zero-solidity cascade is zero. In terms of the deviation angle 6 ,  6 is 
given by 8,, = 0 or 

Then calculate 6 using o = 0.6 and interpolate for the actual low value of o according 
to 

Now, reexamine the low solidity performance of the eight-blade fan with only 
two blades. The use of o = 0.25 and the cascade algorithms gave a deviation angle 
of lo0, resulting in a negative turning angle and pressure rise. Using the zero solidity 
limit pressure, since o is less that 0.6, one calculates F,,,, = 8.23". Then, the end 
value at o = 0.6 is given by 6,, = 3.93•‹/00."7" = 5.55'. Interpolation at a = 0.25 is 
done according to 

Following through the remaining calculations. the turning angle is a positive 
1.12". p2 is 69.3", Ce2 is 8.88 ft/s, and Ap, is 0.527 InWG, a nice, satisfying, positive 
value. Carrying out the same calculations for a four-blade configuration yields a 
pressure rise of 0.97 InWG, only slightly higher than before. The new values are 
shown on Figure 8.7 to form the dashed line to the limit of zero pressure rise for 
zero blades. 

The methods developed here can also be used to lay out a vane section for the 
vane axial fan. Again, working at the mean radial station of the fan, determine the 
inflow properties for the vane row directly from the outflow of the blade row. The 
blade relative velocity components must be converted velocities in the absolute non- 
rotating reference frame of the stationary vanes. The discharge velocity requirements 
for the vane row are to simply provide a pure axial flow at the outlet (complete swirl 
recovery). The inlet angle for the vane, PI, is set by the value of C, and C,, from the 
blade row. These were C, = 53 ftts and C,, = 30 ft/s, so that C,  = 60.9 f t k  At the 
discharge, the value of C, is just C,, so C, = 53 ftls. The de Haller ratio for the vanes is 
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This is a very conservative value; thus, one can assign a solidity value to set up the 
vane mean station cascade of, say, o = 0.75. The inffow angle is 

The fluid turning of the vane must drive the outflow angle to zero. so 0 ,  = b, = 29.5' 
and Pz = 0". Using a thin airfoil section, calculate 

m,, = 0.186; b = 0.709; no = -0.0908 

to yield 

Since N, = 8 for this design, use N ,  = 17. Choose the number of vanes primarily 
to avoid a number that is evenly divisible by a multiple of the number of blades so 
as to avoid the natural resonances of the acoustic frequencies of the t\\v ran.;. 

Secondarily, try to keep the aspect ratio of the vane (L,./C,,,) between i and 6. \ i . ~ t h  
17 vanes, the mean chord (based on a vane row solidity of 0.75) is 0.327 ft.  \vith 3 
height of 1 ft. That gives an aspect ratio of about 4.4. Seven vanes would rcquir-c ;I 
chord of 0.55 1 ft with an aspect ratio of 1.8; 23 vanes would _rive a chord of 0.16s 
ft and an aspect ratio of nearly 6.0. Either the 7-vane or 17-vane configuration looks 
all right, so one can stay with N, = 17. Values of i and 6 for the thin-vane mcsn 
station are calculated as 

qc = -5.47" and 6 = 

Finally, 

The mean station blade and vane shapes and orientations for this preliminary design 
layout are shown in Figure 8.6. Note that the vane appears to turn the flow well past 
the axial flow direction. This appearance led to the term "over-turning" commonly 
seen in the cascade literature years ago. It is clearly a misnomer since the extra 
10.33" simply accounts for the deviation and corrects the average velocity across 
the channel to be purely axial. 
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8.2 RADIAL FLOW CASCADES 

A s  found for the flow through axial cascades, incomplete guidance of the fluid leads 
to a reduction in Ce2 compared to an ideal value based purely on camber line 
geometry of the blades. In e fkc t ,  the \ d u e  of  C,, is always less than the ideal value. 
One can define p, 3s 

where Ce,' is the adjusted value and C;: is the camber line calculation. This ratio is 
called the slip coefficient (Csanady, 1'364: Shepherd, 1956). As in axial flows. there 
are man! schemes. ~iiostly based on nuinerical tlow solutions and geometric argu- 
ments. to estimate u,,. The more comnionly used methods used to calculate slip 
include ths ~neihod of Busernann (Buscniann. 19?8), which is used in initial design 
and layout for blades with both large m d  moderate discharge angles. in the range 
of-tS0 2 5 90•‹ (see Wright. 1978). Another method used extensively in compressor 
layout is the method by Stanitz (Stanitr. 1951). The method presented by Balje 
(Balje. 138 1 ) is interesting in the conte\;t of its great simplicity. The method devel- 
oped h!, Stodola (Stodola. 1927) is perhaps the oldest in common use and is the one 
sccommen~ic.c1 hcl-c as a preferrcd c h o ~ c s  in psslirninal-y dcsign blade la!,out ti)r 
cenrrif'ug;~l machines. Thc Srodola formuh for slip is 

For inoilcrate \ d u e s  of C,,12N2. tht iornlula 15 usually simplified 10 

This forni I. clainicd to be most relevant for blades that are \ w y  flat in the trailing 
edge region. Cn,? can be replaced in most cases by C,?. A more complicated f o m  
of the Stodola forrnula includes a blade trailin? face viscous blockage factor, F,,, 
of the order of about 0.7 to 0.8, which acts to modify g, according to 
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Number of Blades, N, 

FIGURE 8.8a Slip coefficient formula comparisons for radial blades 

For F\, = 0.75. P, = 30". and NB = 20, for example, p, = 0.931 compared to 0.92 I 
for the unmodified Stodola value. The refinement, which is unconservative, is probably 
not justified in light of uncertainty in the proper value to use for F,, (see Balje, 1981). 

Figure 8.83 provides a comparison study of the different methods for calculating 
pE for radial bladed or radial tipped blowers (pz = 90.). As seen, the methods by 
Stodola, Busemann, and Balje are in substantial agreement, u.hile the Stanitz method 
provides the highest estimates for p, by 5% or so, and the Balje method is moderately 
conservative at blade numbers greater than ten. As seen in Figures 8.8b and 8 . 8 ~ .  
the methods of Busemann and Stodola are in  excellent agreement for the lower range 
of blade angles when the blade number is greater than about eight. The Stodola 
formula in its simpler form is thus considered to be very easy to use, and accuracy 
is adequate for use in preliminary blade layout for centrifugal machines. Clearly. 
refinement of a final choice of layout, by laboratory development or detailed numer- 
ical flowfield analysis, would be required in an advanced phase of design. 

Consider the layout of the trailing edge angle of the blade of a water pump. Start 
with performance requirement of 30 m of head at a flow rate of 0.015 m3/s. Selecting 
a rotating speed of 3000 rpm yields a specific speed of N, = 0.542. Cordier analysis 
sets D, = 4.9, D = 0.145 m, and 11, = 0.87. d/D should be about 0.383 based on 
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FIGURE 8.Hh Slip coefiicient comparison with P2 = 70•‹ 

Equation (0.4 1 ) .  The Euler equation \vith q, = 0.87 provides a requirement on C,? 
of' 14.9 I I I / \ .  It'C:, is set to match the throat velocity. then C,, = Ql(xd2/3) = 6.09 mls. 
Thcn choose a reasonable value of C,? = 4.0 m/s and calculate a conservativc de 
Hailer ratio of ahout WJW, = 0.8. The values of Crz and C,, will size the inlet and 
outle~ kvidths of  the impeller. The results give 

C-, =6.09 m/s: Cr, =4.O m/s: C,, =14.9 m/s 

where C , ,  has heen set to zero. 
Based on a zero slip calculation (ideal Euler equation), the trailing edge mean 

camber line would lie at an angle of 
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FIGURE 8 . 8 ~  Slip coefficient comparison for P? = 40'. 

above the tangent to the impeller at the trailing edge. 
However. i t  is necessary to correct this really approximate setting by the e s~ i -  

mated slip coefficient. Thus, the actual angle will depend on the number of bladss 
one decides to use. Using 

correct the value of Cg2 with Cez/pE and replace the ideal p2 with 
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TABLE 8.5 
Variation of Blade Angle bvith Blade Number 

2: N 8 PE P 2  

h 0.763 .= 5 26.9 

10 0.858 . - 26 9 1.. ( 

15 0.905 ;-. 26 9 

20 0.979 :~ c, 26.9 

0.93.: .- - 
25 26.9 
3 0 0.95.: - - 76.9 'j 7 

3 5 0.959 - \  z 26.9 
30 0.965 :: 6 26.9 

If using ten blades. then p, = 0.858 and fi, 2 36.1'. That is a substantial change- 
9.5"-from 26.9" and is clearly non-negligikis. Higher blade numbers will reduce 
the disparity and the required angle tor the hid?. Table 8.5 giws the values for N, 
ranging to about 30 blades. The discharge fluid anzle, P,. is constant to meet the 
required head rise and is included in the table for emphasis. 

The behavior of slip can be illustrated funhsr by examining the pressure rise 
performance of a centrifugal machine as one cdds or omits blades. Once the blade 
setting angle. &*. is fixed to some \.slue, on: can recalculate the Ce2 bascd on a 
different number of blades. That is. the ratio of :he new value of C,, ,,,,, to the original 
value C,, ,,,,, will be 

I 
C87 ncu - U i -cu - 'Bncu , 

Following the previous example and using K, . , = 10 with 
above equation to 

P2* = 28.6@ reduces thc 

assuming no change in efficiency. Table 8.6 :i\es the ratios for blade numbers 
beginning at 6 and increasing to 40. Using ths ~slocities from the previous work to 
calculate H = U2C,,Ig allows inclusion of re21 head numbers in the last column 
(Uz was 22.8 m/s and the design value for C,: u . 3 ~  14.9 rnls). 

An interpretation of the results shown in Tables 8.5 and 8.6 indicates that the 
design should probably not be executed with more than 12 to 15 blades. The gains 
above the 90% level achieved by doubling or rripling the numbers of blades do not 
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TABLE 8.6 
Head Rise Variation with Blade Number 

justify the extra cost and complexity of the impeller layout for thz higher blade 
numbers. 

The reader has probably noted that no presentation is given here on choosing 
an optimal leading edge incidence for the centrifugal cascade. No reliable analysis 
to predict such values is known to the author. It is recommended that the leading 
edge of the blade be matched to the blade relati\e velocity vector at the blade row 
entrance, based on uniform radial velocity into the cascade. Although this uniformity 
of llow is a relatively simplistic approach. refinement beyond this assumption 
requires a detailed knowledge of the three-dimensionality of the f ow passing into 
the impeller inlet and approaching the blade leadinp edge. A rudimentary preliminary 
design analysis can be carried out with the simple assumption stated here. In a later 
chapter, this restriction is alleviated somewhat by the introduction of approximate 
quasi-three-dimensional analysis for estimating the distribution of the flow across 
the blade inlet (in the axial direction). As u u s  stated for the axial flow analysis 
above, the geometry developed for the centrifugal impeller using these preliminary 
design techniques should be refined by rigorous numerical analysis of the impeller 
flowfield or through an experimental developrncnt pr0gram-a both. 

8.3 SELECTION OF SOLIDITY FOR AXIAL CASCADES 

As in the development of the modified Howell rule for axial cascades, deviation is 
a function p,, o, and q,. The rule seems to imp]! that a low value of o can simply 
be compensated for by increasing the amount of 0, to meet the requirements on O,,.  
It is really not that simple because the details for estimating the allowable diffusion 
on a blade suction surface depend, in part, on the solidity of the cascade. From the 
de Haller ratio and the diffusion analogy, the rule was established that W , N ,  > 0.72 
would yield an acceptable blade loading level. Although it was indicated that increas- 
ing solidity could allow some adjustment of the minimum W,/W, value, the idea 
was not developed further. 
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In the NASA Special Publication 36 (Johnson and Bullock, 1965), this concept 
is developed in terms of a more realistic estimate of relative velocity, W. If one 
denotes the maximum value of W on the low-pressure or suction surface of a blade 
(or vane) as W, (p for "peak") and defines a more detailed velocity parameter as 
W,/W,, then an alternate form can be written as 

and called the NACA local diffusion parameter. The concept of the blade surface 
\!elocity leading to this parameter is illustrated in the velocity distribution shown in 
Figure 8.9. NACA used theoretical potential Row velocity distributions on the airfoil 
surface to estimate the boundary layer property o*/C as a function of D,. 8*/c is 
the ratio of the momentum deficit thickness of the boundary layer at the trailing 
edge of the blade suction surface to the blade chord length. O*/C serves as a measure 
of blade wake thickness and momentum loss (hence drag) due to viscous effects on 
the blade flow. The calculated data from these airfoils is summarized in Figure 8.10 
as O*/C versus D,. As seen in the figure, O*/C increases monotonically as D, 
increases. When D, reaches a value of slightly above 0.5 (or when W2/W, becomes 
Icss than 0.51, the niapitude of O*/C begins to increase rapidly. This sudden change 
indicates the development of flow separation of the flou from the blade suction 
surface. The blade cascade begins to stall and drag or toral pressure loss increases 
rapidly as well. The concept is a clear and useful illustrsrion of the viscous flow 
hehavior. but calculstion of D, and O* are non-trivial. Seeking a simpler approach. 
Leiblien (Leiblien. 19-56) developed an approximate form for W, such that 

where AW$2 is the mean circulation velocity, additive on the suction surface and 
subtractive on the pressure side. The magnitude of AW, can be extracted from the 
velocity diagram for the blades as shown in Figure 8.1 1. This is. qualitatively 
speaking, the source of the difference of pressure between the two surfaces illustrated 
in Figure 8.9. Leiblien developed a new form for the diffusion factor as 

for which an experimental correlation of existing. extensi~e cascade data for 0*/C 
was undertaken. Results are presented in Figure 8.12 and indicate excellent collapse 
of the data. Again, one observes the gradual increase of Ox/C as DL increases up to 
about DL = 0.6, where O*/c has increased by a factor of about 4. Beyond DL = 0.6, 
the data for 8*lC shows a very rapid increase and greater scatter, indicating again 
the development of blade stall. Leiblien's results can be used as a solid guideline to 



Fluid Machinery: Performance, Analysis, and Design 

Suction Surface 

t 'pressure Surface 

Chordwise Location, x 1 c 

FIGURE 8.9 Blade surface velocities showing peak suction surface velocity for local dif- 
fusion model. 

what constitutes an acceptable level of blade loading; namely, DL should clearly be 
less than 0.6, and for reasonably conservative design practice, the value of DL should 
not exceed the range 0.4 to 0.55. For relatively high levels of blade solidity, this 
result is seen to reduce to the de Haller ratio as a criterion of blade loading limitation. 

If one establishes the level of DL that can be allowed as a design limit, DL ,,,,, 
the required minimum value of solidity can be written as 

The behavior of minimum solidity can be illustrated by an example of an axial 
flow mean station with Cez = 12 m/s. U, = U, = 35 m/s, and C, = 10 m/s. For these 
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Local Diffusion Ratio, D, 

FIGURE 8.10 Momentum thickness \x ix ion  ui :n local dittus~oii (c~ilculawJ \~lluc.s ot 
velocity and momenrum loss). 

AWe=Ce2 

FIGURE 8.11 Velocities used in Leiblien's diffusion model. 



Fluid Machinery: Performance, Analysis, and Design 

Diffusion, DL 

FIGURE 8.12 Momentum loss variation with the Leiblien diffusion factor (correlation ol 
experimental data). 

values, W,  = 36.4 m/s and W2 = 25.1. Then. setting DL ,,, = 0.5 yields. \ k i t h  
W J W ,  = 0.690, 

This is a moderate value of solidity, a little on the low side, which is consistent with 
a fairly conservative value of the de Haller ratio. 

Choosing DL ,,, as 0.45 would provide a more conservative level of design by 
allowing a more substantial margin away from stall conditions. om, can then be 
calculated as a function of W,,  W,, and AC, or by using the alternate definition for 
DL ,,, directly in terms of 0 ,  and 0, 
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cocP, (tan 0, -tan 0,) 
own =(i)rico \ 1 

Figure 8.13 shows typical rcsults for solidity as a function of outlet flow angle with 
inlet flow angle :is parameter. These results show that, for large PI .  the value of 
does not vary ~nuch from P I .  That is. 0,, = PI - P2 is restricted to small values 3.; 

constrained by reasonable diffusion levels, even if very high values of o are used. 
On the other hand. 31 smaller P I ,  the diffusion level is not nearly as significant LL 

constraint. even thr \,cry large values of (I,, (small P2). The required minimum solidit! 
is observed to take on much smaller values as well. Putting this behavior in perspec- 
tive. note that lal-ge values of 8, correspond to small values of C,/U (tan-IP, = C , K !  
or low specific \peed (for an axial machine). Smaller PI  \slues correspond to larger 
C, or higher specific speed. If the bl  is fairly large and. i n  addition. the 8,, is hifh. 
one is facing Ion flo\v and high pressure rise and can expect to have difficulty laying 
out an acceptable axial cascade to do the job. This difticulty is consistent \vitii 

previous experience using the Cordier guidelines and arriving at unacceptable de 
Haller ratios. Here. one will be forced into using unacceptably large solidity to rr! 
to keep the diii'usion level under control. The problem can be alleviated somcwhdt 
by selecting a \er.!, large hub or d/D value to force the C, hipher and 0 ,  lower. Thi> 
is alwa!.s done :it 11ie expense of increased viscous losses arid a high level of \,eloc.i~! 
pressul-e through the blade row (low static efficiency). Also note that. in ttw proc.e.;\ 
of design. the solidity can be chosen directly, perhaps because of geometric c o r ~  
straints such 3s 3 linearly tapered blade. It is, however. \ e n ,  importan[ to use tli,ii  

choice to calculate the diffusion le\fel that results from that solidity to ~nake SUI-L,  

the design will he below the stall limitation. 

8.4 SOLIDITY IN  CENTRIFUGAL CASCADES 

In centrifugal cascades. the term "solidity" is not commonly used, nor is solidit) a 
primary design \.ariablc used in blade layout or impeller design. As seen in the use 
of the various formulas for slip coefficient, the number of blades becomes n \,er! 
important parameter in determining both outlet angle and pressure rise. The solidit! 
of a radial tlo\v cascade can be defined, if one so chooses. in a couple of differcni 
ways. The more common method is to simply define the rarin of the angular segmenr 
between Icadins and trailing edges of a blade to 36OZ/T,. the angular spacins 
between adjacent leading edges. The geometry is shown in Figure 8.14. A general 
rule in centrifugal cascade layout is to keep this angular solidity at about 1 or slighrl! 
greater. As seen in the examples. the use of a snlall number of blades leads to 
small slip coefficient. The pressure rise is made up by raising the blade outlet angle 
to rather large values to overcome the inherently low turning. Although seemingl! 
valid, substituting angle for blade density will lead to a \.cry heavily loaded blade 
configuration and, hence, to unnecessarily high viscous total pressure losses. Using 
a greater number of blades reduces the requirement on outlet angle, distributes the 
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FIGURE 8.13 Variation of minimum solidity u.irh P ,  and 13: 

work to a larger number of blades (larger surface area), and leads to a higher angular 
solidity for the cascade. Examination of typical centrifugal blade layouts will show 
that the slip coefficient is usually set above 0.85 so that a reasonably large number 
of blades is required and a fairly high angular solidity is achieved. Using the Stodola 
formula for illustration 

Rearranging this equation yields 

[;"';]+, N, = INT - 

using INT for the "greatest integer" notation. Clearly, for larger outlet flow angles. 
the blade number increases as the sine function: and for larger slip coefficients, the 
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Axis 

FIGURE 8.14 Geometry for the approximate solidity in  a centrifugal cascade. 

required nuniher of blades increases strongly. Both trends drive the cascade to high 
an~ullir wlidity i n  order to control the blade loading. To that degree, the use of 
solidir) i b  analogous to the axial cascade design process. 

Ccnrrii'ugal cascades for impellers of very high specific speed (N, G 1 .O) can hc 
anal>zsd in much the same manner as an axial configuration using solidity and 
diit'uhian coefficient. One can approxinlate the solidity of the centrifugal cascade 
(0,) tor Iriirly a high blade number as 

where 

The formulation is s~milar to the axial solidity where the chord of the blade is divided 
by the arc length between adjacent trailing edges (see Figure 8.14). If one chooses 
to govern the blade solidity on the basis of diffusion, then again employ the Leiblien 
formulation in a form relevant to the centrifugal cascade 
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TABLE 8.7 
Selection of Solidity for a Centrifugal Cascade 

If we assume that the boundary layer flow on the blade suction surface behaves the 
same as on the axial cascade (neglecting curvature and Coriolis effects), then \\.e 
should limit the value of DL, to less than 0.5 or 0.6 to avoid flow separation. This is 
a rather conservative constraint as illustrated in Table 8.7. The table presents calcu- 
lations for a fan with Q = 150 ft3/s, Ap, = 60 Ibf/ft2, p = 0.00233 slugs/ft7, D = 3 ft. 
d/D = 0.727, N = 158 radiansls (1506 rpm). Here, N, = 0.95 and D, = 3.1. C,, i h  

assumed to he zero so that AW, is simply Cez The diameter ratio is d/D = 0.727. 
and the widths are w, = dl4 and w, = (d/D)w,. The results show a requirement f o r  
oi 2 1.48 for fairly moderate values of blade number. Most centrifugal fans in this 
rangeof specific speed will have a solidity of perhaps 1.1 to 1.25, and very high 
total efficiencies as well. indicating very clean boundary layer flows. Twelve bladc.; 
\voulti he typical so that the diffusion constraint requires about 40% more hlacis 
length than is commonly seen. If one considers a lower specific speed, the requirs- 
ments for solidity become totally unacceptable. For example, one could quadrupli. 
the pressure rise requirement for the fan and use N, = 0.40 and require D, = 6.5. 
The solidity requirement with 30 blades goes to about 8, which is really not workabis. 
The de Haller ratio was only 0.53. What is happening is that the suction side oi' .i 
blade i n  a centrifugal impeller is routinely operating with separated flow. In  thc axial 
flow machines, this was deemed unacceptable because of flow stability problem.. 
However, the flow in the blade-to-blade channel of a centrifugal impeller with 
boundary layer separation is relatively benign, with a well-ordered jet-wakc (Moorc.. 
1986) flow pattern that remains stable through the channel and out the exit. Not 
having to preclude separated flow in the impeller channel greatly relaxes the restric- 
tion on diffusion and allows much higher blade loading with acceptable performance. 
Again. recourse is made to specifying an angular solidity near I .O with adequate 
blade number to keep the slip coefficient near 0.9. 

8.5 DEVIATION IN TURBINE CASCADES 

In turbine applications, one does not have to deal with diffusion limitations, but the 
phenomenon of deviation must be addressed to maintain design accuracy. A fairl! 
simple method by Ainley and Mathieson (1951) (as presented by D.G. Wilson 
(1984)) can be used to estimate blade angle requirements in both blade and nozzle 
rows for axial flow turbines. It appears to be useable for hydraulic. gas, and steam 
turbines for Mach numbers less than 1, and it is based on geometric arguments. 
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Ro ta t ion  

tempered by comy;trisons to experimental data from actual turbine testing. For- 
purposes of illusrr;rion. this can be simplified to a mean car~iber  line analysis. As 
shown in F i p r s  > Is. [hi. calculation ofthc actual Hujd outlc.1 anglr. is expressed i n  
terms of' an opcnlns ratio. 01s. and a cur\,ature ratio I-,IS. The c.li'csti\.e ourlet angle 
or tluid angle i h  6: siven by 

Referring to the \ i u s  for M,, < 0.5 as (&I ,  and the sonlc \slue as ( @ , I ,  ,,. cs(imates 
for Mach numbers bi.r\vcen 0.5 and 1.0 can be made by 

These equations \<<re developed by D.G. Wilson of MIT (1984) as curve fits to the 
original graphical methods developed by Ainley and Mathieson ( 195 1 ).  The absolute 
value of the calculation must be used. 

For illustration. the simplifying assumption of flat blades near the trailing edge 
(see Figure 8.16) dri\.es r, to very large values. reducing the flow angle equation to 
(for Ma, < 0.5) 
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FIGURE 8.1 6 Turbine nozzle geometry in the trailing edge region. 

where cos-'(oh) = &*. the blade metal angle. For example, if f&* = SO0, then 
(3? = 48.3O or 6 = 1.7'. This behavior is seen as a function of (3:* in Figure 8.17. 
This method can be used to lay out inlet guide vanes for pumping machines when 
pre-swirl of the incoming fluid is needed (C,: # 0.0). 

The question of choosing the correct incidence at the leading edge of' a turbine 
takes on far less significance than was the situation for fan and blades i n  a purnplng 
cascade. The incidence angle to the camber line at the leading edge can safely bc 
set to zero (as was done by Howell for compressors) for a preliminary design study 
(Wilson, 1984). The remaining major variable. the cascade solidity, is not as srrictly 
governed either. as one does not deal directly with a diffusion limitation. The choice 
of solidity can be adequately constrained by holding the lift coefficient for a blade 
to some upper limit (Zu-eifel, 1945). From momentum considerations (for a constant 
axial velocity), the lift coefficient is 

2 cos h c, = ( o ) C O ~  Pp:(tanP, -tan@-.) 

2 cos h 
(-J = ------ COS' pl(tan (3, - 

(cL 

tan p l )  (8.52) 

Fixing C, to an upper limit yields an initial choice of solidity and hence the blade 
or  vane chord (recall o = Us).  Zweifel suggests C ,  approximately equal to 0.8, 
while Wilson recommends C ,  = 1.0 as a less conservative value. Typical numbers 
for an inlet nozzle might be P, = 0•‹, & = -65'. With C ,  = 1.0. one obtains 
o = cos((3,/2) so that o = 0.84 and for other values of @, would range from near 
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FIGURE 8.17 Example of deviation in  a turbine nozzle 

I .O to perhaps 0.75. For reaction blading examples, the required solidity increases 
suhstanr~ally. With, say P, = 30•‹, pz = -60•‹, and C, = 1.0. one requires o = 1.5. 
Clearly. these much harder working blades need more solidity for reasonable 
loading. 

8.6 LOSS SOURCES AND ASSOCIATED MAGNITUDES 

I n  the cic.s~zn of axial fans and compressors, four sources of loss have besn identified 
that sipiticantly reduce the actual design point performance of the fan (Koch and 
Smith. 1976). The tbur sources of loss that are significant include ( I )  blade and vane 
profile iobm due to surface diffusion, (2) losses associated with the end-wall bound- 
ary layers and blade end clearances, (3) losses due to shocks within the blade 
passages. and (4) drag losses due to part-span shrouds and supports. The net mag- 
nitude of all these losses must be considered in analyzing the overall performance 
of the fan design. Of the four types of losses identified, only the first two are 
significant in the preliminary design process of low-speed axial fans. Several differ- 
ent techniques are available to the designer in estimating the influence of each of 
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these losses o n  the final fan design (Brown. 1972). These techniques vary in com- 
plexity and application, ranging from simple mean-line estimations to rigorous 
numerical solutions o f  shear-stress distributions. Brown has indicated that for low- 
speed applications. the various parameters are equal and interchangeable. The tech- 
nique that will be considered in this analysis follows the NACA convention that 
nornlalizes the significant pressure losses by the rotor inlet dynamic head (Johnsen 
and Bullock. 1965). The use of this convention will be readily observed when 
perfomling efficiency estimations and will maintain the use of dimensionless param- 
cters i n  the anaiysis. 

Protile losses that occur in the fan design are a result of boundary-layer devel- 
opment along the blade surfaces. These losses for the local blade and vane elements 
are determined based upon the blade loading work of Lieblein (Lieblein, 1957) and 
expanded hy Koch and Smith (Koch and Smith, 1976). This technique applies 
boundary-la\,er theory to conventional blade cascades in order to relate the profile 
losses ~ . i t l i  the conventional boundary-layer parameters of blade-outlet momentum 
thickne\s and trailing-edge form factor. The designer estimates Lieblein's equivalent 

diffusion ratio for the hlade element from Equation (8 .53~.  This parameter IS then 
used to determine the blade-outlet momentum thickness and trailing-edge fonn factor 
from Equation t 8.54) and Figure 8.18. Both of these relations are based on nominal 
blade chord Reynolds Nurnber of 1.0 x 10"nd an inlet Mach number of 0.05. The 
blade-outlet momentum-thickness and trailing-edge form factor values must be 
corrected to account for conditions other than those presented. These corrections 
are obtained from Figures 8.19 and 8.20. Figure 8.19 presents the variation of hlade 
outlet momentum thickness and trailing edge form factor as functions of inlet hlach 
number and the equivalent diffusion factor. Figure 8.20 presents the variation of 
blade-outlet momentum thickness as a function of blade chord Reynolds Nurnber 
and blade surface roughness. Once the designer has determined the boundary layer 
parameters. the loss in  total pressure is calculated according to 
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FIGURE 8.18 Trailing edge form factor 3s a funcrion of diffusion. I Koch and Sniith. 1976.) 

The net pressure loss across the blade row is determined hy performing a rnass- 
averaged integration of the individual blade element pressure loss distribution across 
the entire blade row. 

If outlet guide vanes are to be used to recover the rotor exit swirl velocity. the 
profile losses for the vane row are calculated in the same manner as the blade profile 
losses. In designs where outlet guide \mes  (OGVs) are not employed. the discharge 
swirl velocity comprises a loss in total pressure as unrecovered work. This loss is 
deterniined using a mass-averaged integration of the tangential velocity distribution 
as specitied for the particular design. The unrecovered work tern1 can dominate the 
losses of a hirly heavily loaded design without OGVs. 

A review of the literature reveals that the losses induced by the hub and tip 
casing boundary layers and tip clearance effects contribute to the overall reduction 
in fan performance (Hirsch, 1974; Horlock, 1963; Mellor and Wood, 1971). Exten- 
sive studies indicate that the size and condition of these end-wall boundary layers 
can lead to the inception of stall (McDoupall. Cumptsy, and Hynes, 1989). Several 
techniques have been developed to estimate these losses (Comte, Ohayon, and 
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Inlet Mach Number, Ma 

FIGURE 8.19 Influence of Mach number on form factor and momenium thickness. (Koch 
and Smith. 1976.) 

Papailiou, 1982; Hunter and Cumptsy, 1982; Lakshminarayana. 1970; Wright, 
1984d). Boundary layer and tip clearance effects can be estimated during thc pre- 
liminary design process using a semi-empirical technique that enlploys boundary 
layer theory to the hub and tip end-wall regions to calculate a combined loss 
parameter (Smith, 1969). With this algorithm, the loss of efficiency is estimated as 
a function of the boundary layer properties of displacement thickness, 6*. and 
tangential force thickness, v*, at the end walls. The displacement thickness of the 
boundary layer is a measure of the amount of reduction of the mass flow (assuming 
a fixed core velocity in the passage), while the tangential force thickness is the 
amount that the blade tangential force on the fluid is reduced. In Smith's correlation, 
the displacement is normalized by the staggered spacing, g, between adjacent airfoils 
and has been related to tip clearance and fan maximum pressure rise using a semi- 
empirical approach. The tangential force thickness is assumed to be a fixed fraction 
of the displacement thickness. Koch and Smith (1976) show that by combining the 
effects of the hub and tip boundary layers, the parameters can be related to efficiency 
reduction by 
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FIGURE 8.20 

Chord -Based Reynolds Number 

lntluence of Reynolds Number on  momentum thickness. (Koch and Smith. 1976.) 

where qr' is the efficiency of the fan in the absence of end-wail viscous effects. 
To determine the displacement thickness in the presence of finite tip clearance. 

Koch and Smith recommend 

where Ap, is the total pressure rise of the fan. Variation of v* and 6* is shown in 
Figures 8.21 and 8.22 as a function of maximum pressure rise. The reduction in 
efficiency can also be estimated from 
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FIGURE 8.21 Tangential force thickness as a function of pressure rise. (Koch and Smith. 1976.) 

Since for a fixed core flow the wall boundary layers reduce mass flow, the 
correlation deveioped by Smith can be used to correct the volume flow rate by 

During the preliminary design process, the information needed to do a rigorous 
estimate of the maximum pressure rise is not generally available. Koch (1981) 
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FIGURE 8.22 Displacement thickness as a funct~on of pressure rise. ( K w h  and Smith. 1976.) 

developed a technique to estimate the maximum pressure rise by employing a planar 
diffuser analogy to the ratio of design to maximum pressure rise. Using the stall 
relations developed for these diffusers (Sovran and Klomp. 1967). maximum pres- 
sure is estimated from Figure 8.23. This \.slue is then used to estimate losses 
associated with end-wall viscous effects. 

Having estimated these losses, efficiency is quantified by the ratio of the reduced 
pressure rise (ideal minus losses) to the ideal value. That is. 

Then total efficiency becomes 
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FIGURE 8.23 Maximum pressure rise as a function of passage lengih-aidth ratio. (Koch 
and Smith, 1976.) 

Static efficiency is estimated, then, by 

where (Q2 + 0?) are the non-dimensional axial and residual \?locity pressures, 
respectively, averaged across the annulus. For full OGV swirl recn\ rry, the value of 
8: IS. of course, zero. 

8.7 SUMMARY 

The study of the detailed flow in blade cascades was introduced to provide a greater 
depth of understanding of the flow behavior. Employing the relationships for pre- 
diction of cascade flows also leads to significant improvement in the accuracy with 
which one can lay out blade and vane rows for a given specified performance. 
Although the final design and analysis is being done now with computational fluid 
mechanical analysis techniques, the established cascade methods can still provide 
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good preliminary design and tradeoff information prior to refinement and final 
optimization. 

The information on performance of cascades in axial tlow is extensive. Most of 
the information is based on the studies at the Langley and Lewis research centers. 
The information reviewed in this chapter was initially centered on determining thc 
flow deviation from the prescribed geometry as a function of the cascade variables. 
solidity, camber. and pitch. The study provided a set of algorithms by which one 
could size the blades and lanes of a machine with reasonable accuracy. 

The attention then shifted to flow in cascades of radial or centrifugal blades. 
There, the base of empirical information was found to be less extensive and came 
to rely on a semi-theoretical treatment of tlow deviation. Several methods were 
presented and compared \+ ith good agreement as to prediction of centrifugal slip. 
Slip, or slip coefficient. u n s  found to depend strongly on the number of blades and 
the outflow angle requirenisnts for the impeller. The concept ot'solidity in centrifugal 
cascades was found to hc. less iinportant in design than was the case for axial flow 
machines. 

Turbine blade cascades \ w e  examined i n  terms of flow deviation. A relatively 
simple method for fow prdiction and design was presented for axial flow cascades 
[hat depend on the blade outlet geometry and the flow Mach number. A method was 
also provided to allow selection of blade solidity based on lift coefficient constraints. 

Finally. the generation of viscous and end-wall or clearance losses was examined 
for cascades. The classical prediction techniques were presented with simple metli- 
ods for estimating the efticiency of a given cascade layout. These loss predictions 
were based on the cascade geometry, the improved estimation of diffusion presented 
here. and the blade relati\? Slach numbers on the machine. 

8.8 PROBLEMS 

8.1. Repeat Problem 6.1. selecting appropriate solidit>,. camber. arid pitch. 
using the difl'usion r'xtor limitation and Howell's modified rulc for csti- 
mating deviation. 

8.2. Air flows into an asial fan cascade through an inlet guide vane row, as 
sketched in Figure PY.2. with an absolute fluid outlet angle of -60". The 
blade row is designed to generate a pure axial discharge flow. 
(a) Select solidity and camber values for the inlet guide vanes. 
ib) Select solidit), and camber values for the blades. 
(c) Estimate the ideal power. 
Show all work and state all assumptions. (Hint: Howell's rulc is for 
diffusing cascades only.) 

8.3. A "simple-stage" single-width (SWSI) centrifugal fan has the following 
geometry: w, = 5 inches, w2 = 3 inches, d = 12 inches, D = 20 inches, 
N = I800 rpm, p = 0.0233 slugs/ft3, PI = 25", and B, = 35". 
(a) Estimate the ideal performance as Q and ApTi. 
(b) Estimate the total efficiency for the fan, modify Ap,, to Ap, and 

estimate the required power. 
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In•’ low I 60 ft/s 
\ Inlet Guide Vanes 

-60' h 
\ Blades f-------- 

200 ft/s 
Outflow 1 60 f t / s  

FIGURE P.8.2 Axial fan cascade u l t h  inlet p l d s  vanes. 

( c )  Select a blade outlet angle and compatible blade number (&* and R )  
that will yield Ap, and Q. Use the full Stodola and the simplified 
Stodola forms for p, (Hint: Uss enough blades to keep p, > 0.85.)  

8.3. For the fan of Problem 6.5. select a reasonable mean station solidity for 
the blade row, and determine the camber angle, Q,, required to generate 
Ap, including the effects of efficiency and deviation. Sketch the xctor. 
diagram and the blade shape and layout. 

8.5. One can correct w,,,,, (see Problem 7.6) for nonviscous effects by includ- 
ing the Stodola formula for slip. Show that v, corrected for slip 2nd 
\,iscous loss, becomes: 

8.6. Use the result given in Problem 8.5 to show that an optimum number of 
blades for a given value of dm, p2, and Q, is given by the following equation: 

(2x cos P,) 

+Q.;rwb] 
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8.7. Using the equation from Problem 8.6, explain how you would estimate 

'W'L3. 
8.8. For a blower with P, = 60C, CUD = 0.7, cP, = 0.3. and C,, = 0.025, what 

is the "best" number of blades to use? 
8.9. An axial water pump has a total pressure rise of 20 psig and a volume 

flow rate of' 6800 gpm. Tip and hub diameters are 16 and 12 inches. 
respectively. and the rotational speed is 1 I00 rpm. 
ia) Estimate the total efficiency, and calculate the required power. 
(b) Construct a mean-station velocity diagram to achieve the pressure 

rise at the desired flow and the efficiency from part (a). 
( c )  Lay out the blade shape at the mean station using the simple form of 

Howell's rule for deviation angle. 
8.10. Redo the blade layout of Problem 8.9, parr (c), using the more complex 

and more accurate "modified" Howell's rule. Compare the result to the 
"simple rule" result. What would the error in the pressure rise be usiny 
thc simplified rule? Discuss the impact on pump design. 

S. I I .  Use the Ainley-Mathieson method to detail the blade and vane shapes to 
achieve the performance of Problem 7.12 (mean radius only). 

8.12. Rework the fan mean station of Section 8.1 (Chapter 8), using 12.000 
c fm  and 3.0 InWG. Analyze hub and tip stations using d = 0.6 D. 

X .  13. In the chapter we discussed the formula for predicting deviation or slip 
i n  centrifugal blade cascades. The particular algor~thm was the rather wcll- 
acccpted Stodoln formula: u, = 1 - (n/NB) sin&/( I - (~cotFj?), Q = C,,/U,. 
As flz app~.oaches 903, the formula reduces to 1, = I - (X/N,~)  sin&. 01- 

Icss flesibly. p, = 1 - (JE/;";,). 

( a )  Compare this result to the colnrnon expreshions for radial-bladed 
impellers (Pz = 90") ,oi\.en by: 

(b) Identify the more conservative methods and discuss the design impli- 
cations of using the methods producing higher values of 1,. When 
does the Balje method seem to offer an acceptable level of conser- 
vatism? 
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8.15. A centrifugal fan operating in air with p = 0.00235 slugs/ft3 is running at 
1785 rpm with a total efficiency of 85%. Fan diameter is D = 30 inches; 
inlet diameter is d = 21 inches. The blades have an outlet w, = 7.5 inches 
and an inlet width w, = 9.0 inches. If P, = 32". 13- = 3S0, and N, = 12 
(number of blades), 
(a) Estimate the volume flow rate of the fan. 
(b) Estimate the ideal head rise or pressure rise of the fan. 
(c) Estimate the slip coefficient and the net total pressure rise (include 

effects of both slip and efficiency). 
8.16. A blower is to be designed to supply 5 m3/s of air at a pressure rise of 

3000 Pa with an air density of 1.22 kg/m3. Design a centrifugal fan 
impeller to achieve this specified performance: 
(a) Select D, d, w, ,  w,. and N. 
(b) Determine the efficiency using the modified Cordier value with Re 

and 6,, = 2.0. 
( c )  Lay out the blade shapes (P,, P,. and N,) accounting for slip. 
(d) Provide a table of all final dimensions with a dimensioned sketch or 

drawing. 
( e )  Do an accurate representation of a blade mean camber line and 

channel to show blade angles and solidity. 
8.17. A double-width centrifugal blower has the following geometry: D = 0.65 m; 

w? = 0.15 m; w, = 0.20 m; d = 0.45 m: P, = 32'. The fan has 15 blades 
and runs at 1 185 rpm. 
(a)  If the total flow rate is 8 m3/s, determine the correct value of p,. 
(b)  With an inlet fluid density of p,,! = 1.19 kglm'. estimate the pressure 

rise of the fan neglecting viscous losses. (Hint: Assume that the flow 
is incompressible for an initial solution. Then use p/pY = constant to 
correct the pressure rise associated with an increased outlet density.) 

( c )  Estimate the efficiency and use this value to correct the net pressure 
rise of the blower. 

8 .  IS. A u n e  axial fan is characterized b!, D = 0.80 m. d = 0.49 rn, and N = 
1400 rpm. The performance of the fan is Q = 5.75m3/s, Ap, = 750 Pa. 
with p = 1.215 kg/m3 and qT = 0.85. We need to select cascade variables 
to define the geometry for the blades and vanes. Allow the local diffusion 
factors, DL, at hub, mean, and tip station to be 0.60, 0.45, and 0.30, 
respectively, for the blades and vanes. 
(a) Choose blade and vane solidity distributions that can satisfy these D , ~  

constraints. 
(b)  Assume that the blades and vanes are very thin. With the solidities 

and flow angles determined, calculate deviation. camber, and inci- 
dence and stagger angles for the blade at hub. mean, and tip stations. 

(c) Repeat (b) for the vane row. 
8.19. The performance requirements for a blower are stated as: flow rate, 

Q = 9000 cfm; total pressure rise, Ap, = 8.0 InWG; ambient air density, 
p = 0.0022 slugs/ft3. 
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(a) Determine a suitable speed and diameter for the hlower impeller. and 
estimate the total efficiency. (Work with a wide centrifugal design. 
but justify this choice by your analysis). 

(b) Correct the total efficiency for the effects of Reynolds Number and 
a generous running clearance of 2.5 x Ideal (or 4, = 7.5) and the 
influence of a belt drive system (assume a drive efficiency of 95%). 

8.20. Use the dimensionless performance from Figure 5.10 to select three can- 
didates for the requirsments of Problem 8.19 that closely match the results 
of your preliminan- &sign decision in that problem. 

8.2 1 .  Choose a suitable throat: diameter ratio, d m ,  and Lvidth ratios. w,/D and 
w,/D. for the fan o t  Problem 8.19. Define the velocity triangles in both 
the absolute and relarive reference frames. Do so for both blade row inlet 
and outlet. Calculate the de Haller ratio for the blade. 

8.12. For the centrifugal tan analyzed in Problem 8.21, select cascade variables 
ro define the geomerr! for the blades. Select the number of blades needed 
according to Stodola's p,. (Hint: Choose p, betu.een 0.85 and 0.9 to 
maintain good control of the discharge vector.) Assume thin blades and 
use the flow angles already determined for the hlade row inlet. On the 
basis of the chosen u,. define the outlet angle for the blade metal. P,". 
that will increase the previously calculated C,? to C,&. 

8.23. Develop a set of dralvings that descrihe two vie\\z of the impeller of 
Problem 8.22. In the "front" view, show at least three blades as seen on 
the backplate to define camber shape and the blade-to-blade channel. For 
the "side" \.ieu,. shou the shape of the sideplate relative to hlades and 
backplate. illustratinz xI. w2. and d/D. 

8.74. The perfonmnce rsquirements for an air mover ars stated as: Hou. rare. 
Q = 1 m3/s: total pressure rise. Ap, = 500 Pa; ambient air density. p = 1.175 
kg/m3. The machine i s  ~onstrained not to exceed 82 dB sound power le\,el. 
(a) Determine a suitable speed and diameter for the fan. and estimate the 

total efficiency. i \ihrk with a vane axial design. hut justify this choice 
with your anal! s ~ i i .  

(b) Correct the total sfficiency for the effects of Reynolds Number. a 
running clearance of 2.5 x Ideal (or 6,, = 2.5). and the intluence of a 
belt drive system (assume a drive efficiency of 95%). 

8.25. A small blower is required to supply 250 cfm with a static pressure rise 
of 8 InWG and air \\eight density of pg = 0.053 Ibf/ft3. Develop a 
centrifugal flow path for a SWSI configuration. Use the optimal d/D ratio 
for minimum W,.  esrimate the slip using the Stodola formula (u, z 0.9). 
assume polytropic dsnsity change across the blade row (using qT.c). and 
size the impeller outlst width by constraining 25" < pz < 35'. 

8.26. For the fan of Problem 8.24, let 500 Pa be the static pressure requirement. 
and: 
(a) Estimate the change in power, total and static efficiency. and the sound 

power level, L,. 
(b) Choose a suitable hub-tip diameter ratio for the fan and repeat the 

calculations of part (a). 
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8.27. For the fan of Problem 8.24, with Ap, = 500 Pa, define the velocity 
triangles in both the absolute and relative reference frames. Do so for 
both blade and vane rows at hub, mean, and tip stations. Calculate the 
degree of reaction for all stations. 

8.28. For the vane axial fan analyzed in Problem 8.27, select cascade variables 
to define the geometry for the blades and vanes. Allow the local diffusion 
factors, DL, at hub, mean, and tip stations to be 0.60, 0.45, and 0.30, 
respectively, for the blades and vanes. 
(a) Choose blade and vane solidity distributions that can satisfy these DL 

constraints. 
(b) Assume that the blades and vanes are very thin. With the solidities 

and flow angles already determined, calculate deviation, camber, and 
incidence and stagger angles for the blade at hub, mean, and tip 
stations. 

(c) Repeat (b) for the vane row. 
8.29. Develop a set of curves for the blade geometric variables, versus radius, 

of the fan of Problem 8.28. using the above angles and the blade chord 
based on 17 blades. Develop curves for the vanes, too, using 9 vanes to 
determine the chord lengths. 

8.30. For the turbine generator set of Problem 7.12, do a complete layout of 
the nozzles and vanes at the hub, mean. and tip radial stations. Account 
for the flow deviation using thc Ainley-llathieson method. Develop a plot 
of the nozzle and blade parameters as a function of radius. 

8.3 1. For the centrifugal fan impeller of Problem 7.14, develop an exact shape 
for the blades. 
(a) Use the Euler form for u, = 0.9 to select the blade number and the 

outlet metal angle for the blades. 
(b) Use the Stanitz formula u ith 11 blades to lay out the blade exit angles 

and compare to the impeller shape in (a). 
8.32. For the fan in Problem 8.27. use o = 0.4 at the blade tip to estimate the 

required camber. Use the NAC.4 correlations and compare with the result 
using the low solidity corrections. 

8.33. A heat exchanger requires 2500 cfm of air with the static pressure at 
2.2 InWG above ambient pressure. The ambient density is p = 0.00225 
slugs/ft3. The installation for the fan requires that the sound power level 
be no greater than 85 dB. 
(a) Determine a suitable s p e d  and diameter for a vane axial fan and 

estimate the total efficiency. 
(b) Modify the total efficient! for the influence of Reynolds Number and 

a running clearance of 6,- = 2.0. 
(c) Select a thin circular arc blade for the mean station of the blade and 

vane using the original Howell correlation, with a d/D ratio chosen 
from Figure 6.10. (Choose solidity on the basis of an equivalent 
diffusion of 0.5.) 

(d) Use the modified Howell correlation to select these sections and 
compare the result to the estimation of part (c). 
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(e)  1% a 105 thick NACA 65 Series cascade, define the blade and vane 
mean stxion properties using the full NACA correlation for blade 
angles and compare to the previous calculations. 





9 a uasi-Three-Dimensional 
Flow 

9.1 AXIAL FLOWPATH 

In the analyses and calculations performed thus far. i t  was generally assumed that 
we were working with simple inlet and outlet conditions through a blade or vane 
row. Specifically, in axial flow machines, it was assumed that meridional flow 
surfaces through the machine are a simple set of concentric cylinders u ith a common 
axis-the axis of rotation. It was also assumed that the mass or volume flow rate is 
uniformly distributed in the annulus between the inner hub and outer casing. That 
is, one assumes that C, is a constant value across the inlet. across the outlet, and 
throughout the machine. This says, functionally, 

In many machines and their flowfields. these assumptions are well justified, 
although one naturally expects some distortion of the annular flow near the end walls 
(rhc hub and casing surfaces) due to the no-slip boundary conditions required for a 
real viscous fluid flow. However, in a more general treatment of throughflow. one 
needs to examine more carefully the flow along the curved surfaces associated with 
the axial motion and the rotating motion due to swirl (axial velocit!, and tangential 
velocity in the absolute frame of reference, C, and C,). The rotating component of 
motion subjects the fluid to a centrifugal force so that if equilibrium of motion is 
to exist along any chosen streamline. the centrifugal force must be balanced hy a 
gradient of pressure nomlal to the streamline, as illustrated in Figure 9. I .  

9.2 RADIAL EQUILIBRIUM 

To analyze the flow in detail, fully three-dimensional solutions of the potential flow 
field (ideal flow) or the viscous flow field have been developed as numerical solutions 
embodied in rather complex computer programs. These codes variously use the finite 
difference. finite volume, boundary element, or finite element fomiulations of the 
governing equations and accompanying discretization of the internal flow-path 
geometry of the machine being studied (Lakshminarayana, 199 1 : Baker. 1986; 
Anderson, 1996; Hirsch. 1988). An excellent rewew of these techniques has been 
presented in the ASME Jourr~al of T~rrbonlachir~ery (Lakshminaray ana. 199 1 ), and 
the subject will be addressed further in Chapter 10. These rigorous treatments of 
the turbomachinery flows are extensive and can require substantial effort in preparing 
the geometric inputs for analysis. In general, the detailed geometry of the machine 
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FIGURE 9.1 Radial equilibrium on the curved streamlines 

must be supplied by the user in order to seek a flowfield solution. An interesting 
exception to this requirement is the work developed by Krain and associates (Krain 
et al., 1984) where they systematically vary the geometry of a ~llachine i n  a CAD- 
like process married to a flow solver. It can be argued that the greatest usefulness 
of these megacodes lies in performing studies requiring considerable detail and great 
accuracy of the flowfields for machines of known geometry. The techn~ques can he 
used to modify, improve, optimize, or verify the capability of'an existin? or proposed 
design. 

9.3 TWO-SOLUTION METHODS 

For use at a preliminary stage of design and layout, methods t h a ~  do not require 
extensive details in geometries and machine boundaries can he more useful as a 
starting point. Less rigorous but simplified methods are frequently based on a concept 
called quasi-three-dimensional flow (Wu, 1952; Katsanis et al., 1969: Wrizht. 1982). 
These methods seek to determine a three-dimensional solution of the throughflo~v 
by the approximation of solving two fully compatible, two-dimensional flow prob- 
lems on mutually perpendicular surfaces. One of these surfaces is the meridional 
surface of revolution on which one can examine the region between cross-sections 
of adjacent blades cut by this meridional surface shown in Figure 9.2. This part is 
called the blade-to-blade solution. The other surface is planar and passes through 
the axis of rotation. It is on this surface that one analyzes and detennines the shapes 
of the meridional stream surfaces by solving for a circumferentially averaged velocity 
field. Such a field is illustrated in Figure 9.2. This solution drives the flow solution 
on the meridional surface of revolution by determining the shape and location where 
the blade-to-blade flow is analyzed. For best results, the two solutions are iterated 
with the meridional solution supplying tangential flow information to the circum- 
ferentially averaged flow on the planar surface until one solution fails to change the 
other. Such a solution, though not rigorously accurate, can provide an excellent 
approximation to the fully three-dimensional flow (Wright, 1984b). The method 
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FIGURE 9.2 llrridional and planar surfaces for quasi-three-dirnrnsional flow solurions 

provides substantial reduction i n  effort and is most uscful \r hen the geometry is to 
he changed again and again. 

9.4 SIMPLE RADIAL EQUIL IBRIUM 

For preliminary design work and establishing limiting parameters and seeking some 
fundamental insights into flow behavior, much can be learned by describing the 
throughflow i n  an axial machine using the concept of simple radial equilibrium. 
Here, the ability to establish a detailed description of the curving flow (with radial 
motion as well) through a blade or vane row is neglected in favor of establishing 
patterns of equilibrium flow at locations upstream and downstream of the blades. 
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FIGURE 9.3 The simple radial equilibrium concept and geometry. 

At these stations, we assume that radial velocity components are very small (negli- 
gible), but we require that axial and tangential components be conlpatibly matched 
through the simple balancing of the centrifugal force and a radial pressure gradient. 
True, a lot of detail is lost. but the flow in an annular cascade can be analyzed with 
reasonable accuracy based on the inlet and outlet conditions (Johnsen and Bullock. 
1965). Figure 9.3 shows the geometry and illustrates the assunlptions. 

For steady, incompressible flow, the total pressure rise will he examined starting 
with the Euler equation from Chapter 8: 

where 

Differentiate this equation with respect to r in order to find the radial balancing 
pressure gradient to impose on the centrifugal force. Doing so and rearranging terms 
somewhat yields 
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Now choose stations 1 and 2 so that radial equilibrium exists in the form dp/dr = p C2/r 
(with C, n 0). Substituting yields 

To achieve a more manageable form. assume that C,, is a constant (uniform inflow) 
and that C,, is zero (simple inflow). This yields 

Here, it is also assumed that qT is not a function of r. One can normalize the equation 
by dividing velocities by the tip speed. NDI?. and dividing length by Dl2. Defining 
Y and @ as (see Chapter 7) 

and 

the equilibrium equation becomes 

This form is a fairly nasty non-linear ordinary differential equation with arbitrary 
variation of Q2 and Y in the radial direction. 

A fairly trivial solution exists if Y = 0. This is the case for no inlet swirl and 
no outlet swirl, and Q, = constant satisfies the differential equation. That is, by 
conservation of mass, a, = 0,. Another simple but non-trivial solution exists when 
Y = d x ,  where a is a constant. Substituting Y = d x  into the equilibrium equation, 
one obtains 
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Again. Q2 = @, satisfies the equation when C,, = Constantk 
Recall from the study of fluid mechanics that the flowfield of a simple, potential 

vortex can also be described by this form for C, = afr = r/27cr, where is the strength 
of the line vortex. Such a flow is usually referred to as a free vortex swirl velocity 
distribution. In turbomachinery parlance, this is shortened to free \.nrtex flow. If the 
C,, values of an axial flow machine are to be distributed as a free \artex, one can 
use the Euler equation to describe the distribution of total pressure rise as 

Using simple inflow with C,, = air yields 

= aqTpN = constant (9.11) 

This is a quantified restatement of the condition of uniform or constant work across 
the annulus of an axial machine. This condition was employed as a restriction for 
analyzing fans and pumps in the earlier chapters in order to treat the inflow and 
outf lo~.  values of C, as being identical. This makes the analysis \.cry easy to deal 
with. but it enforces a strong restriction on the flexibility of the dcsign approach. 
Since C,? must increase as a h  with decreasing radial position. a machine with a 
relatively small hub will require very large values of C, near the hub to achieve the 
free \.ortex conditions. It is known that when C, is large and U is small. the de Haller 
ratio for the blade is going to be unacceptably small. One can explore this more 
extensively, but for now there appears to be a need to relax the free vortex require- 
ment on the blade loading distribution. However, to do so requires that one dcal 
with the non-linearity of the equilibrium equation. 

9.5 APPROXIMATE SOLUTIONS 

Begin by allowing a more general form for Y using a polynomial algebraic descrip- 
tion. Retain the a h  term as a baseline and use additional terms to permit a systematic 
deviation from the simplest case. We write 
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The coefficients a, b, c, d,  etc., are all simple constants that can be chosen to 
manipulate the swirl velocity or loading along the blade. b = c = d = 0 along with 
any remaining higher order terms reduces Y1 to the original simple form. If one 
restricts to the first three terms (d and others being zero). one retains substantial 
generality in the swirl distribution. The equilibrium equation using Y = a/x + b + cx 
becomes 

The higher order terms in b and c ( i t . ,  b', bc. and c2) have been dropped from the 
equation. To do this, ensure that b and c are small compared to a, and that b' is 
small cornpared to b. etc. (e.g.. b << 1 .  c << 1 ,  and a = 1). This device for 
sinqditication of the ensuing mathematical manipulations is a common technique 
referred to as "order analysis" or perturbation theory. One can "perturb" the free 
vortex theory for equilibrium by including small deviations from a/r using small 
values of b and c. This implies an inherent restriction on the analysis but will yield 
a simple algebraic result that can then be examined in depth to gain some insight 
into the general flow behavior through axial machines. 

In the simple form developed above. the differential equation can be integrated 
directly as 

wherc K,  is the constant of integration. One must use K, to enforce conservation of 
mass in the throughifow Q. so the constant is not at all arbitrary. Thus, 

and we require 

I2nx0 ,dx  = 2nxQ,dx I - 

q,hx + qTcx2 - 2ac In(x)+ 
X 

= TC@, (1  - x h Z )  
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where the limits of integration are from x, to 1.0. Here, x, is the hub-tip ratio. 
d/D, and i t  is assumed that @, is not a function of x. Integrating the square root 
of  a polynomial with a logarithm added on is a rather non-trivial task that is left 
to the reader as an exercise. However, the equation rernains a mathematically 
symbolic relation for the value of K, but remains unquantified for a real case. 
What to do? 

What really needs to be done is to find an acceptable way to linearize the mess! 
integrand above so that the calculus can be handled more readily. One can do so by 
introducing a perturbation variable form for @, as 

~ ( x )  is a function of x that describes the deviation of the outlet axial veloclt! 
component from the uniformity of the inlet flow. That is. ~ ( x )  = 0 for all x describes 
a uniform outflow, while ~ ( x )  = ex could describe a small linear redistribution ot 
flow at the outlet if e << 1 .  

The troublesome az2 term becomes 

If \s;illinp to rcquirc that &is)  << I so that € : I \ )  << 2 s ) .  then onc can v..r-itc 

Under the assumption that ~ ' ( x )  << 2&(x), one can truncate a binomial expansion ot 
[ I  + 2&(x)]l" to [I + ~ ( x ) ]  with no impairment in accuracy. This allows us to \\.rirc. 

Through the perturbation device the requirement for conservation of mass ha5 
been reduced to the demand that 

where the integration is across the annulus. from x, to 1.0 (or from dl:! to Dl?). 
From the relation @; = [I + ~ E ( x ) ]  (Dl2, one can write 
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so that .k(x) x dx = O is readily carr~ed out and solved for I(. The result is 

\,. A,. x,. and x, are slrnple functions of x, = d/D given by 

'This simple algebraic rcsult allows calculation of C,? as a function 01' r li)r non-free- 
wrtcs blade loading distributions. Note that where b = c = 0. C,, reverts to 
C,,  =constant. so one has a limit-case check. 

Examination of [he errors associated with the approxiniations of these results 
(Wright. 1988) shows that the errors in  estimating begin to exceed about 5% 
\\hen the magnitude of  E exceeds a maximum value of 0.25. i n  comparison to 
the result of "exact" numerical integration of the non-linear differential equation 
(Kahane, 1948: Ralston and Wright. 1987). Figure 9.4 shows the influence of a series 
of loading distributions on the non-uniformity of a,. The design study is constrained 
ro equal pressure rise for every case for equal flow. The hub-tip ratio is x, = 0.5. 
the fow rate is a, = 0.5,  and the efficiency is set at q, = 0.9. Case 2 is the free- 
vortex baseline case and cases 1 ,  3. ?. and 5 represent increasing departure from the 
free vortex loading. The figure also shows the corresponding variations of with x.  
The free vortex shows a uniform outflow at = 0.5. with the succeeding distribu- 
tions showing greater and greater deviation from uniform outflow. The flow moves 
to the outside of the annulus while reducing the throughflow near the hub. Shifting 
the swirl generation load to the outboard region of the blade can lead to very low 
axial velocities near the hub and even to negative values. or How reversal-a clearly 
unacceptable design condition. 

Figure 9.5 shows a comparison for the predicted velocities associated with a 
blade design with constant swirl generation across the blade. Here, 'I' = b = 0.2 with 
a, = 0.4, x, = 0.5, q, = 0.9, c = 0.23, a = b = 0, a = c = 0. The approximate solution 
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FIGURE 9.4 Non-uniform pressure rise across the annulus: 
cD, = 0 .5 .  x, = 0.5. q, = 0.9. (Wright. 1988.) 

for Q2 is shown along with an exact numerically integrated result (Ralston and 
Wright. 1986). A certain amount of error or difference is seen to be creeping into 
the simple solution as a result of the linearizing assumptions. The worst error appears 
to be about 4% in 0, at the blade tip, x = 1 .O. The corresponding value of E is 0.12. 

Figures 9.6 and 9.7 show similar results for linear swirl distributions with 
c = 0.23 and c = 0.5 (Y = 0 . 2 3 ~  and Y = 0 . 5 0 ~  with a = b = O), respectively. The 
first case, Figure 9.6, shows a worst-case error of about 6%, while the second case, 
Figure 9.7, shows an 11% error, suggesting that the limits of the allowable pertur- 
bation have been exceeded. 

The approximate solution is compared to experimental data as well using the 
test results of a study at NACA (Kahane, 1918) in which several fans with highly 
three-dimensional, tip-loaded flows were designed and tested (Wright, 1987). The 
results showed maximum errors generated in the linearized calculations are between 
5 and 14% (near stall). To put these results into better perspective, overall perfor- 
mance prediction using the linearized and numerical solutions are compared to the 
experimental data from NACA in Figures 9.8a and 9.8b. Agreement with experiment 
is good for both methods of calculating the quasi-three-dimensional flow, suggesting 
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FIGURE 9.5 Non-uniform pressur: rise across the annulu~: 
0, = 0.4, x, = 0.5. = 0.9, h = O 2 .  .I = c = 0. (Wright. 1988.) 

that local differences in the @: distributions are s u b m e r ~ e d  in the integrated pert'or- 
niance results. 

9.6 EXTENSION TO NON-UNIFORM INFLOW 

To solve the flowfield through 3 stator vane row follo\{.lng a non-uniformly loaded 
rotor, the calculations for equihbrium must be able to account for the existence 01. 

a radially varyins distribution of axial velocity. Jackson (1991) extended the earlier 
work on a closed fornm radial equilibrium flow to include the variation of  a x ~ a i  
velocity into the vane row. The icndarnental assump~ions employed were 

1. The total pressure through the vane row is a constant (no energy addition 
and negligible losses) and density is constant so  that the ideal Bernoulli 
equation applies. 

2. The vane inlet flow is identical to the rotor outlet absolute velocities. 
3. The vane row through-flow is governed by simple radial equilibrium. 
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FIGURE 9.6 Non-uniform pressure nsc ;cross the annulus: 
@ = 0.4, x, = 0.5, q, = 0.9, c = 0.23, a = - = 0.0. (\{'right. 1988.) 

Assigning the subscripts 3 to the Lane inlet station and 4 to the vane outlet 
station, then 

Differentiation with respect to r yields. on some rearrangement and assuming C,, 
is identically zero, 

If one normalizes the velocity and radius according to @ = C x N ,  8 = C$U, and 
x = r/(D/2), then Equation (9.26) can k rewritten in the differential form as 
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x = r 1 R, Normalized Radius 

FIGURE 9.7 Non-uniform pressure rise across the annulus: 
Q, =O.667. x, = 0.6. i l , = O . O ,  c = 0 . 5 .  a =  b = O .  (Wright, 1988.) 

It is assumed that 0, = B2 = a/x + b + cx so that 

where the higher order terms have again been neglected. Integration yields the no\$, 
familiar form 

where K is again the constant of integration to be used for conservation of mass. 
Using the perturbation form for Q, where 
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FIGURE 9.8a Co~nparison of the overall performance of the NACA constant swirl axial 
fan to linearized and numerical predictions. (Wrieht, 1988.) 

allows the vane outlet velocity to be expressed as  

9.7 CENTRIFUGAL FLOWPATH 

A s  in the case for axial throughflow, the flowfield in a mixed flow or radial flowpath 
has received considerable attention in the technical literature. The same finite 
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FIGURE 9.8b Efliciency comparison for the NACA fan 

difference and finite element numerical solutions for inviscid, iriscous. incompress- 
ible, and compressible Hows have been applied to this flow problem as well. Revieit 
articles on the subject (Adler and Krimerman. 1980; Deconick and Hirsch. 1990: 
Lakshminarayana, 1991) provide an excellent background as well as a history of 
the development of these methods. Again, quasi-three-dimensional analysis pro- 
vides a somewhat simpler, although less rigorous approach to the solution of these 
flows. Applications and comparison of the methods are available (e.g., Whirlow et 
al., 1981; Wright. 1982; Wright. 1984b) along with extensive comparisons t o  
experimental data. In Wright's work of 1984, inviscid, incompressible calculations 
of the velocities and surface pressures on the blade and shroud surfaces of thi. 
impeller of a large centrifugal fan ivere computed using a finite element potential 
flow analysis and a finite difference quasi-three-dimensional analysis 01' the same 
flow (Katsanis, 1977). An instrumented impeller fitted with 191 internal pressure 
taps was used to provide the experimental evaluation of the computed results. The 
fan is a wide-bladed centrifugal fan with a specific speed at design point of N, = 
1.48, D, = 2.14, and q, = 0.89. Experimental data and analytical prediction com- 
parisons are shown in Figures 9.9 and 9.10. Data is presented here at one of the 
three stations along the span of the blade (midspan, near the backplate, and near 
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FIGURE 9.9 Comparison of the predicted blade surface pressures and experimental rcsulta 
(design point Row at m~dspan). (Wright, 1984b.) 

the rotating shroud), the niidspan station at design flow rate. Data is also provided 
along the shroud surface along a path midway between the camber lines of adjacent 
blades, along an extension of this path onto the stationary inlet bell, and at design 
flow. The blade and shroud pressures are given in coefficient form, where the value 
of vS was defined in the reference as 

and p, is the gage static pressure. 
In a follow-on effort, Shen (Shen, L.C., 1993) extended the study to include 

another, more readily available FEM code (Ansys, 1985) and the panel code devel- 
oped at NASA (McFarland, 1982; McFarland, 1985), which relies on a surface 
singularity technique to develop surface and interior velocity distributions. Agree- 
ment with the other methods and the experimental data was very good. This may 
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Dimensionless Surface Length, s/L 

FIGURE 9.10 Comparison of the predicted and experimental surface pressures on the 
impeller shroud and inlet bell [design flow). (Wright. 1984h.) 

be of particular importance concerning the panel method of McFarland. This com- 
puter code is compact. very easy to use. and can be run on personal computers of 
modest capability ( e . ~  with an Intel Corp. 80486 or Pentium chip, 8 MB of random 
access memory, and 80 MB of hard disk storage). 

In general, the predictions of the more rigorous, fully three-dimensional finite 
element method yields predictions that are in no better agreement with the experi- 
mental data than the predictions of the quasi-three-dimensional method. Stated more 
positively. both methods provide good predictions of the surface velocities and 
pressures measured in the fan. As was true in the axial flow studies, both of these 
numerical methods required extensive input data preparation and refinements. For 
the purposes of preliminary design or systematic parametric analysis of design 
features, simpler and perhaps less rigorous, less accurate methods of analysis seemed 
desirable. 

Simpler approaches to analysis of centrifugal flowfields include the sort of one- 
dimensional calculations used in earlier chapters, based on mean flow considerations. 
However, considering the rather large variations of the flow properties along the 
blade span seen in most studies, even at design point, it seems that an acceptable 
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analysis must deal in some manner with the inherent three-dimensionality of the 
flow in centrifugal impellers. 

Analysis and measurements of the flow in the more complex geometry of a 
centrifugal compressor impeller are also available (Krain, 1984). Krain's work 
employed quasi-three-dimensional predictions of velocities in the impeller and very 
detailed laser Doppler measurements of velocities in the blade-to-blade channels in 
the impeller. Analytical and experimental results for the velocity profiles in the blade 
channels showed mixed results. Velocity profiles taken near the inlet plane showed 
good analytical and experimental agreement. Near the outlet, complexity and three- 
dimensionality of the flow give messy results. and agreement between prediction 
and experiment is more difficult to achieve. Here. the flow appears to be dominated 
by viscous effects and may be developing the jet-wake characteristics discussed 
earlier. Elsewhere in the impeller, the analysis compares very well with the measured 
velocities. However, application of newer, fully \.iscous approaches being developed 
are the current and future hope for improvement. Uncertainty still exists in choosing 
the most appropriate flow transition and turbulence models for the turbomachinery 
environment (Mayle, 1991; Volino and Simon. 1995). 

9.8 SIMPLER SOLUTIONS 

The ver), simple approach we used for axial tlmpath analysis-simple radial equi- 
librium-cannot be readily adapted directly for mixed or radial tlow analysis. Dif- 
ficulty arises from the fact that the meridional streanilinc generally has a very 
significant amount of curvature. The pressure gradient term must then involve both 
the C,,, \.slue and its related radius of curvature. r,, and the C, value and its local 
radius of curvature, r. There have been relati\tly successful attempts to niodcl 
equilibrium flows using a full streamline curvature model that accounts for both 
terms. These models are collectively called "streamline curvature" analyses. where 
dpldr must be balanced by the two tenns C,,?/r,, and C,% as 

Here, radial velocities clearly must be accounted for, and the equilibrium equation 
coupled ivith the Euler equation and conservation of mass results in more complex 
differential equations. Recalling that the meridional stream surfaces interior to the 
machine must adjust their locations in terms of the governing equations, then r, is 
known only at the shroud and hub surfaces prior to the solution of the flowfield. 
Therefore, an iterative approach with fairly complicated relations between flow and 
geometry is required to generate a converged solution. Convergence is of course 
strongly linked to the designer's choice of the distribution of the generation of swirl 
velocity. C,, along the stream surface as well. 

Numerical schemes have been developed (e.g., Novak, 1977) that work reason- 
ably well. An example of application is found in a study of the influence of inlet 
swirl disturbance on centrifugal fan performance (Madhavan, 1985); this study 
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employed a modified form of Novak's original numerical code for rneridional flow 
analysis. As seen before, iterated numerical procedures can provide good information 
and design guidance, but they may become difficult or troublesome to work with 
because of their input requirements and the ever-present worries of convergence and 
accuracy of the solutions. 

To illustrate general principles, to carry out parametric studies, or to investigate 
preliminary design layouts. a simple. reasonably accurate analysis is very useful. 
There have been many attempts to develop such an analysis in the past. and it  is 
fair to say that most of these methods have been only partially successful. For 
example, Davis and Dussord ( 1  970) developed a calculational procedure based on 
a modified mean flow analysis for radial flow machines by nlodeling the viscous 
flow in the impeller channels to pro\,ide "mean" velocities at an array of positions 
along the flowpath. Simplifying assumptions concerning the rate of work input along 
the flowpath allowed calculation of distributed diffusion and estimation of loss 
through the impeller. Meridional cur\.ature was modeled only in terms of interpo- 
lation of end-wall geometr!, between shroud and hub. Thus. the results were valid 
primarily for very narrow impeller channels, in tenns of blade height between shroud 
and hub. In spite of the approximations involved. Davis and Dussord wcre able to 
establish reasonable predictions for the performance of several compressor config- 
urations. An example is sho\vn i n  Figure 9.11. where predicted and experimental 
values are in reasonable agreement. The work, which was carried out i n  a competitive 
industrial environment, sho~ved good promise bur was reported without great detail 
on the method. its applications. and the details of the experimental results. 

A more general approach was taken by Adler and Ilberg (1970). particularly in  
terms of the distribution of the flo\\. in  the region of the impeller inlet. They wcre 
concerned that i n  the presence of strong end-wall curvature in the inflow region5 
of pump or compressors. the frequently or usually used assumption of unithmm 
inflow to the impeller was inadequare for designing the critical impeller inlet georn- 
etry. An attempt was carried out "to develop a simple method based on the Ho\v 
equations. for the calculation of the flowfield i n  the entry to radial or mixed flom 
impellers." Their goal in part was to avoid the usual iterative procedures invol\.ed 
in satisfying mass conservation in the then currently available potential flow com- 
putations (Vavra, 1960). 

The key to their solution lay in establishing distributions of streamline curvature 
along normals to the streamlines compatible with the physics of the flow and the 
end-wall geometries. Their results gave an expression for C,,, in terms of an equivalent 
uniform value C,,,,, and the end-wall curvatures in the form 

This form yields a decaying profile across the passage with the maximum magnitude 
occurring at the shroud side and the minimum value at the hub side of the flowpath. 
Examples of Adler's calculations are compared to the iterated potential flow solution 
on Figures 9.12a and 9.12b. The forms of these solutions strongly suggest the z-n 
type variation of C,. 
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FIGURE 9.11 Comparison of the Davis and Dussord model to measured compressor per- 
formance. (Davis and Dussord, 1970.) 

Inlet velocity measurements made in the flow of a centrifugal fan (Gessner. 
1967) show much the same behavior as the above predictions, possibly exaggerated 
by the small radius of curvature at the shroud. 

Of particular interest in these results is the ratio of the maximum and minimum 
values of C, to the mean value. If one attempts to determine the inlet geometric 
angles of a blade in a centrifugal machine, then combining C,, with U at a given 
meridional station sets the positioning of the blade leading edge. From the examples 
examined here. C,,/C,,, varies from about 0.6 at the hub to 1.6 at the shroud. For a 
simple radial cascade, with U = 2C,,, a mean setting angle for the blade leading 
edge would be B, = tan-iC,,/2Cm, = 26.6". At the shroud, the proper value would 
be p, = tan-'1 .6Cmu/2C,, = 38.6". At the hub, the angle must be B, = tan-i0.6Cm,/2C,, 
= 14.0'. This is quite a range of angles and suggests a twisting of the leading edge 
through an angle of about 24.6". 

Another way to view the result is to observe that if the blade leading edge is 
straight and set at 30•‹, a fairly severe range of angle of incidence, i, will occur over 
the axial span of the blade. This distribution is shown in Figure 9.1 3 as the leading 
edge incidence angle vs. span. Since a given airfoil shape can tolerate only a limited 
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Distance Across the Channel, z (mm) 

FIGURE 9.12a Coniputatmns and expenmental results for the tlo\\path of Xdlcr 2nd Ilhcrg. 
8 = 75" (Adler and Ilherg. 1970.) 

amount of leading edge incidence to the oncoming relative vector uithoul suftering 
some boundary layer separation or stalled flow (Koch et 31.. 1978). i t  is important 
to be able to estimate the magnitude of i and to be able to control lhc magnitude of 
i through the radius of curvature of the end-walls. Blade t\vist and shroud cunature 
appear to be the critical parameters. 

9.9 APPROXIMATE ANALYSIS 

In order to arrive :I[ a simple correlation for the distribution of approach \clocity to 
blade leading edge in a mixed flow or centrifugal flow machine (Wright. 1984b). 
an earlier analysis used a streamline curvature approach (Novak. 1977) to analyze 
a systematically designed set of shroud configurations. The geometry of the inlet 
region was modeled as a hyperbolic shroud shape characterized by its minimum 
radius of curvature. as shown in Figure 9.14. Surface velocities were calculated 
along the hyperbolic contour to estimate the ratio of the maximum value of C, 
compared to the mean value C,,. The mean value is based on C, = Q/(xd2/4) and 
U, = Nd/2. It was hypothesized, using a simple ring vortex model (Gray et al.. 1970), 
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FIGURE 9.1 2b Computations and expenmental results for the tlowpath of Adler and Ilberg. 
8 = 30". 

that the maximum C,,/C,, value would occur at the minimum radius of curvature 
as  indicated in Figure 9.14 and the magnitude would be greater than 1.0. Samples 
of these calculations are shown in Figures 9.15. 

Based on these results and normalizing the \.elocity by U2 = ND17. W,,,, could 
be expressed as 

Based on these results and simple vortex modeling, F was expected to take the form 

constant 



Quasi-Three-Dimensional Flow 

Dimensionless Blade Span, x / w, 

FIGURE 9.1 3 Distribution of leading edfe incidence in the radral cascade 

In this form. F approaches 1.0 for very large values of rJD (e.g., in a cylindrical 
duct). The function, F, is illustrated i n  Figure 9.16. 

With these concepts in place, one IS now in a position to begin constructing a 
heuristic model for the cross-channel distribution of C, in the region of a blade 
leading edge Assuming that the distribution of C, from huh to shroud (0 c z c u , )  
varies according to C,/C,, = a,  + a,/zn and imposing conssr\,ation of mass while 
requiring (CJC ,,,,) ,,,, = 1 + 0.3/(r$D)1ii results in 

Mass conservation is satisfied by requiring 
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FIGURE 9.1 4 Geometry used in the hyperbolic shroud study. 

For the geometry defined by Figure 9.17, we can define C,,, in  terms of volume 
flow rate as 

Q is also given as 
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Meridional Surface Length 

FIGURE 9.15 Si~rnplc wri.ict. \elocity result on the hyperbolic shrouds 

Wc emplo! C.,./C ,,,,, = (C ,,, /C,,,)/( 1 + (ar,)zl), where n = I and C,,, = QIA,,. In tcrnls 
ofrL and I-,. ~ t n d  buxd  or1 the c~lculat ions in Figure 9.15 (with d/D = 0.7). one obtains 

0.426 
C,," = 1 .o + - 
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Curvature, r, 1 D 

FIGURE 9.16 S!nthes~s oirhe curvature funct~on. F. based on the hyperbolic shroud mode; 

data. 

Finally. def ning for con\snience that b = x~. the constraint on mass conservation 

dz'  (0.43 1 
1 + bz') 

with integration limits from 0 to w'. This relationship provides a solution for b. 
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FIGURE 9.1 7 Gcornetry for- thc hc.urr\t~c floi\.path wlocity distribu~ion model 

The inlegrals cvaluatc r e a d i l  to yield 

For a $\en choice of geometry, thc left side of this equation is simply a constant. 
The right side is badly transcendental in b and cannot be solved directly. Fortunately, 
it can he snl\.ed iteratively by successive approximations for a given set of geometric 
choices. y~zlding u parametric function of the three variables w'. 0, and r,/r,. A 
computer code was used to solve the transcendental problem for a wide range of 
the variables (0 < w' < 1.25, 0" < 8 < 90•‹, 0.05 < (r,/r,) < 1.2). A sample of results 
for b, with 0 = 90•‹, is shown in Figure 9.18. The results are seen to be rather 
nonlinear In both r, and w. Linear regression with least squares curve fitting yields 
a functional form for b of 
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FIGURE 9.1 8 Sample results for the curve-fit form of the b-function 

with correlation coefficients in the range of 0.999. Thus, the heuristic model is closed 
i n  the forni 

using b from above. 
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Using the geometry provided by Adler and Ilberg and by Gessner, this flow 
model was employed to estimate the C,,,/C,, curves shown earlier. The results agree 
well with both the potential modeling and the experimental data given in the figures. 
This additional data, along with data taken from Wright (1984b), has been added to 
Figure 9.16. While the curvature function, F, was based only on the streamline 
curvature results represented in Figure 9.15, inclusion of the additional data in 
Figure 9.16 serves to qualify or validate the function. The model seems to be 
somewhat conservative. It is concluded that the simple flow model is useful for 
illustration and preliminary design layout in mixed flow geometries, at least for 
predicting the inflow velocity distribution near the blade leading edge. It is suspected 
that the increasing importance of viscous influences farther downstream in the blade 
channel will significantly reduce the relevance of the s~mple model as the flow 
approaches the channel exit. Also note that the approximate equation for C,/C,,, 
overpredicts the value at z = 0 in every case. although not greatly (ahout 7 or 8%). 

9.1 0 EXAMPLES 

The importance of defining the shape of these curves derives from its role in delining 
the inlet flow angles and blade diffusion levels. Consider an example for a centrifugal 
flow path along which C,, is a constant. implying a constant flow area alonp lines 
emanating from the center of the radius of curvature for values of 8 between 0' and 
90". That is. C ,;,, = C ,,,, (0 = 0) = C ,,,. If one defines w ,  as w at 0 = 0. this requires that 

so that 

[I  - (1 - C, cos 8)"'] 
w =  

where 

to ensure the constant average, meridional velocity. 
For the example, select w,' = 0.8 so that as a function of 0, w' behaves as shown 

in Figure 9.18. Note that at 0 = 90•‹, the equation is indeterminate and must be 
evaluated in the limit. One can detail such a flowpath if values for r, and D are 
chosen. For D = 0.5 m, r, = 0.333 m, and Q = 4 m3/s, one obtains C,, = 12.9 mls. 
The shape then depends on r,, as sketched in Figure 9.19 and in Figure 9.20 for 
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Angular Coordinate, 6, deg. 

FIGURE 9.1 9 Normalized channel width distribution in the entrance region of the impeller. 

r, = 0.05 m, 0. I0 ni. and 0.20 m. From the viewpoint of mechanical design and cost, 
it is desirable to keep the axial length of the impeller as small as possible. As will 
be seen, a constraint on axial length can lead to negati\,e efYects on the velocity 
distribution in the blade channel. Choose the leading edge of the blade to lie along 
the 8 = 45" line as shown in Figure 9.20 and use the previously developed equations 
to analyze the approach velocity, C,, across the blade (from hub to shroud). 
Figure 9.21 shows the calculated results as C, vs. z/w (fraction of channel width) 
for the configuration with r, = 0.05 ni (the impeller with the smallest axial length). 
C, ranges from 27 rnls at the shroud to 8 mls at the hub. For the largest radius of 
curvature considered. r, = 0.40 m, C, ranges from 21 rnls to 1 1 mls. The ratio of 
minimum to maximum meridional velocity has been reduced from 3.4 to 1.9. 

This relatively large change in C, is reflected in the variation of 0, = tan-'(C,,,/U,). 
Given N = 1200 rpm, P, versus values of dw are shown in Figure 9.22. r, = 0.05 m 
yields the range 18" < P I  < 34" (16" of blade twist), while r, = 0.40 m gives 
23" < P I  < 27" (4" of twist). This small amount of twist will lead to a much simpler 
blade, and, as one will soon see, lower levels of diffusion in the impeller. However, 
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FIGURE 9.20 Thl-cc geometric channel Iriyou~ for the example study (dirncnsions in meters). 
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FIGURE 9.21 Velocity distribution across the channel for the example of Table 9.1 
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Cross-Channel Position, z / w 

FIGURE 9.22 Intlow angles across rhe channsi for the example of Table 9.1 

the impeller will be rather long in the axial direction, leading to higher costs and 
perhaps to excessive overhanging of rotating mass or large bearing spans. 

If the impeller is designed to generate 60 m of head rise, one can calculate a 
relative outlet velocity of W, = 18.8 m/s. Csing the mean value C,, at the blade 
leading edge gives a mean value of W,  = 72 .1  mls, or a very mild mean de Haller 
ratio of 0.84. However, when examining ths blade leading edge value of W,,  using 
U, = 18.8 mk ,  one calculates de Haller ratios at shroud and hub locations as given 
in Table 9.1. Thus, in addition to inducing a highly twisted blade. a small radius of 
curvature can lead to high levels of diffusion. unstable flow along the shroud and 
perhaps reduced efficiencies as well. 

As implied earlier, the larger radius of curvature allows use of an untwisted 
blade without the penalties associated with large leading edge incidence or increased 
de Haller ratios. 

9.11 SUMMARY 

This chapter introduced the concepts of fully three-dimensional flow in the blade 
and vane passages of a turbomachine. Because of the inherent great complexity of 
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TABLE 9.1 
De Haller Ratio Dependence 
on Shroud Radius of Curvature 

these flows, the idea was developed of using an approximate solution involving the 
superposition of two physically compatible Howfields in mutually perpendicular 
planes. This quasi or almost three-dimensional approach \vas pursued throughout 
the chapter to provide a tractable calculation scheme to aid in understanding the 
flows and in generating reasonable design geometry. 

The classical results developed and applied here allow the relaxation of the rather 
simple but convenient assumption of uniform throughflow \.elocities, either purely 
axial or purely radial. Rather, one is able to estimate radial distributions of axial 
velocities in axial flow impellers and streamline-normal distributions of meridional 
velocities in centrifugal machines. In either case. the flow is constrained to maintain 
equilibrium between stream-normal pressure gradients and centrifugal force on thc 
f uid along streamlines. 

For axial flow machines. this concept is further simplified to Simple Radial 
Equilibrium and a non-linear integro-differential flow equation is developed. This 
rather intractable form is linearized using the concept of a perturbation solution 
around the known uniform solution. The result is an approximate, somewhat 
restricted, closed-form algebraic solution for non-uniform axial flow in a turbonia- 
chine. Comparison of the approximate result to numerical solutions and experimental 
results illustrates the utility of the method and its limitations. 

Quasi-three-dimensional flow solutions are also available for centrifugal flow- 
fields. Prior analytical and experimental results were used to illustrate some of 
the approximate but still rather intractable approaches to the problem. Simpler 
solutions are sought for use in broad studies of geometric influences on flow and 
for approximate layout of a machine i n  preliminary design. Such an approximate 
method was outlined and developed based on equilibrium considerations. Com- 
parison of calculations from this simple method to experimental data on centrifugal 
and radial flow fans illustrates the reasonable estimates that can be generated with 
simple algorithms. 

The approximate nature of these simpler prediction tools to estimate three- 
dimensional flow effects was emphasized throughout the chapter. Although they are 
capable of creating useful information for preliminary design layout, and yield 
insight into the complex flowfields. they will in practice be followed by rigorous, 
fully three-dimensional, fully viscous. and fully compressible computational flow 
analyses. 
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9.1 2 PROBLEMS 

9.1. As outlined in the chapter, the pressure rise coefficient can be written as 

where a, b, and c are constants. Let w = b, with a = c = 0. Impose the 
streamline equilibrium condition of d4,: with the conservation of mass 
constraint and show that 

where 

9.2. With q, = 0.85, = b = 0.35. and Q, = 0.625. use the results of Problem 
9.1 to explore the inf uence of non-uniform loading and hub size (x,) on 
the outlet velocity distribution. Calculate and graph the distribution of @? 

for these parameters for x, = 0.25, 0.375. 0.5, 0.625. 0.75, and 0.875. 
9.3. Replicate the results shown in Figure 9.5 for the constant swirl solutions 

by the small perturbation method and the numerical. Use the results of 
Problem 9.1 to evaluate the other methods shown in the figure. 

9.4. As was done in Problem 9.1, use the radial equilibrium streamline method 
to describe a special case outlet flow and swirl distribution. Here, use the 
single term w = cx with c as a constant. Show that 

where 

9.5. Consider the example shown in Figure 9.6. With x, = 0.5, c = 0.23,qT = 0.9, 
and Q, = 0.4, use the results of Problem 9.4 to evaluate the numerical and 
perturbation method solutions shown in the figure. 
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9.0. When one allows the outlet swirl velocity distribution to deviate from the 
1'1-ee-vortex a/x form, one loses the simplicity of the two-dimensional 
cascade \miables across the blade or vane span. Although the How must 
n o w  follow a path through the blade row, which has a varying radial 
position, one can still sirnplif!. the analysis by again considering inlet and 
(1111 .;rations only. .4 comllwn approximation for a tixed radial Location on 
the blade is 10 consider the tlow to be roughly two-dimensional, by using 
the nr,c~r-ogrri axial vclocit!, entering and leaving. a l o n ~  \vith U = U ,  = L', 
and C,, to form the veloci[! 11-iilngles. That is. ths mzan axial veloci~!. 

One retains the character of the simple-stage assumptions by a minor 
3djustnient in delinition. 

Use this definition and rhs results of Problem 9.2 to lay out the blade 
sections at hub. mean. and tip radial stations. Use a hub-tip ratio of 0.5. 

9.7. Compare the camber and pitch distribution of the blade developed in 
Problem 9.6 with an equi \dent  blade for a fan meeting the same pertor- 
milnee specifications with a free vortex swirl distribution. Lay out !he 
bladc with y~ = a/x to give the same perfomlance. 

9.8. Determine the minimum huh size achievable for both the free vortex and 
the constant swirl fans of Problem 9.7. Use a do Haller ratio at the Pan 
huh equal to 0.6 as the c r ~ t e r ~ o n  for acceptabilit>,. 

9.9. Repeat the study 01' Problem 9.8 using D ,  5 0.6 u.ith I 1.5. 
9.10. LJse the approximarion for the mean axial velocity with the fan specified 

In Figure 9.6 to lay out a blade to meet the specified performance. Cbe 
the properties of Figure 9.6. includinz s, = 0.50. 

9.1 1. Explore the blade design of Problem 9.10 to find the smallest allowable 
hub size for the fan. Use the de Haller ratio criterion with W,/W, > 0.6. 

9.12. Design a vane row for the fan of Problem 9.5. Use the mean axial velocity 
across the blade at the entrance of the vane row. Assume that there is no 
further skewing of axial velocity component within the vane row. 
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9.13. Design a vane row for the fan of Problem 9.6. Use the same assumptions 
as were used in Problem 9.12. 

9.14. Repeat the design of the blade row of Problem 9.12 using the non-uniform 
inflow from the rotor to calculate the non-uniform vane row outflow 
according to 

with 

9.15. Repeat the design of the blade row from Problem 9.13 using the ground 
rules of Problem 9.13. 

9.16. Initiate the design of a vane axial fan to provide a flow rate 01' 0.5 m3/s 
with a total pressure rise of 600 Pa. Select the size speed and hub-tip 
ratio and do a preliminary free vortex swirl layout for the blades and vanes. 

9.17. Extend the work of Problem 9.16 by preparing a swirl velocity distribution 
that is shaped as C,, = ax1!'. (Hint: Although this is clearly not one of thc 
terms in the series adopted for swirl distribution. one can approximate the 
curve by fitting three values-hub. mean and tip--of this function to 
v = a / x  + b + cx.) 

9.18. With the swirl of Problem 9.17. solve the outlet flow distributions for both 
blade and vane row and determine the vector triangles for blade and vane 
at the hub, mean, and tip stations. Set the hub size by requiring Wz/WI > 0.6 

9.19. Lay out the cascade properties for both blade and vane for the fan design 
of Problem 9.17. Use the quasi-three-dimensional for the square-root swirl 
distribution, and compare the physical shape of these blades and vanes t o  

those of the constant swirl fan of Problem 9.5. 
9.20. The mass-averaged pressure rise for an arbitrary swirl distribution can be 

calculated from the Euler equation uith weighted integration of v across 
the blade span. Using v = d x  + b + cx. show that 

] vo:xdx 
- 

O.  sdx ""' - I 
and 



10 Advanced Topics In 
Performance and Design 

10.1 INTRODUCTION 

Previous chapters treated the flow inside the passages of a turbomachine as relatively 
simple flowfields. Even when we have tried to include the first-order effects of 
throughflow three-dimensionality, we have restricted our models and analyses to 
inviscid flows, and simply pointed out some of the outstanding differences between 
estimated and measured flow behavior. However, to try to achieve a fairly realistic 
view of turbomachinery flows, or to attempt significant improvement i n  flow mod- 
eling. one must begin to include some of the real complexities. The flows may be 
unsteady. three-dimensional, highly viscous, and frequently separated, and the 
machiner arc run at significantly off-design conditions with onset of stall and loss 
of stability. 

10.2 FREESTREAM TURBULENCE INTENSITY 

Onc of' [he more vexing characteristics of turbomachiner! flows is the existence of 
strong levels of turbulence intensity imbedded in the core flow. This turbulence 
results from blade. vane, or end-wall boundary layer de\-elopment. wake sheddin:. 
or the influence of less than ideal inflows with obstructions. bends. or other inter- 
ferences. In terms of classical boundary layer considerarions (Schlichting. 19791, 
the instability development length or distance between the first boundary layer 
instability and the point of completed transition to turbulent flow decreases remark- 
ably in the presence of high turbulence levels (Granville. 1953). This behavior is 
illustrated here in a figure adapted from Schlichting (1979). The instability point is 
characterized by the magnitude of the Reynolds Number based on the niomentum 
deficit thickness. Ree. The fully turbulent condition is similarly set at the point where 
the transition has occurred. As seen in Figure 10.1, this length can be reduced by 
an order of magnitude with freestream turbulence levels as low as T, = 256, where 

and u' is the random, unsteady velocity component of the turbulence. Influence of 
this same phenomenon on the convective heat transfer and skin friction behavior is 
predictably important (Kestin et al., 1961 in Schlichting, 1979), and it is capable of 
causing orders of magnitude changes in heat transfer at values of freestream turbu- 
lence intensity from about 2.5%. To place these numbers in the context of prediction 
or analysis of flow in turbomachines, measurement of turbulence intensity in a 
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Turbulence Intensity, percent 

FIGURE 10.1 Influence of freestream turbulence on transition (after Schubauer and S c r m -  
stad as quoted in Schlichting, 1979). 

compressor environment ranges typically from 2.5% at the inlet station to le\cI\ 
near 20% at stations downstream of blade and vane row elements (Wisler et al.. 
1987). This seems to imply that classical considerations of laminar flow instabil~ty 
and gradual transition may not provide an accurate assessment of what is going on 
inside the typical turbomachine. 

An extensive review and critical study of laminar to turbulent transition in 
turbomachines was carried out by Robert Mayle as the 1990 Turbomachinery Fello\~ 
Award Paper for the American Society of Mechanical Engineers. Mayle ably traces 
some of the history of the earlier efforts in this field and summarizes the manner In 
which transition can be expected to occur. As concerns "natural transition," outlined 
above in terms of stability and development, little if any of these results are relevant 
to flow in a gas turbine engine or other type of turbomachine. Typically, transition 
in a turbomachine will occur at values of Re, an order of magnitude smaller than 
found in the classical smooth-flow results. In typically high levels of freestream 
turbulence, the process of instability, vortex formation, and growth can be replaced 
with rapid formation of turbulent spots, triggered or created directly by the freestream 
turbulence. For cases of practical interest here, this "bypass" of the natural or normal 
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process of development has narrowed the range of phenomena to be considered to 
spot formation and subsequent development. Further, since blade and vane flows are 
frequently characterized by large pressure gradients and low Reynolds numbers, the 
occurrence of laminar separation can also lead to a short-cutting of the transition 
process. Typically, the transition may take place in a free shear layer above a "bubble" 
of separation, or the "bubble" may reattach the flow to the solid surface as a turbulent 
boundary layer. Recalling that the flow in the machine is usually unsteady as well, 
due to the motion of imbedded wakes shed by blade, vane, and inlet elements in the 
upstream flow, the boundary layer processes are clearly far from simple. Work 
continues in the field with Mayle (1990; 1991) and many other investigators active 
in the field (Addison et al., 1992; Wttig et al., 1988; and Dullenkoph, 1994). 

10.3 SECONDARY AND THREE-DIMENSIONAL FLOW EFFECTS 

As was discovered fairly early in the development of turbomachinery technology, 
the flow in and around the rotating elements of a machine is characterized by complex 
secondary influences. These effects are associated with blade-to-blade and radial 
pressure gradients, centrifugal force effects. spanwise flows, and Hows through the 
seals and clearance gaps of the machines. Johnsen and Bullock (1965) present an 
early review of these messy effects and provide a clear discussion of the flows along 
with contemporary work by Smith (1951) and Hanson and Herzig (1953). 

These early investigations confirmed the presence of "passage vortex" flows 
dri\.en by the roll-up motion forced on the low momentum end-wall boundary layer 
tluid by the bnsic flow turning process and blade-to-blade pressure gradient. The 
presence of spanwise radial flow of vane boundary layers (inward fow due to 
pressure gradients) and blade boundary layer fluid (outward flow due to centrifuga- 
tion showed even higher levels of complexity. End-wall effects where a clearance 
exists between vane or blade and end-wall can lead to the roll-up of additional 
vortices in the flow passages. Figure 10.2a shows kinetic energy loss contours in a 
blade flow passage for an axial compressor downstream of the rotor. Build-up of 
centrifuged boundary layer fluid and tip flow effects as well as passage vortex 
formation near the inner end-wall can be seen clearly. Figure 10.2b shows a some- 
what similar effect in a centrifugal blower passage (Wright et al., 1984c), which 
includes the influence of impeller inlet gap. In both cases, the basic flow is signif- 
icantly perturbed by the "secondary effects." 

Over the past 30 years, intensive investigation of these secondary flow phenom- 
ena has continued. Improved measurement and flow tracing techniques (Lakshmi- 
narayana and Horlock, 1965; Denton and Usui, 1981; Moore and Smith, 1984; 
Gallimore and Cumptsy, 1986) have contributed to the basic understanding of these 
flows. The concurrent modeling and calculational work had led until recently to two 
major concepts of how to handle the problem. 

Adkins and Smith (1982), and more recently Wisler, Bauer, and Okiishi ( 1987). 
have concentrated on the convective models of secondary flow to provide explanation 
and modeling. On the other hand. Gallimore and Cumptsy (1986a, 1986b) had 
pursued equally successfully a model based on the random, turbulent diffusion 
process as the dominant mechanism of spanwise mixing. The two camps appeared 
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FIGURE 10.2a Discharge velocity measurements for an axial machine. (Kinetic energy 
deficit contours, from Johnsen and Bullock, 1965.) 

to be rather different and neither was willing to accept the notions of the other as 
to correctness. In a later paper, Wisler (Wisler. Bauer, and Okiishi, 1987) published 
something of a landmark paper, with commentaries by Gallimore and Cumptsy, L.H. 
Smith. Jr., G.J. Walker, B. Lakshninarayana. and others, which appears to have 
reconciled the two views as being components of the same problem and solution. 
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Percent Blade Span 

FIGURE 10.2b Ahsolure dischary velocity from a centrifupl impeller with large and srnall 
~ n l e t  clearance. (Wrifhr. 1984~). 

I t  seems that either convective secondary flow or diffusiw turbulent mixing can 
dominate the mixing processes, depending on the region of the passage. That is. an 
adequate calculational model will have to include both mechanisms. 

More recently. Leylek and Wisler (1992) ha\,e re-examined the physical mea- 
surements and flow-tracing data in terms of the results of ostensive CFD work with 
detailed three-dimensional Navier-Stokes solution using high-order turbulence mod- 
eling. The results (and those of Li and Cumptsy, 1991) are extensive, and continue 
to support the view that both mechanisms of transport and mixing are important t o  
a clear- understanding of fully viscous, three-dimensional passage flows. 

10.4 AXIAL CASCADE CORRECTIONS FOR L O W  
REYNOLDS NUMBER 

A considerable amount of progress has been made in the de\.elopment of procedures 
for correctly designing and manufacturing axial flow machines. One area of design 
procedures that has, until recently, been somewhat overlooked in the open literature 
is the effect that a very low Reynolds Number has on the performance of moderately 
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loaded axial flow equipment. The term "low Reynolds Number" describes the con- 
ditions of the flow in which the Reynolds Number lies within the range of lo3 to 105, 
where the Reynolds Number here is the chordwise value, Re, = W,C/v. The effect 
of the low Reynolds Number on the flow is seen as the formation of a separation 
bubble in the boundary layer at a certain critical Reynolds Number. A separation 
bubble is a detachment of the boundary layer from the blade and is an area of swirling 
flow. Separation bubbles can form when the flow is in transition from laminar to 
turbulent flow. This effect is essentially undesirable in the design of axial flow 
equipment in that the separation bubble may cause performance to severely degrade 
or may lead to stall. These phenomena have been dealt with comprehensively in the 
Gas Turbine Scholar paper by Mayle (1990), who also provides an excellent review 
bibliography. Work in the area continues (Mayle, 1991; Gostelow, 1995). 

Investigations have been made into this unique phenomenon by Roberts (1975, 
1975a), Citavy and Jilek (1990), Cebeci (1989), Pfenninger and Vemura (1990), 
O'Meara and Mueller (1987), and Schmidt (1989). Although there have been meth- 
ods presented for predicting the flow under these conditions, substantial disagree- 
ment on particular aspects of the flow remains. Also, many of these treatments 
require rather complex methods of integration and interpolation and are not very 
straightforward in their use. Although other methods are more straightforward in 
thcir use, they sacrifice accuracy in the end results. What is missing is a method that 
will yield a fairly accurate description of these low Reynolds Number flows without 
utilizing ponderous, complex routines. Wang (1993) studied such a model and used 
the results that have been presented by Roberts. and Citavy and Jilek. This infor- 
mation was used to create a less complicated procedure for determining the losses 
and deviation angles caused by low Reynolds Number separation bubbles. and i r  
can be used in preliminary design routines. Figure 10.3. adapted from the results of 
Roberts (1975), illustrates the low Reynolds Number behavior of the flow, with fluid 
turning, O,,.  decreasing rapidly with decreasing Re, and the total pressure loss 
coefficient, o,, increasing rapidly with decreasing Re,. 

The aim of the study of Wang was to develop a simple procedure for the 
prediction of the design characteristics of low Reynolds Number flows through axial 
flow cascades to be used in preliminary design studies. The study includes devel- 
opment of loss estimation algorithms for such cascades. The procedure provides a 
method in which complex computations are kept to a minimum at a reasonable cost 
to accuracy, and the results, which were checked against the results of available test 
data, can be incorporated into existing axial fan design procedures. The prediction 
of the losses involves many parameters, including camber angle, inlet flow angle. 
outlet flow angle, solidity, Reynolds Number, deviation angle, angle of incidence, 
angle of attack, and turbulence intensity. In order to simplify the process by which 
an approximation of the losses can be achieved, several of the values are held constant 
or disregarded for this method of prediction. The angle of incidence is designed to 
be near zero in most preliminary design routines and should not strongly affect the 
results. Turbulence intensity was considered negligible, since in most of the test data 
used it was less than 5%. Reynolds Number, inlet flow angle, outlet flow angle, 
camber angle, solidity, and deviation angle are either known values or can be 
determined in the algorithm. 
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Reynolds Number, Re, 

FIGURE 10.3 Flow turnin: and lo>\ ;r iou Rs!nolds numbers. (Robens. 1975.) 

To approximate the amount of losses incurred in an axial flow cascade operating 
in a low Reynolds Number regime. rhe nisrhods provided by Lieblein (3959) and 
Roberts were used. A s  stated earher. ths method presented by Lieblein was not 
developed for low Reynolds Number loss prediction, but i t  can be used to determine 
the loss prior to laminar separation or the loss at the point of burstin? of the laminar 
separation bubble. This can be dons ii i t  is assumed that the losses up to the point 
of bursting are not heavily dependent on the Reynolds Number. As seen in Figure 
10.1. the losses depend u w M y  on the Reynolds Number until bursting occurs. and 
then there is a sharp increase in the. loss cur\? at the point of bursting where the 
losses become very heavily dependent on ~ h s  Reynolds Number. 

The loss values up to the point o i  burst~np can be approximated as constant. and 
the loss at the bursting point can he determined approximately from the method 
provided by Lieblein (1959). This loss is based on the momentum deficit thickness 
results as  a function of the local diffusion factor as discussed in Chapter 8. The loss 
factor is calculated from a curve-61 equation 

where 

tan P, - tan P,) 
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To go beyond this point and begin to modify the loss values associated with a burst 
bubble, Wang relied on prior work (Roberts, 1975). The method provided by Roberts 
to be used here can be summarized in the following equations. He wrote the equation 
for prediction of losses beyond the burst as an increment to the value of loss just 
prior to burst, written as 

where K,(@TS)ARX is the incremental funcrlon. K,  is a constant determined by 
Roberts to be 0.016. @ (a function of airfoil camber, $,), T (a function of airfoil 
thickness, tk) ,  and S (a function of solidity, o) are non-dimensional variables defined 
as follows: 

ARX was given as the following equation in rsrms of the "deviation factor" DF 

A R X  z 900 1 D F  ( 10.6) 

ADF is a change in the deviation factor defined by DF,, (sub-bursting or just prior 
to burst) and DF,, (the value after bursting). so that 

ADF = DFs, - DF, (10.7) 

This equation was generated through a curve rit of Roberts' data using linear curve 
fitting, in keeping with earlier curve fits. DF,.. and DF, are defined as follows 

and 

6. 
DF, = - 

(5 
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From all of' the available data. 6 becomes increasingly dependent on Re for 
values below about 10'. To express this effect i n  a simple function, ADF was rewritten 
as :  

The term 6,,/($c/0) can be rcwrittcn using Howell's simple formulation as m/obl + 
6,,0/@,. For moderate cambcr and solidity, o'" r 1 and 6,,0/@, z 0. If a moderate 
inlet anplc is chosen (around PI = S O c ) .  then m r ' 14 .  That is. within the prevailing 
uncertainty. AI>Iz 111a! hc approximated as 

K, will bc provdcd emp~rically, and 6,J6, will be curve fitted to data as well. Using 
the data of Citavy ( C , ,  = 1.2). 6,,/6, can be fit in simple form as 

as seen in Figure 10.1. Here. a curve fit is shown for the normalized deviation angle 
from the data of Citavy and Jilek (1990). Deviation angle data are also shown for 
the work of Roberts (1976) for comparison. The curve fit is shown with the measured 
deviation angles presented by Citavy and Jilek in Figure 10.4. Deviation angles from 
Roberts' data are included for comparison. The curve fit was constrained to conser- 
vatively estimate 6,,/6, from Citavy's data with a forced fit at Re = lo6. 
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3.0 I 

- 0 65-410 Roberts, 1975 
- 65-(12)lO Roberts, 1975 
- I A 65-(18)lO Roberts, 1975 
- 1 v 65-(12)lO Citavy, 1990 

2.5 \ 

A single low-camher data point from Roberts' data. seen in Figurc 10.5. ar 
C,,, = 0.4. is used to ei-aluate K. h! matching I(I) at Re = I@. The resulting K, d u e  
is K,. z 2, so that 

This becomes the final approximation for loss for low Reynolds numbers, Re, 5 10". 
The previous equations form the basis of predicting both the losses and the deviation 
angles occurring in axial flow cascades at I O U  Reynolds numbers. The algorithms 
can be tested against other information published by Roberts, Citavy and Jilek, and 
Johnsen and Bullock (NASA SP-36) to establish the consistency and accuracy of 
the results. 

Figures 10.5, 10.6 and 10.7 are comparisons of the correlation embodied in the 
low Reynolds Number algorithms with the near-design loss data from Roberts' tests 
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FIGURE 10.3 Cornpar~son to Roberts' N.4C.A 65-410 airfoil data (from Rohrnc. 1 W 5 )  

with C,,, = 0.4. 1.2. and 1.8. The results for C,,, = 0.4 are excellent. of course. sincc 
the value of Aw, at Re = lo5 was used to size the constant K,. Still. the complete 
data set is nicely simulated by the correlation. Figure 10.6. for C),, = 1 .Z. s h o w  
reasonable agreement over most of the data range. Roberts' data show a somewhat 
more complex form with perhaps an inflection with changing Reynolds Numbcr 
compared to the very simple form chosen for the correlation (the "leveling olT 
behavior" described by Johnsen and Bullock). Figure 10.7. for C,,, = 1.8. shows a 
general overeslimation for the correlation-as much as 30% at the moderate tcst 
value of Rec. 

Figure 10.8 is a comparison of the correlation with the data of Citavy and Jilek 
at C,,, = 1.2. Agreement is only fair with significant over-estimation of loss down to 
values of Re near lo4, accompanied by a nearly singular increase i n  Aw,. at the 
lowest test value of Re. Finally, in Figure 10.9, the British C4 data. quoted from 
NASA SP-36 (Johnsen and Bullock, 1965). are plotted along with the correlation 
presented here. Overestimation prevails for all but the lowest Reynolds numbers 
with another sudden increase in Aw,, at the lowest test values of Re,. 

Since Roberts' information did not explore losses at extremely low Reynolds 
numbers, and Citavy and Jilek show hehavior that was unexpected. the results of 
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FIGURE 10.6 Comparison to Roberts' NACA 65-(I2)lO airfoil data 

this algorithm must be taken only as a rough approximation at the lowest values of 
Re, (Re, I lo4). Although the loss estimation becomes doubtful at very low Reynolds 
numbers, the prediction of deviation angle is reasonably good. particularly for 
moderate blade loading. 

Airfoils can be designed to handle flows that are within the low Reynolds Number 
regime. Studies performed by Pfenninger and Vemura (1990) address the problems 
of optimizing the design of low Reynolds Number airfoils. The studies consisted of' 
low Reynolds Number airfoils ASM-Lm-003 and ASM-LRN-007, which were 
designed for high section lift-to-drag ratios. These investigations demonstrate that 
an airfoil can be designed to operate under low Reynolds Number conditions and 
still provide confidence in the performance of the airfoils with optimum control of 
transition. 

These successful studies with the ASM airfoils employed a redesigned airfoil 
whose leading edge region was modified to significantly change the pressure distri- 
bution on the suction surface. Figure 10.10 qualitatively illustrates both the airfoil 
shape and the change in pressure. The airfoils of Pfenninger and Vemura were 
compared to the baseline performance and shape of the Eppler 387 design (Eppler 
and Somers, 1980). The fundamental result is that the camber line in the nose region 
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FIGURE 10.7 Comparison to Roberts' data for the NACA 65-(18110 airioll 

is modified to create a locally negative leading edge incidence of a few degrees. 
This adequately reduces the adverse pressure gradient on the suction surface respon- 
sible for the formation and subsequent bursting of the laminar separation bubble. 

These results can be incorporated into design procedures using conventional 
cascade algorithms by simply adding a few degrees of camber to an existing airfoil 
selection and reducing the blade pitch angle slightly to avoid excess fluid turning. 
The resulting configuration should achieve a negative leading edge incidence suffi- 
cient to suppress bubble formation or bursting. This concept has not been verified 
experimentally. 

Recommendations for future algorithms created to predict the increased losses 
and deviation angles caused by low Reynolds Number separation bubbles should 
include some correlation that deals with the angle of attack in the algorithm. Also. 
if more information at low Reynolds Number becomes available, a better correlation 
for the deviation angle and loss i n  the very low Reynolds Number regime should 
be possible. 

The concepts of Pfenninger and Vemura, as embodied in the suggestion for using 
extra camber at the leading edge, accompanied by an equivalent reduction in blade 
pitch, should be investigated. The question of whether a simple change in conven- 
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FIGURE 10.8 Comparison to Ciravy's data for the NACA 65-(12)10 airfoil 

tional cascade parameters can be used to alleviate the damaging effects of low 
Reynolds number on performance \\odd be answered. 

10.5 ONSET O F  STALL AND LOSS OF STABILITY 

As viewed for the operations of pumping machines in earlier chapters. the steady- 
state functioning of the machine is determined by the matching of the fan, pump. 
blower, or compressor characteristic to the corresponding point on the system resis- 
tance curve. The now through the pumping machine is equal to the flow through 
the resistance system, and the pressure rise of the pump is equal to the pressure drop 
in the system. Such a system is in equilibrium and is assumed to be stable, as 
considered for the simple picture presented in Chapter 1 .  However. if one is dealing 
with the limitations of real pumping systems. then one needs to consider the influence 
of a small disturbance imposed on the fan or other machine. 

If the disturbance is a small increase in flow rate and the fan and system return 
to the original unperturbed flow point, the system and fan are in stable equilibrium. 
If the flow rate, when disturbed, continues to change, the system is said to be 
statically unstable. This is illustrated in Figure 10.1 1 (adapted from Greitzer's work 
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FIGURE 10.9 Comparison to the NASA SP-36 10C4140P40 Data at 4" 

(Greitzer. 1981)). Here, the point of operation prior to the disturbance is at point A. 
The increase of flow from A will cause the pressure drop in the system to be greater 
than it was. leading to a slowing down of the flow in the system and 3 subsequent 
decrease in flow. That is, the classic return toward the unperturbed condition defines 
the requirement for stability. If the system were operating at point B on the pump 
characteristic with a higher resistance system and was again disturbed with a small 
increase in flow, the pump would generate an increase in pressure rise greater than 
the increase in system resistance, leading to a further increase in flow. The system 
does not tend to return to its unperturbed equilibrium and, by definition. is said to 
be unstable. At point B, the slope of the pump characteristic curve is steeper, or 
more positive, than the slope of the system resistance curve (unstable flow). while 
at A, the slope of the pump curve is much less than that of the system resistance 
(stable). Thus, we can establish the simplest criterion for pumping stability or static 
stability of the pumping system. Unfortunately, one must also be very wary of 
conditions that can lead to dynamic instability or the growth of oscillation of the 
flow rate around the initial setting. In Figure 10.1 1, this condition can prevail when 
the pump is trying to operate between points A and B or very nearly at the peak 
pressure rise of the pump. A simple pumping system involving a closed volume of 
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Basic Airfoil 

I 

Recambered Nose Region 

FIGURE 10.1 0 Airfoil shapes and pressure distributions for low Reynolds Number design 

air, V,, a flow length, L and a flow area A, can be analyzed for both static and 
dynamic stability criteria (Greitzer, 1981) to show that stability requires that 

) (  (static, 

and 

(dynamic) 
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Mass Flow Rate 

FIGURE 10 .11  lllusrr~tion of static .md dynsmic instability conditions for s pumping 
  nu chine. (Greitzer. 1996.) 

K, is a s!stem property defined as 

where y is the ratio of specific heats (see Chapter I).  K, is positive definite and may 
be quite small for systems of large volume. V,, or short flowpath length. L. This 
implies that (dp,/dmf) will be slightly positive but can be and often is near the zero- 
slope condition at the onset of dynamic instability. This condition is shown as point 
C in Figure 10.1 1. It is clearly less restrictive rhan the criterion for static instability 
and more readily encountered in a system uith increased or increasing resistance. 
Greitzer (1996) provides a very simple and clear definition of the underlying process 
leadin: to dynamic instablity in terms of energy or power required to sustain oscil- 
lation. He examines the product of the increments to performance. Am' and Ap, the 
perturbations in mass flow and pressure rise. There are, as stated, two possible 
conditions of interest: the case of positive pump curve slope and negative pump curve 
slope. Assuming quasi-steady behavior in the pump, for the first case the change in 
rn' is positive when the change in  Ap is positive so that the product is always positive. 
Energy is being added by the pump to the flow to drive the oscillation. For the negative 
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pump slope, the change i n  m' is always of opposite sign to the change in Ap, the 
product is always negative, and the energy is being removed from the flow by a 
dissipation process, damping out the oscillation. 

The required positive, or at least zero, slope condition on the pump characteristic 
is normally accompanied by a stalled flow condition in the flow passages of the 
machine, as discussed in terms of loading limits in Chapter 6. Very frequently, this 
stall or flow separation is of the rotating type of stall where one or more flow passages 
or groups of flow passages in the turbomachine experience separation. The flow leaves 
the blade surfaces andlor the passage end-walls. and these stall "cells" move or rotate 
relative to the impeller itself. Rotating stalls have been observed and documented in 
the turbomachinery technical literature (Greitzer. 1980; O'Brien et al., 1980; Laguier. 
1980; Wormley et al., 1981; Goldschrnied et al.. 1981; Madhavan and Wright, 1985) 
in both axial and centrifugal pumping machines. If the initial flow separation on a 
blade surface occurs on the suction surface, as is the case for flow rates below the 
design flow, then the stalled cell has a natural tendency to rno1.e to the next suction 
surface in a direction opposite to the direction of rotation of the impeller. Figure 10.12 
shows what is happening as flow is diverted to the passage behind the first-stalled 
passage and leading edge incidence is increased on the blade ahead and decreased on 
the blade behind. This forward motion of the stall cell or cells is the form taken by 
classical rotating stall. Cells can propagate in the opposite direction when flow is 
excessively above the design flow rate, or when the flow has been deliberately pre- 
swirled in the directicn of motion of the impeller (as in  the use of pre-spin control 
vanes to reduce blower performance) as shown by Madhavan and Wright (1985). 

The speed of movement or the frequency observed in the stationary frame o f  
reference differs from the rotating speed or frequency by the relative rno~ion of the 
cells. When cells of rotating stall are fully established, the pressure pulsation 
3bserved in the stationary frame occurs at two-thirds of running speed for the 
classical suction surface stall and at four-thirds of running speed for the pressure 
surface stall at high flow or pre-swirled inflow. Figure 10.13. from the centrifugal 
fan experiments. shows the variation of pressure pulsation frequency as a function 
of flow rate variation about the mean flow. 

The existence of these rotating stall cells is not necessarily a great hazard to 
operation of the machine by themselves. Pressure pulsations are more nearly a low- 
frequency acoustical problem than a structural danger to the fan and its system, with 
pressure amplitudes of the pulsation ranging to about 20 to 40% of static pressure 
rise. If the pulsation frequency coincides with a natural acoustic frequency of the 
system. a resonance condition may arise. Problems can arise anyway, because the 
occurrence of rotating stall may trigger an overall unstable system response known 
as surge. Based on the diffuser data of Sovran and Klomp (1975), as discussed in 
Chapter 7, one can estimate the maximum static pressure increase in a cascade as 
a function of geometry. One can use w,.,, as the stalling value of the cascade and 
U w ,  as the geometric parameter (see Figure 7.36), where y is defined as 



Advanced Topics In Performance and Design 

Direction of 
Stall Propagation 

iocai \velocities\ -----+ I-> 

t-------- 

Impeller 
rotation 

Slade Row 
Flow 

Fully Developed 
Rotating 
Stall 

FIGURE 10.1 2 S ~ ~ i l l  cell formation and propagation. 

This conccpt is reinf'orccd i n  an earlier correlation by Koch (1981) whcre he esti- 
mates w,!,.,,, as a function of the length ratio L/g2 L is essentially the blade chord. 
and gz is the "staggered pitch:' or g, = s cos& (we had earlier used simply s). Koch's 
correlation i~ shou n in  Figure 10.14 (without the supporting experimental data) and 
shou:s that one can cspecr to achieve. at most. a pressure rise coefficient of perhaps 
0.6 or less h e l r e  stall. As pointed out by Greitzer (1981). Wright and Madhavan 
( 1984a). and Longley and Greitzer (1992), the onset of stall in the impellers of both 
axial and centrifugal machines can be significantly influenced by the existence of 
flow distortion or non-uniformity in the impeller inlet. Most distortions encountered 
in practice include radially varying or circumferentially varying steady-state inflows 
and unsteadiness in  the fixed coordinates as well. An example. for a centrifugal 
impeller tested by Wright, Madhavan, and DiRe (1984), shows the level of reduction 
i n  stall margin that can result from poor installation or inattention to inlet conditions. 
As seen i n  Figurc 10.15. the stall pressure rise value can be reduced by 5 to IO%, 
\\ith u signiticant variation of velocity magnitude into the fan inlet. Here, V,,,,, is 
bused on a normalized standard deviation of the inlet velocity profile, V,. compared 
to the mean value. V,,,. as 
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Design Flow Rate 

Flow Coefficient, I$ 

FIGURE 10.13 Srsll cell speed and pressure pulsation frequency. ( l l x n a v a n  m d  Wright. 
1984a.) 

The pressure is normalized by the stall pressure rise with a uniform inlet flow as 

u/ = w,/w,.,,. 
The great risk to performance and noise. or even the structural inteprity of the 

turbomachine or its system, is the possibility that operation in stalled flow or with 
rotating stall cells can trigger the major excursions in pressure rise and flow rate 
known as surge. The range of pressure generated in surge can be as high as 50% of 
design values, and flow excursions may include significant Is\-els of total flow 
reversal through the machine. Very high levels of stress in both mxhine and system 
can readily lead to severe damage or destruction of the equipmsnt. In an analysis 
of resonator compression system models, Greitzer (1976) (employing modeling 
techniques used by Emmons (1955)) defined a parameter on which the proclivity of 
the entry into surge conditions depends. Defining 

where V,, A,, and LC describe the compression system geomew in terms of an 
external plenum volume, and flow cross-sectional area and length. U is the impeller 
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FIGURE 10.14 Koch's stalling pressure rise corrs!s::on 
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FIGURE 10.15 Influence of inlet flow distortion on stall margin 
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speed, and a is the speed of sound. For a pl\en system layout, there is a critical 
value of B, B,,,, above which a compression system will exhibit large, oscillating 
excursions in flow rate and pressure rise-surge. Below the critical value, the system 
will experience a transient change to a steady rotating stall operating condition with 
poor performance and high noise levels, but not the wild behavior of surge. 

Determination of the critical value of B can be done analytically or experimen- 
tally (see Greitzer, 1981) for a particular system layout. Clearly. when an existing 
compression system is experiencing surge problems and strong oscillation in per- 
formance, B can be used to determine an approach to fix the problem. Knowins 
B,,,, one can modify the geometry of the system or the speed of the turbornachine 
to reduce B sufficiently to pull the system out of surge. 

10.6 COMPUTATIONAL FLUID D Y  NAMlCS I N  
TURBOMACHINERY 

The ultimate aim for the work on computational fluid dynamics (CFD) for turbo- 
machinery has been to develop comprehensi\e numerical systems to sirnulace the 
detailed flowfield in a turbomachine. The work and results of the very many inves- 
tigators involved cover the range from impro\ed preliminary design and layout to 
fully developed schemes that rigorously sol\e the discretized fully three-dimen- 
sional, viscous, conlpressible, and often unsteady flow. In the preliminary design 
area. the work of McFarland (1993) and Miller. Oliver. and Miller ( 1996) arc fairly 
typical of such efforts. McFarland developed an overall I'ran~ework to silt thc 
geometric layout of multi-staged machines. The method retains 3 lineari;.ed Sonnu- 
lation of the governing equations to gain compactness and speed for this initial 
design step. The work of Miller et al. is an excellent example of the geometricull!~ 
oriented design approach that provides. as a hnal result. a complete physical surt'ncc 
description for use in design. analysis, and manufacturing applications. Conceptu- 
ally. the work is an extension of the earlier nork of Krain (1984) mentioned i n  
Chapter 9. These methods, and others like them, provide the starting point for thc 
very detailed flowfield analysis that can be used to verify or modify the selected 
geometry. The design layout is thus improved or optimized in an iterative process 
to increase performance, boost efficiency, or achieve better off-design perfbrmance 
and stability. 

The overall schemes needed to approach a full numerical simulation of the 
flowfields in turbomachines or their components-from pumps to aircraft enzincs- 
will generally employ available, well-established CFD codes (e.g.. Dawes, 1988) 
as an engineering tool integrated within the o\erall framework (Casey, 1994). The 
more rigorous treatment of these flowfields through CFD allows an experienced 
designer to develop "better engineered and more clearly understood designs" at 
low engineering cost. The approach outlined b!. Casey covers selection of machine 
types, overall sizing, mean-line analysis, experimental correlations. and other pre- 
liminary design steps as a precurser to assessment by CFD analysis and subsequent 
iterative refinement of  a design. One such scheme is described by Topp, Myers. 
and Delaney (1995), with emphasis on de\.elopment of graphical user interface 
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software to simplify user input and overall handling of results. Blech et al. (1992) 
outline a philosophy for constructing a simulation system that is capable of "zoom- 
ing" from an overall analysis using relatively simplistic lumped parameter analysis 
to successive levels of two- or three-dimensional analysis on an interactive basis. 
Although these concepts have been limited in application because of computational 
speed capabilities. continued improvement in hardware and application of parallel 
processing will steadily alleviate the difficulties. 

Thc cask of the turbomachinery designer or analyst is to successfully employ 
the maturing methodology and related computer codes available for the rigorous 
flowfield analysis. An excellent review and technical background for these techniques 
is given in Chapters 18 and 19 in the Handbook of Flrtid Dynarrzics and Fluid 
,2lccl1atlic.s (Shctz and Fuhs. Eds.. 1996); in Chapter 18. the hardware appropriate 
to CFD analysis i.; discussed i n  terms of architectural evolution, power and size. 
and graphics and net~vorking. The requirements for fluid flow computation are 
ciiscussed. and a hi~~orical  perspective of the development of nun~erical flowfield 
solutions is presented. As pointed out by the authors (Stevens. Peterson. and Kutler. 
1996). the factors still limiting conlputational capability, and thus defining the areas 
o f  required in~provement and research, include improved physical modeling (such 
as f'or flow transition and turbulence). solution techniques improved algorithms). 
incrcased computer speed and size. and improved data for the validation or qualifi- 
cation of computed results. Ultimately. the improvements needed will require sig- 
nificant progrcss in  grid generation techniques and benchmark testing, and improve- 
ments in  output data analysis and graphical display o f  results (Stevens, Peterson. 
and Kutlcr-. 19961. The handbook (Shetz and Fuhs, Eds.. 1996) supplies a detailed 
r-c\.iew o f  the hcy topics of CFD in Chapter 19, well beyond the scope intended for 
this chapter. Topics include finite difference formulations. hnite element and finite 
volume formulations. grid generation (structured. unstructured and transfomiedj. 
and the key topics ot' accuracy, convergence, and validation. 

A very thorough and extensive treatment of the theory and application of CFD 
to rurbomachinery is $\,en in the book written by Lakshminarqana (1996) (see also 
the earlier work. L~kshminarayana. 1991). The material presented there ranges from 
a dctailed review of the basic fluid mechanics through a presentation of the numerical 
techniques involved. and i t  considers those problems that are particular to the 
application of CFD to turbomachinery flowfields. Since such a thorough treatment 
of the subject is beyond the intended scope of both this hook and this chapter. 
Lakshiminarayana's book is strongly recommended to the reader who expects to be 
using the capabilities of CFD in turbomachinery design and analysis. 

The "essential ingredients" for good analysis are listed as (Lakshiminarayana. 
1996) the proper use of the governing equations, the imposition of the necessary 
boundary conditions. adequate modeling of the discretized domain, relevant modeling 
of the Bow turbulence. and the use of an appropriate numerical technique. As expected. 
clear emphasis is placed on the need for analytical calibration and experimental 
validation of the calculational process. The turbulence modeling must be reasonably 
capable of including the influence of end-wall flows, tip leakages, shed wakes, and 
other features typical of the flow fields in a turbomachine (see Section 10.3). 
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Lakshiminarayana (1966) also reviews the history and development of calcula- 
tional techniques for turbomachinery flows over the past few decades. The reader is 
reminded that many of the methods developed earlier may find good application in 
advanced design and analysis. For example, the use of inviscid flow analysis, perhaps 
coupled with boundary layer calculations, can be particularly appropriate in the early 
design phases or in regions where the flow is substantially inviscid in  behavior. 
Although these flows may be revisited in a later, more rigorous study using three- 
dimensional full Navier-Stokes methods. great reductions in rime and expense can be 
achieved through the use of the more approximate technique at the appropriate time. 

Finally, in his concluding remarks on computation of turbomachinery flows, 
Lakshiminarayana states that "...there is a need for calibration and validation" of 
any codes to be used for "production runs" in  analysis and design. He states that, 
for the purpose of validation of computations. "Benchmark quality data are scarce 
in the area of turbomachinery. This issue should be addressed before complete 
confidence in these codes can be achieved." 

As an example of application of turbomachinery CFD codes. one can examine 
the work reported by McFarland (1993) i n  a little more detail. McFarland was able 
to modify his original work on blade-to-blade solutions (McFarland, 1984) to 
include all of the blade ronjs of a multi-stage machine in a single flow solution. 
Calculations from the multi-stage. integral equation solution method were verified 
by comparing the CFD results to experimental data from the Large Rotating Rig 
at the United Technologies Research Center (Dring. Joslyn. and Blair, 1987). 
McFarland describes the geometry of the turbine test case as "a one and one half 
stage axial turbine" whose "vane and blade shapes were typical of 1980 designs." 
The geometry analyzed was the IGV. rotor blade, and OGV at the mean radial 
station (r = r,). Typical results of the analysis are presented in Figure 10.16 for the 
IGV and Figure 10.17 for the turbine rotor blade. as an averaged pressure coefficient 
along the normalized surface length (xIC) of the pressure and suction surfaces. The 
averaging is performed over each blade in a given row. Here. the pressure coefficient 
is defined as C, = (p,,, - p)/(pUm2/2). The comparison of the CFD results with the 
experimental data is quite good and was obtained with very low computer time and 
cost. This quickness and economy can allow the investigator to examine a wide 
range of design configurations in a specific problem, as well as justify the approx- 
imations of McFarland's flow model. However, he points out that "the lack of 
unsteady and viscous terms in the governing equations cause the method to inac- 
curately calculate variations in unsteady blade loading" (non-averaged results). The 
lack of a loss model also leads to an inaccuracy in total pressure, growing row by 
row. A user-specified adiabatic efficiency was to be added to the method to alleviate 
this shortcoming (McFarland. 1993). Although the trade-off for low run time has 
been at the expense of rigor in the solution, the method supplies a very useful tool 
for design. 

Another example of CFD application in a complex turbomachine is furnished 
by the paper of Hathaway, Chriss, Wood and Strazisar (1993) on work done at the 
NASA Lewis Research Center. This very interesting example includes detailed 
measurements of the flow in the impeller passages of a low-speed centrifugal 
compressor (LSCC) and accompanying hot-wire probe, five port pressure probe, 
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U Calculated (McFarland, 1993) 
+ Calculated (McFarland, 1993) 
-A- - Experimental (Dring et al., 1 987) 
-v- Experimental (Dring et al., 1987) 

FIGURE 10.16 Surface pressure distribut~ons for rhr ~nler y ~ d s  \ane 

and laser velocity probe data of the compressor's internal tlow field. i n  addition to 
a complete analysis of the Row using CFD. 

The purpose of their studies was to providi. detailed espcrimenral dam on rhe 
primary and secondary flow development in the internal passages of an unshrouded 
centrifugal compressor impeller. The complex curvature of these channels. coupled 
with strong rotational forces and the effects of clearance between the impeller and 
the stationary shroud, was expected to generare strong secondary flows capable of 
major disruption of the core flow in the channels. The goal was to achieve an 
understanding of these complicated phenomena that could lead to performance and 
efficiency improvements in the compressor throush impeller redesign. 

Earlier studies of these complex flows include Eckardt's laser \.elocirnetry data 
in a high-speed shrouded impeller (Eckardt, 1976). and Krain's work (1988), and 
Krain and Hoffman's studies (1990) with laser anemometry data from backswept 
impellers. All of these studies showed strong secondary fl0u.s with low-niomentum 
f uid migrations through the impeller channels. These earlier efforts provided focus 
for the work of Hathaway et al. for their investigation. 

Examples of the level of detail seen in the flowfields. both experimentally and 
computationally, are shown in Figure 10.18 (adapted from Hathaway et a\., 1993). The 
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-u- Calculated (McFarland, 1993) 
4- Experimental (Dring et al., 1987) 

FIGURE 10.1 7 Surface pressure distributions for the turbine rotor blade. 

flow near the blade channel inlet illustrates the nearly potential nature of the early Ilou 
development region. The flow near the exit of the impeller channel shows the donil- 
nance of viscous effects on the flow, with high velocities near the suction surface and 
a region of low-momentum flow nearer the pressure surface. In both cases, the agree- 
ment between computed and measured velocities is good, although the low velocitic> 
in the low-momentum region near the exit are somewhat more pronounced in ths 
measured flow than in the computed flow. This well-executed simulation of the "real" 
flow provides the basis for running "calculational experiments" on the layout geometv 

olons In The objective of such an exercise is to try to modify the low-momentum re,' 
the blade channels to reduce loss and increase efficiency. 

10.7 SUMMARY 

The models and analytical methods used in earlier chapters have all, to some degree. 
sidestepped many of the difficulties that arise in real turbomachinery flowfields. 
Although the simpler methods seek to model the dominant physical phenomena in 
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(a) Flow Near the Channel Inlet 

(b) Flow Near the Channel Exit 

FIGURE 10.18 Computed and measured velocities in the crnrrifugal compressor ~rnpellcr. 
(Adapted irom Harhaway et al.. 1993.) 

the flow. a search for additional rigor or more in-depth understanding will require 
that some of these problem areas be addressed. Several such topics are briefly 
introduced in this chapter and discussed. 

The inherently high levels of freestream turbulence intensity can dominate the 
development and behavior of the boundary layers and other strongly viscous regions 
of flo\v. Transiricn from laminar to turbulent flow depends very strongly on the 
turbulence intensity. and the behavior in a turbomachine is usually quite different 
from that in a typical external flowfield. Further, development and growth of sepa- 
rated flows. stalls. and flow mixing i n  the flow passages are also strongly dependent 
on the level and scale of turbulence imbedded in the flou. 

The basic concepts for flow in the blade channels must reflect the influences of 
the channel secondary flows. These develop as a result of strong gradients of pressure 
from blade to blade (circumferentially) and from hub to shroud (radially or nor- 
mally). The flow is additionally complicated by the gro\vth of passage vortices that 
may be triggered from the movement of flow through the end-wall or tip gaps in 
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machines without integral shrouds around the blades. These end-wall gap or leakage 
flows can lead to a strong rotational motion superposed on the basic core flow in 
the passage. The dichotomy of convective and diffusive mixing of the flow in a 
channel was discussed briefly, and the need to include both mechanisms in realistic 
flow modeling was noted. 

One of the more difficult flow problems that one must \sork with is the influence 
of very low Reynolds numbers on the flotv turning and losses in blade rows. The 
experimental information on these flows in the open literature is limited, so that 
effective modeling is hampered by some uncertainty. The problem is discussed in 
the chapter, and a rough predictive model is developed based on some extension of 
the original model of Roberts (1974) and additional experimental data. The result 
can provide adequate estimation of the effect of low Reynolds Number on the 
deviation angles of blade flow, but it yields more uncertain results for the prediction 
of total pressure losses. 

A brief introduction of the problems of stxic and dynamic stability was given 
in terms of the models developed over the years by Greitzer (198 1 .  1996). Operation 
of a machine at the "zero slope or positke slope'' condition on the pressure-flow 
characteristic of the machine will lead to instability of the flow. Development of 
rotating stall cells can, for certain system conditions, trigger a potentially destructive 
onset of surge in the system. The models presfnted in the chapter can help the user 
or designer of turbomachines avoid these unx~eptable  regions of operation. 

Finally, the basic concepts of the applicar!on of CFD methods in turbomachinery 
design and flow analysis were introduced. The literature in this field was briefly 
discussed, with some review of the histor!. Examples were presented that are rep- 
resentative of both the preliminary design la! our and the iterative approach to design 
refinement and improvement. 
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FIGURE A.l Variation of kinematic viscosity of fuels with temperature. (Data from Schetz 
and Fuhs. 1996.) 
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FIGURE A.2 Variation of density of fuels with temperature. (Data from Schetz and Fuhs 
1996.) 



Appendix A Fluid Properties 

i 

800 1 -0- Auto Gasoline 
i 
t -€- JP-4 

i -ilt- Diesel 

Temperature, deg. C 

FIGURE A.3 Vxiar:cm of fuel \.apor pressure ulrh lemperaturi. (Data  I.rom Schr tz  and 
Fuhs. 1996. J 
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FIGURE A.4 Normalized vapor pressure for water with a iounh order curve f i t  (data from 
Raumeister et al., 1978). 



Appendix A Fluid Properties 

TABLE A.l 
Approximate Gas Properties at 20•‹C, 101.3 kPa 
(from Marks' Handbook, Baumeister et al., 1978) 

Air 29.0 1.40 1 206 
Carbon dioxide 44.0 1.30 I Si l  

Heliuni 4.0 1.66 0 166 
Hydrogen 2.0 1.41 0 083 
Methane 16.0 1.32 0 666 
Natural gas 19.5 1.27 OSll 
Propane 41.1 1.14 1 $35 

TABLE A.2 
Approximate Values for Dynamic Viscosity Using 
p = p, (T/TJn (based on data from Marks' Handbook, 
Baumeister et al., 1978, with To = 273 K) 

Gas 

TABLE A.3 
Approximate Liquid Densities at 20•‹C and 
1 Atmosphere (from Marks' Handbook, Baumeister 
et al., 1978) 

Ethyl alcohol 
Gasoline (S.G. = 0.68) 
Glycerine 
Kerosene 
Mercury 

Machine oil (heavy) 
Machine oil (light) 
Fresh water 
Sea water 

I X 
0 '9 

1412 
l .S' 

1 .-5 

453 
86 ? 

1 in) 
I 0s 
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Airfoils, see also Blades 
enegy transfer and. 160-1 63 
low Reynolds Number design factors. 

322-324 
performance tests 

blade layout. 231235  
deviation angle. 233-231 
fluid turning. 240-241 
incidence angle. 230-233 
wind tunnel experiments. 228-730 

Angular momentum 
conservation of. 5-7 
energy transfer and. 155 

Axial fans 
blade cascade design example. 235-138 
design using Cordier diagrams. 168-1 69 
diffuser design for. 21 6 
energy transfer and. 160-1 63 
swirl, 182-183 

Axial flow machines. 8-10 
blade work. 163 
cascade analysis 

airfoil performance tests. 23&235 
deviation. 225. 228, 233-234 
diffusion factor. 249-253 
fan design example, 235-238 
flow behavior. 225 
layout process. 234-235 
low Reynolds Number and, 315-331 
solidity selection, 228, 248-253 
viscous flow behavior, 249 
wind tunnel tests. 228-230 

diffusion considerations, 167-1 70 
fans, see Fans 
meridional flow path, 192-193 
radial equilibrium, simple 

assumptions, 277-278 
errors in approximations, 283-285 
free vortex flow, 280, 283 
numerical solutions, 275-276 
pressure gradient, 278-279 
solution methods, 280-283 

scaling rules. 75 
turbines, see Turbines 
velocity diagrams 

mixed flow, 203-204 
pumps, 1 79-1 83, 204-206 
turbines. 183-192 

Axial turbines 
hydraulic, 188, 190-192 
impulse, 187-1 88 
swirl, 184, 187 
velocity diagrams, 183-184, 

186-192 
A x d  velocity ratio. 179. 180 

Balje's box, 60-6 1 
BEP (Best Efficiency Point), 17, 59 
Bernoulli equation, 6. 14, 41 
BG (British Gravitational) units, 2 
Blades, see also Airfoils 

cascade analysis 
axial flow. 225, 228, 234-238 
centrifugal flow. 255-256 
radial flow, 243-248 
slip, 243-244. 253-255 
solidity. 225. 228. 248-253 
\'iscous flow behavior. 249 

de Hailer ratio, stall free flow rate. 167 
diffusion considerations, 165-167 
dimensional flow analysis, 276-277 
flow regions, 125-1 32 
frequency increment, 102 
incidence angle and noise, 101 
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198-20 1 

secondary flow effects, 3 1 3-3 15 
solidity and diffusion, 255-256 
surface diffusion, 201-203 
velocity diagrams, 1 79-1 83, 201-203 
work in axial flow, 163 

Blade-to-blade solution, dimensional flow. 
276-277 

British Gravitational (BG) units, 2 
Broadband noise 

blade incidence angle and, 101 
compressors and, 1 15 
sources of, 100-101 

Buckingham's n theorem, see n-products 

Cascades 
airfoil performance 

blade layout, 234-235 
deviation angle, 233-234 
fluid turning, 24G241 
incidence angle, 230-233 
wind tunnel experiments, 228-230 

axial Row machines 
airfoil performance tests. 230-235 
deviation. 225,228, 233-234 
diffusion factor, 249-253 
flow behavior, 225 
low Reynolds Number and. 3 15-324 
solidity selection, 228, 248-253 
viscous flow behavior, 249 
wind tunnel tests, 228-230 

definition of. 225 
deviation in turbines, 256-259 
flow behavior, 225 
layout rule. 228 
loss sources. fans, 259-266 
radial flow 

design example, 244-248 
slip, 243-244, 247-248 

solidity 
axial Row, 248-253 
centrifugal, 253-256 

vane axial fans, 241-242 
Cavitation, 3-4 

centrifugal pumps, 84-85 
consequences of, 82 
example problems, 84-87 

head and, 83-84 
NPSH, 83-87 
vapor lock. 8 1 

Cells, stall, 328-332 
Centrifugal flow 

angular solidity, cascades, 253-256 
blade velocity vectors, 193-194, 196, 

198-20 1 
compressors 

head variable, 55 
noise, 113-117 
performance curves, 1 7- 15 
performance variables, 55-56 
radial flow design example, 206-2 1 1 
scaling rules, 75-76 

fan selection, 138-142 
flowpath 

data comparisons, 288-292 
example problem, 303-306 
meridional, 192-1 93 
streamline curvature analysis, 292, 

295-303 
pumps, 84-85 
solidity selection, 256 
velocity diagrams, 192-203 

CFD (Computational fluid dynarn~cs). 
332-336 

Coefficients 
absorption, 106 
compressibility, 77-78 
flow, 47. 54, 71, 179. 180 
head, 48, 54, 72, 75-76 
lift. 45, 240, 258 
loss. 213. 214-216 
power level. 48, 54, 72 
pressure recovery, 165 
slip. 253-255 
work, 179. 180 

Compressibility coefficient. 77-78 
Compressible flow 

classifications, 10, 1 l 
conservation equation, 5 
dimensionless parameters, 53 
general relation for, 157 
performance variables, 55-56 
Il-product~, 54-55 
scaling rules, 77-8 1 

Compressible similarity, 52-56 
Compressors, 12 

head variable, 55 
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noise. 1 13-1 17 
performance curws. 17-1 8 
performance uriables, 55-56 
radial flow design example, 2 0 6 2 1  1 
scaling rules. 75. 76 

Computational fluid dynamics (CFD). 
;12-336 - .  

Conscrmt~on equations. 5-7 
Convective secondary flow. 3 13-3 15 
Cordier diagram 

axial fan design uslng. 168-169 
dimensionless analysis and. 60-64 
flow regions. 135-1 27 
machine selection examples. 132-135 
multi-rating table used with. 136-138 
r a d d  tlow design using. 173-174 
scaling rules. 56 
spcc~fic diameter. 56-64 
specilic speed. 56-61 
specific variable changes. 56-60 
use In des~zn.  127-128. 130-132 
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Cutwarc.r. 7 1 S 
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machine !,election e\ample. 132-135 
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fans. 136-112. 115-149 
pumps, 142-145 
variable pitch fans. 115-149 

Deviation 
angle. airfoil performance tests, 

233-234 
factor, 3 18-3 19. 322 

How vector. 135. 228 
Huid angle. turbines, 256-259 

Diameter, speciric. see Specific diameter 
Diffusers 

axial fan d e s ~ ~ n .  21 6 
configurations. 2 13-214 
loss coefficient. 2 14-216 
static efficiency. 7-13, 214 
static pressure design considerations, 

212-213 
volute definit~on. 217 

Diffusion 
axial flow machines. 167-1 70 

factor, cascsdes. 249-253 
profile losses. 260 

blades and. 165-167. 201-203 
radial flow. 1-0-174 
solidily. centniupal cascades. 255-256 
stall. 164-1 6- 
wlocity diagrams used to examine, 

20 1-20> 
Diffusive turbulent mixing, 3 13-3 15 
Dimensional analysis 

blade-lo-blade solution, 276-277 
compressible >~n~ilarity,  52-56 
Cordier diaprmi. 60-64 

scaling rules. 56 
specific vsnable changes. 56-60 

homogeneit!. principle of. 4 1 1 2  
meridional flou path. 276-277 
performance ariables 

compressible flow, 55-56 
n-products. 4 3 4 9  
relationships between, 50-52 
scaling rules. 64, 71-72 

similitude, 4 3 1 3  
specific diameter, 56-64 
specific speed. 5 6 4 4  
velocity diaprams, 179-1 80 

Dimensional homogeneity, 4 1 4 2  
Directivity Factor. 105-1 08 
Discharge pressure. 13 
Discrete frequency noise. 100 
Dynamic similarity, 43 
Dynamic viscosity. 3, 343 

Efficiency, 15 
Cordier diagram representation, 61-64 



fan test, 27-28 
losses, axial fans, 262-266 
maximum, 17 
pumps, 3 1, 76 
scaling rules, 75-77 
static, of a system. 213, 214 
in turbomachine performance, 49 

End-wall effects, 3 13 
Energy 

conservation of. 5-7 
internal, 2 
specific, 2-3 
thermal, 2-3 
transfer 

airfoils and, 160-1 63 
angular momentum and. 155 
in axial fans. 160-163 
flow rate and, 157-158 
power and, 156- 159 

Enthalpy, 15, 53 
Entropy, 2, 4-5 
Euler equation. 157-1 59, 16 1 .  183 

Fan law, see Scalins laws 
Fans 

axial 
blade cascade design example, 235-238 
design using Cordier diagrams, 168-169 
diffuser design for. 2 16 
energy transfer and, 160-1 63 
swirl, 182-183 

centrifugal. selection of. 138-142 
flow rate test, 26 
inlet/outlet silencers, I I I 
loss sources, 259 

efficiency losses. 262-263 
end-wall boundary layers. 261-266 
pressure losses. 26G261 
profile losses. 260 

multi-rating table used to select, 136-132 
noise, 100-104 
performance calculations example. 

22-28 
performance curves used to select, 138. 

139-142 
Reynolds Number restrictions, 74-75 
scaling rules, 7 1-72 

vane axial, 24 1-242 
variable pitch, selection of, 145-149 

Flow 
axial, see Axial flow machines 
in cascades, 225 
centrifugal, see Centrifugal flow 
coefficient, 47. 71, 179, 180 
compressible 

classifications. 10, 11 
conservation equation, 5 
dimensionless parameters. 53 
general relation for, 157 
performance variables, 55-56 
n-products. 54-55 
scaling rules. 77-8 1 

diagrams, stage, 180 
effects, secondary, 3 13-3 15 
incompressible. 10, I 1 

conservation equation, 6 
general relation for, 157 
scaling restrictions, 77 

laminar, 3 12-3 13 
path classification. 8 
path layout 

mixed flow example, 203-203 
pump layout example, 201206  
radial flow example, 206-7 1 1 

planar surface. 276-277 
quasi-three dimensional, see Quasi-three 

dimensional flow 
radial, see Radial flow machines 
rate, 6 

energy transfer and, 157-1 58 
fan test, 26 
pump test. 29-3 1 
scaling rules. 71 

regions 
machine types, 125-127 
use in design. 127-1 28, 130-1 32 

separation. 164-1 67, 328-332 
turbulent, 3 1 1-3 13 
viscous behavior, 249 

Fluids 
flow processes. 3-5 
properties 

fuels, 339-341, 343 
water, 342, 343 

turning, 240-24 1 
variables of state, 2 
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stage velocity diagrams, 179-1 83 Force fluctuations. 100-101 
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Free field noise decay, 104-106 
Freestream turbulence intensity, 3 1 1-3 13 
Free vortex flow, 280, 283 
Friction factor, 19, 52 
Fuel properties. 339-34 1, 343 

Gases 
polytropic relations, 5 
properties, 343 

Gas turbine engines, see Turbines 
Geometric similarity, 42 

in function groups, 49 
performance scaling, 64 
role in performance prediction, 71 

Grahams method, 101-103 
Gravitational constant, 3 

Head 
cavitation and. 83-84 
coefficient. 48. 54 
equation, 6-7. 55 
flow curves. 56 
hydrostatic. 20-2 1 
loss, pumps. 18-21 
net positive suction, 83-87 
scaling rules. 72, 75, 76 

Heat transfer and turbulence intensity, 
31 1-31? 

Homogeneity. dimensional. 41-42 
Howell rule. 228 
Hydraulic turbines. 188. 190-192 
Hydrostatic head. 20-21 
Hydrostatic pressure. 41 
Hyperbolic shroud study, 295-303 

IGVs (Inlet guide vanes), 180 
Impulse turbines. 187-188 
Incidence angle 

broadband noise and, 101 
cascade analysis, 230-233, 248, 292 
centrifugal flow considerations, 

294-295 
Incompressible flow, 10, 1 l 

conservation equation, 6 

general relation for, 157 
scaling restrictions, 77 

Indoor propagation of sound 
example problem, 109 
Room Constant, 108 
room design considerations. 109-1 1 1  

Inlet guide vanes (IGVs). 180 
Internal energy, 2 
International System (SI) units. 2 
Inverse-distance law, 98 
Irreversible fluid flow processes, 5 
Isentropic processes, 4-5 

Karman Street, 101 
Kinematic similarity. 43 
Kinematic viscosity. 3. 11. -7.39 

Laminar to turbulent transillon. 3 12-3 13 
Leiblien formulation. 249-250, 255 
Lift coefficient, 45. 240. 258 
Linear momentum, consermlon of. 5-7 
Loss coefficient. 21 3. 2 3 4 -2  16 
Loss sources. fans, 259 

efficiency losses. 262-16.7 
end-wall boundary layers. 261-266 
pressure losses. 26(&?6 1 
profile losses. 260 

Loss values. low Reynolds number. 3 16-320 
Loudness. see Acoustic measurements 

Mach number. 54 
compressible flow and. 56 
fluid angle estimates, turbines. 257 
scaling restrictions. 74-75 

Mass 
conservation of. 5-7 
flow coefficient. 54 
flow rate. 6 

for compressible flow. 53 
data for calculating. 11 

Meridional flow path 
centrifugal flow, 192-193 
dimensional flow analysis using, 

276-277 
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Mixed-flow machines, 9-10 
centrifugal flowpath, 288-292 
flowpath layout, 203-204 
streamline curvature analysis, 292 

Moody Rule, 76, 77 
Multi-rating table, 136-142 

Net positive suction head (NPSH), 83-87 
Noise, see also Acoustic measurements; 

Sound 
broadband components, 10C-101, 1 15 
compressor scaling rule, 1 13-1 17 
fan, 100-104 
free field decay, 104-106 
frequency spectrum, 1 14-1 15 
pump, 11 1-1 13 
turbine, 1 13-1 17 
typical levels, 99 

Non-uniform inflow, vane row 
assumptions, 285 
outlet velocity derivation, 286-288 

Nozzles. 14, 184, 186187 
NPSH (net positive suction head), 83-87 

OGVs (Outlet guide vanes), 182-1 83 
Open flow turbomachines. 8 
Order analysis, 281 
Outdoor propagation of sound 

example problems, 1 0 6 1  08 
free field noise decay, 104-105 
reflective walls, 105-1 06 

Outlet guide vanes (OGVs), 182-1 83 

Passage vortex, 3 13 
Perfect gas, 5 
Performance 

capability, measuring 
Cordier diagram flow regions, 

125-127 
data collection, 13-18 
equipment, 12-1 3 
power, 14 

characteristics 
fan test calculations, 22-28 

performance points, 21-22 
pump test calculations, 28-32 

curves, 138, 139-142 
scaling laws 

compressibility corrections, 77-8 1 
Cordier analysis, 56 
flow rate, 7 1 
limitations on. 74-77 
performance variables and, 64, 

71-72 
Reynolds Number changes and, 76 
similitude, 42-43 
turbine example, 73 

variables. dimensionless 
compressible flow. 55-56 
n-products, 43-49 
relationships between, 50-52 
scaling rules, 64, 7 1-72 

Perturbation theory, 28 1 .  282 
Fl-products 

compressible flow, 54-55 
dimensional analysis using. 43-46 

. performance variables. 46-49 
Planar diffusion stall, 166 
Planar surface flow analysis. 276-277 
Polytropic gas relations. 5 
Positive displacement machines, 7 
Power 

classifications, 7-8 
coefficient. 48, 54, 72 
data collection, 14 
energy transfer and, 156-1 59 
fan test, 26 
intensity, 97 
level, sound. 98, 10 1-1 01. 107-1 08 
pump test, 31 
scaling rules. 72 

Pressure 
discharge, 13 
gradient, radial balancing. 278-279 
hydrostatic, 4 1 
level, sound 

free field estimate, 105 
permissible exposure values, 104 
reflective planes and, 105-108 

losses in fans, 260-261 
recovery coefficient, 165 
rise, 13, 20, 72 

in axial fans, 263-265 
reaction and, 179 
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solidity and, 238-239 
stall and, 329-330 

static 
converting to total, 133 
design considerations, 2 12-2 13 
diffusion and, 165. 212-21 3 
maximum, 328-329 
system efficiency and, 213, 214 

vapor, 3-4, 8 1 
\~elocity. 13, 136 

Pre-swirl, 182-1 83 
Principle of dimensional homogeneity, 41- 
Propellers, see Blades 
Psychometric chart, 15 
Pump law, see Scaling laws 
Pumps. 7. 8 

cavitation, 3 1  
centrifugal, 84-85 
consequences of. 82 
example problems. 84-87 
head and, 83-83 
NPSH. 83-87 
vapor lock, 81 

efficiency. 3 1 ,  76 
flow classification. 9-10 
flowpath layout. 201-206 
flow rate test. 29-3 I 
head loss. 18-2 1 
ideal flow. general relation for. 157 
noise, 1 1  1-1 13 
performance calculations. 28-32 
power input to fluid. 158-159 
prototype performance prediction. 71 
resistance curves. 18-2 1 
scaling rules, 71-72. 76 
static instability 

operarlng points. 325 
stability criteria, 326-328 
stall cells, 328-332 
surpe. 330. 332 

velocity diagrams. 179-1 83. 
204-206 

vendor data used to select, 142-145 

Quasi-three dimensional flow 
assumptions, 275 
centrifugal flowpath 

data comparisons, 288-292 

example problem, 303-306 
streamline curvature analysis, 292, 

295-303 
non-axial 

experiment31 approaches, 293-295 
streamline curvature analysis. 292, 

295-303 
non-uniform. \ m e  row 

assumptions. 285 
outlet velocity derivation, 286-288 

rvdial equilibnum 
assumptions. 277-278 
errors in approximations, 283-285 
free vortex flow, 280 
pressure gradient, 278-279 
solution procedures. 280-283 

solution methods. 276277  

Radial balancing pressure gradient. 278-279 
Radial equilibrium. simple 

assumptions. 277-278 
errors in approximations. 283-285 
free vortex flou. 280, 283 
numerical solutions, 275-276 
pressure gradient. 278-279 
solution methods. 28Cb283 

Radial flow machines. 8-10 
cascade anal! 51s 

example problem, 244-238 
incidence anple. 248. 292 
slip formula. 233-244 

centrifugal f loup th  
data compansons. 288-292 
design example, 206-2 1 1 
meridional flow path, 192-193 

design usinp Cordier diagrams. 173-174 
diffusion considerations, 17C-174 
streamline curvature analysis, 292 
\?locity diaprams, 172, 192-203, 206-21 1 

Rating a machine. see Performance 
Reaction, 179-1 80. 182, 183 
Reflective walls. 105-106 
Resistance curves. pump system. 18-21 
Reversible fluid flow processes, 4-5 
Reynolds Number. 3, 14, 48 

assumption of weak dependence, 50, 52 
compressible flow, 54 
Cordier diagram and, 62 
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instability point, 31 1-313 
low, axial flow machines 

data correlation, 320-322 
design factors, 322-324 
deviation factor, 3 18-3 19. 322 
loss values design study. 3 16-320 
separation bubbles, 3 16 

scaling restrictions, fans, 74-75 
Reynolds Transport Theorem. 5-7, 155 
Rise, pressure, 13, 20, 72 

in axial fans, 263-265 
reaction and, 179 
solidity and, 238-239 
stall and, 329-330 

Room Constant, 108 

Scaling laws 
compressibility corrections. 77-81 
Cordier analysis, 56 
flow rate, 71 
limitations on, 74-77 
performance variables and. 64, 7 1-72 
Reynolds Number changes and, 76 
similitude, 42-43 
turbine example, 73 

Secondary flow effects, 3 13-3 15 
Selection of turbomachines, see Design and 

selection 
Shroud study, 295-303 
SI (International System) units. 2 
Similitude, 42-43 
Simple flow model, 303 
Simple Howell Rule, 228 
Simple radial equilibrium 

assumptions, 277-278 
errors in approximations, 283-285 
free vortex flow, 280, 283 
numerical solutions, 275-276 
pressure gradient, 278-279 
solution methods, 280-283 

Slip 
behavior example, 247-248 
coefficient, 253-255 
formula, 243-244 

Solidity, 167 
axial cascades 

deviation, 228 
diffusion factor, 249 

diffusion level, 253 
minimum, 250, 252-253 

in blades, 225 
centrifugal cascade, 253-256 
dtsign considerations, 238-240 

Sound, see also Acoustic measurements; 
Noise 

decibel scale, 98 
indoor propagation, 108-1 11 
outdoor propagation, 104-108 
power intensity, 97 
power level, 98 

noise predictions using, 101-104 
reflective surface estimates for, 107-108 

pressure level, 97-98 
free field estimate, 105 
permissible exposure values. 104 
reflective planes and, 105-108 

Spanwise radial flow, 3 13 
Specific diameter 

Cordier diagram, 56-64 
machine flow regions, 125-1 27 
anund power estimation and, 102-1 04 
use in design, 127-128, 130-132 

Specific energy. 2-3 
Spmfic heat, 2 
Spsci fic speed 

Cordier diagram, 56-64 
machine flow regions, 125- 127 
use in design. 127-128, 130-132 

Spherical waves, 97 
Spike noise, 100 
Spl~tter, 218 
Srahility criteria, pumps, 326-328 
Srage velocity diagrams, 180-1 83 
Stagnation enthalpy, 15, 53 
Stall. 17, 164-167, 328-332 
Sraric pressure rise 

converting to total pressure, 133 
design considerations, 2 12-2 13 
diffusion and, 165, 2 12-2 13 
maximum, 328-329 
sFstem efficiency and, 213, 214 

Staciola formula, 243 
Streamline curvature analysis, 292, 295-303 
Stream surface, see Meridional flow path 
Surge, 330, 332 
Sivirl 

axial flow fans, 182-183 
axial turbines, 184, 187 



Index 

hydraulic turbines, 190 
volute diffusers used to recover, 2 17-21 9 

Thermal conductivity, 2 
Thermal energy, 2-3 
Thoma cavitation index, 83-84 
Three-dimensional flow, 275-276,3 13-3 15; 

see also Quasi-three dimensional flow 
Throughflow classification, 8 
Tongue, 218 
Torque, 156 
Total pressure rise, 13 
Turbines, 7-8 

axial 
hydraulic, 188, 190-192 
impulse, 187-188 
swirl, 184, 187 
velocity diagrams, 183-1 84, 186-192 

deviation in cascades, 256-259 
flow classification, 9-10 
hydraulic, 188, 190-192 
ideal flow, general relation for, 157 
noise, 1 13-1 17 
nozzle design, 1 16 
performance variables, 55-56 
radial flow design example, 206-2 1 1 
scaling rules example, 73 

Turbulence intensity, 3 1 1-3 13 

Universal gas constant, 3 

Vane axial fan, see also Fans 
cascade design considerations, 241-242 
multi-rating table, 136138 

Vanes, see also Blades 
inlet velocity, 163 
non-uniform inflow, 285-288 
velocity diagrams, 180-1 83 
volute diffusers, 2 17-2 19 
wicket gates, 190-19 1 

Vapor lock, 8 1 
Vaporous cavitation, see Cavitation 
Vapor pressure, 3-4 

cavitation in pumps, 81 
fuels, 341 
water, 342 

Variable pitch fans. 145-149; see also Fans 
Velocity 

deceleration, 163-1 64 
diagrams 

axial flow pumping, 179-183 
axial turbines. 183-1 84, 186192 
blade surface diffusion and, 201-203 
centrifugal flow, 192-203 
mixed flow fan example, 203-204 
pump layout example, 204-206 
radial flow, 172. 192-203, 206-2 1 1 
stage, 180-1 83 

dimensionless variables, 179-1 80 
field, dimensional flow analysis, 276-277 
meridional, 193 
pressure, 13, 136 
ratio, axial, 179. 180 
\ane row inlet, 163 
\.ectors, relative. 193-1 94 
\elute diffusers. 2 17-2 19 

Vendor data 
f3n selection using, 136-142. 145-1 49 
pump selection using. 142-145 
\xiable pitch fan selection using, 145-149 

Viscosity, 2 
dynamic, 3, 343 
kinematic, 3, 11. 339 

Volute diffusers 
design considerations. 21 8 
\.aned, 2 19 
vaneless, 2 17-2 18 

Vortex flow 
free, 280, 283 
passages, 3 13 

Water properties, 312, 343 
Wicket gates, 190-1 9 1 
Windmills, 7, 8 
Wind tunnel tests. 228-230 
Work. see also Head; Power 

axial flow blades and, 163 
Bernoulli equation, 6 
classifications of machines, 7-8 
coefficient, 179. 180 




